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ABSTRACT

An experimental investigation has been carried out to examine the combustion process

in methane-diesel dual-fuel engines under light load conditions, with different ratios of

the two fuels and different injection strategies of the diesel pilot. The study has used a

2.2L turbocharged common rail compression ignition (CI) engine, converted for dual-

fuel (DF) operation while retaining the ability to run on diesel fuel only. The main area

of interest has been the change of heat release characteristics with methane substitution

for diesel fuel, and what gives rise to these changes. The focus has been put on the light

load operating conditions, where the engine suffers poor fuel economy and increased

instability owing to the very weak mixture strength of the gaseous fuel and air. An effort

has been made to identify the minimum size of the diesel pilot required for the ignition

of the very lean methane-air mixture at near-idle low-load operating conditions.

The experiments have been carried out at fully-warm steady-state conditions, at a wide

range of engine speeds from 1400 to 2000 rpm at 25% engine load, with a wide range

of methane substitution for diesel fuel up to 80% (energy basis). The influence of pilot

injection strategy has been assessed via comparing the results of dual-fuel operation

using a single pilot injection, to those obtained using pilot split-injection strategy. The

maximum possible substitution ratio of methane for diesel fuel has been investigated at

5% engine load for a speed range from 1300 to 1600 rpm, and the different limitations

on this ratio have been assessed.

The results have demonstrated that the dominant combustion mechanism in the region

away from the pilot effect is determined by the relative magnitudes of diesel pilot and

gaseous fuel. Gaseous fuel equivalence ratio (CH4) has to be greater than 0.35 to sustain

a flame-propagation event. For CH4 below 0.3, pilot combustion dominates. Small pilot

masses (~1.6 mg/stroke) evaporate and locally intermix with the very lean gaseous fuel-

air mixture, where the ensuing combustion is governed by the chemical kinetics. The

minimum diesel injection mass was 0.8 mg/stroke in the test engine used. This presents

a system-limitation on the maximum achievable substitution ratio of methane for diesel
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fuel. The maximum substitution ratio achieved was as high as 95% at 1600 rpm, but it

decreased at lower engine speeds. Methane substitution beyond these limits is restricted

by the operation-limitation on engine stability, as the value of coefficient of variance of

the gross indicated mean effective pressure (COVIMEPgross) at this point exceeds 8%.

Using larger pilot masses allows for the utilization of larger quantities of the gaseous

fuel without exceeding the engine stability criterion (COVIMEPgross ~ 5%).

The use of pilot-split injection in DF engines has the capacity to change the combustion

mode from the conventional diesel dual fuel (DDF) combustion into a novel two-stage

partially premixed dual fuel (PPDF) combustion if the timing and quantity of the pilot

pre-injection are optimized. Researches on this field are still in the early stages and in

need for further development. The present work has developed an optimum pilot-split

injection strategy to approach PPDF combustion mode. The results demonstrated a 17%

reduction in the maximum rate of pressure rise (ROPR) and a 5% increase in the brake

thermal efficiency (BTE) relative to conventional DDF, while maintaining the engine

stability at appropriate levels (COVIMEPgross ~2-3%). The effect of pilot pre-injection

mass on PPDF combustion was studied for the first time in this work. It has been found

that the pre-injection mass has to be kept above a certain limit (3.2 mg/stroke) to bring

about the desirable change of the combustion mode.
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1 Introduction

1.1 Overview

The investigation reported in this thesis is focused on providing a better understanding

of combustion initiation and development in modern light-duty CI engines dual fuelled

with diesel fuel and methane. The operation of these engines at part load conditions that

prevail in the city traffic is of particular interest and pose questions as relative to engine

combustion, fuel economy, and limitations on methane substitution for diesel fuel. The

experimental studies described in the present contribution were directed towards these

operating conditions, with a focus on several combustion and heat release characteristic

comprising ignition delay, combustion phasing, ROPR, and engine stability.

The work started with investigating the influence of diesel fuel injection strategy on CI

engine combustion. The tests were carried out using two versions of modern automotive

CI engines with different fuel injection equipment (FIE) configurations. The first has a

mechanical injection with distributor pump (DP), while the second has a common rail

(CR) system. The comparative study between the two test engines was performed using

diesel mono-fuel operation. Only the CR engine was modified to operate in the dual-

fuel mode, where the influences of pilot injection strategy and the ratio of diesel fuel to

methane on combustion and heat release were assessed and evaluated.

The experimental study reported here was preceded by an assessment and development

of the test facility to accommodate the necessary hardware and test measures following

the rig overhauling, as the two engines were tested on the same rig; one after the other.

The work carried out in this thesis entailed, in the lead, steering a detailed review of the

prevalent literature with regard to NG-diesel dual-fuel engines, to provide an overview

of the progress that has been made in recent years and identify the requirement for and

the potential of further research. This presented an integrated part of the thesis, to guide

the current work and also to lead the path ahead of future contributions in the field.

The overall background of the subject, the significance of the present contribution, and

the structure of the thesis are given in the following sections.
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1.2 Background

1.2.1 Global energy outlook and transport sector demand

Energy demand worldwide continues to rise as a consequence of the population growth

along with the improvement in the standard of living. The last 10-year average rate of

growth in world primary energy consumption is 1.8%, although the year 2016 exhibited

a below-average growth of just 1.0%; slightly higher than the 0.9% growth recorded in

2015 [1]. This recent slowdown is attributable, in some measure, due to the rebalancing

of the Chinese economy away from the energy intensive sectors [1]. While consumption

and production reached record levels for every fuel type (except nuclear power), energy

consumption will see more increase in the foreseeable future as the world population is

expected to grow by more than 2 billion people in the next 30 years to surpass 9.8 billion

by 2050 [2]. Figure 1.1 illustrates the total world energy consumption by fuel type from

1990 to 2040 (history/projections). At present, fossil fuels continue to supply more than

75% of total energy consumption [3]. The increased energy demand dictates increased

fuel production; draining current fossil fuel reserve levels at a faster rate.

Figure 1.1 World energy consumption by fuel type, 1990-2040 (quadrillion Btu).
Adapted from [3].
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While oil remains the world’s leading fuel at 33% of global energy consumption, more

than 60% of the world’s current oil reserves are in regions that suffer frequent political

turmoil; as demonstrated by Fig. 1.2, which considerably affects the stability of supply

distributions [1]. As internal combustion engines (ICEs), fuelled mostly by petroleum-

derived liquid fuels, have been the main source of transport power over the past century

and expected to continue service into the present century, the road transport sector, in

particular, needs more secure and sustainable fuel sources.

World demand for transport fuels accounts for almost 60% of the total oil consumption

[4], and it is expected to grow rapidly as the number of vehicles increases. As for overall

energy demand, the growth of transport fuels demand is almost entirely from countries

outside the Organization for Economic Cooperation and Development (OECD) [3, 4].

Regardless of the fact that the number of personal vehicles is expected to rise to about

1.7 billion in 2040 compared with approximately 825 million at 2010, the fuel demand

from this sector is expected to rise only slightly [5]. This is attributed to the prospective

reduction in the average vehicle size and the miles driven (compared to today’s average

vehicle), on top of the improvement in efficiencies and hybridization [5, 6]. Conversely,

energy demand for the commercial transport sector, which includes heavy-duty trucks

and marine, is expected to increase by about 75% over the same period in spite of some

gains in efficiency. Hence, the demand for diesel fuel, the most popular fuel for heavy-

Figure 1.2 Distribution of proven reserves of oil in 1996, 2006 and 2016 – (%). Ref. [1].
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duty vehicles, will rise by 85%, while gasoline demand will fall by about 10% over this

period between 2010 and 2040 [6]. That is, the increasing demand for transport energy

is strongly skewed towards the heavier fuels (predominantly; middle distillates such as

diesel and jet fuels) [7]. Recently, there has been a slight improvement in oil refinery

processes with regard to the amounts of heavy fuels yield compared with gasoline yield.

For instance, the U.S. refinery yield of “Distillate Fuel Oil” (general classification for

one of the petroleum fractions includes diesel fuels and fuel oils [8]) has increased from

23.9% at 2004 to 29.8% at 2014, while the yield of Finished Motor Gasoline during the

same period fell from 46.8% to 44.9% [9]. Despite the increased yield in distillate fuel

oil, this is probably insufficient to meet the growing demand for diesel fuel. The likely

shortfall will stimulate more investments in the current refinery courses to yield more

diesel and jet fuels at a cost to gasoline [6].

The legislated reduction of exhaust gas emissions is another critical challenge facing

the IC engines that use fossil fuels. For instance, Euro 5 emission standards that came

into force in 2009 demanded gasoline and diesel engines to reduce their NOx emissions

by 25% and 28%, respectively, relative to the previous emissions standards. Further

reduction of diesel engines NOx emissions by 55.5% was called for by Euro 6 standards

in 2014 [10]. Yet, carbon emissions from fossil fuel use in transport sector account for

almost 25% of global energy-related CO2 emissions [11]. While there are continuous

efforts to develop more energy-efficient and environmentally friendly ICEs [12, 13],

significant achievements are considered far from being sustainable in terms of its well-

to-wheel efficiency or CO2 emissions [14]. In the short term, however, the use of light-

duty vehicles with improved energy efficiency presents the most cost-effective and thus

sustainable mean of reducing oil consumption [14].

Despite their high NOx and PM emissions, which are difficult to control by the after-

treatment of the oxygen-rich exhaust through the use of catalysts, the market share of

diesel vehicles has been rising, especially in Europe. In countries such as Spain, France,

and Belgium, the market share of diesel fuelled passenger cars is close to 60%; as shown

in Fig. 1.3 [16]. The recent decline in the number of light-duty diesel vehicles is driven

by the increasing concern over their contribution to inner city poor air quality. However,
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the use of diesel engines in heavy-duty vehicles and commercial transport continues to

grow. The increasing demand for diesel engines (including off-highway equipment) is

illustrated by Table 1.1 [15].

Region 2012 2017

North America 23.2 32.3

Western Europe 43.3 57.2

Asia Pacific 74.3 113.5

South America 9.4 14.2

Eastern Europe 13.2 18.7

Africa & Middle East 8.2 12.7

TOTAL 171.6 248.6

Figure 1.3 Passenger cars market share of diesel vehicles (%) in Europe.
Adapted from Ref. [16].

Table 1.1 Global diesel engines demand (billion dollars). Adapted from Ref [15].
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The transition into the use of low-carbon fuels, along with hybridization, is regarded a

medium-term strategy to approach a more sustainable transport and reduces the reliance

on conventional ICEs fuels (diesel and gasoline) [14]. The production costs of a range

of alternative fuels and energy carriers, at varying oil price assumptions and technology

maturation levels, have been investigated [17]. The potential benefits of using some of

these fuels in transport sector have also been studied [18]. The emerging picture is very

complex and influenced by socio-economic, political, and environmental factors on top

of many direct technical challenges. At present, natural gas (NG) appears to be a very

promising candidate fuel that will play a bigger role in transport sector in the near future

[5]. The concept of dual-fuelling diesel engines with NG stands as an attractive option

to reduce the dependence on diesel fuel and lessen the harmful emissions. With the high

market share of diesel-fuelled vehicles in several areas worldwide, dual-fuelling of

diesel engines with NG will likely deliver a breakthrough in the existing vehicle market

if some technical as well as operational issues are addressed. These include fuel storage,

safety measures, and engine modification (intake system for port injection or cylinder

head for direct in-cylinder injection).

1.2.2 NG as an alternative fuel for IC engines

NG is the volatile portion of the crude petroleum, which normally occupies, under high

pressures, the porous rocks of oil reservoirs above the liquid fuel zone. In addition, it

can be found in dry form or non-associated with oil gas fields [19]. The composition of

raw NG varies considerably depending on its source, but its main constituent is methane

(with an average concentration of 90%). The remainder is composed of various heavier

hydrocarbons (ethane, propane, and butane), along with some diluent gases such as N2,

CO2, on top of traces of other components. The properties of NG and the concentrations

of its main constituents are presented in Table 1.2 [20]. However, the detailed nature of

different constituents of NG has vital implications on its use as an alternative fuel for

ICEs. For instance, the percentages of higher hydrocarbon are significantly influential

on engine combustion and emissions [19]. Table 1.3 lists some of the major properties

of higher hydrocarbon fuel gases in comparison with methane [19].
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Property Value

Relative molar mass 17-20

Carbon content, weight % 73.3

Hydrogen content, weight % 23.9

Oxygen content, weight % 0.4

Relative density, 15C 0.72-0.81

Boiling point, C -162

Autoignition temperature, C 540-560

Octane number 120-130

Methane number 69-99

Stoichiometric air/fuel ratio, weight 17.2

Vapor flammability limits, volume % 5-15

Lower heating/calorific value, MJ/kg 38-50

Methane concentration, volume % 80-99

Ethane concentration, volume % 2.7-4.6

Nitrogen concentration, volume % 0.1-15

Carbon dioxide concentration, volume % 1-5

Sulfur content, weight % ppm <5

Property Methane Ethane Propane Propene Butane Butene

Energy content LHV (MJ/kg) 50.01 47.48 46.35 45.78 45.74 45.32

Liquid density (kg/L) 0.466 0.572 0.501 0.519 0.601 0.607

Liquid energy density (MJ/L) 23.30 27.16 23.22 23.76 27.49 27.51

Boiling point (ºC) -164 -89 -42 -47 -0.5 -6.3

Gas energy density (MJ/m3) 32.6 58.4 84.4 79.4 111.4 113.0

NG is found in several areas worldwide, either together with other fossil fuels or on its

own, and it has larger proven reserves than crude oil; the current known reserves-to-

production (R/P) ratio for NG approaches 53% [1]. Also, the proven reserve distribution

of NG is better than that of oil, with respect to the political stability of the regions where

the reserves are found; as shown in Fig. 1.4 [1]. Besides, methane, the main constituent

of NG, can be produced in a renewable way from landfill and biomass decomposition.

The produced gas from that process is usually referred to as landfill gas or biogas, and

it is usually composed of at least 50% methane and up to 50% CO2, with trace amounts

of hydrogen, nitrogen, and hydrogen sulfide [21-23].

Table 1.2 Properties of natural gas. Adapted from Ref. [20].

Table 1.3 Properties of main hydrocarbon fuel gases. Adapted from Ref. [19].
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As a fuel, NG has a clean nature of combustion, compared with conventional fuels. It

can reduce the engine exhaust emissions by about 50% in non-methane hydrocarbons

(HC), 50–87% in NOx, 20–30% in CO2, 70–95% in CO, while it produces almost zero

smoke and PM [24]. NG has a higher combustion enthalpy per unit mass (lower heating

value) than gasoline or diesel fuel and a very high octane rating that exceeds 120 [25,

26]. As a result, the engine can work at high compression ratios without experiencing

the “knock” phenomenon, and thus NG is suitable for CIEs if a high-energy ignition

source is available. It also can be utilized in SIEs under higher compression ratios than

those with conventional gasoline; producing higher thermal efficiency [27, 28].

From the economic perspective, NG as a fuel is cheaper than conventional motor fuels

such as gasoline and diesel (on energy equivalent basis), and thus it offers lower running

cost [29]. In addition, the use of NG provides several benefits to the engine components,

and effectively reduces the maintenance requirements. NG does not mix with or dilute

the lubricating oil, and will not cause deposits in the combustion chambers and on spark

plugs like petrol does; thereby extends the piston ring and spark plug life. In diesel dual-

fuel operation, evidence of reduced engine wear is reported, leading to longer engine

life [15, 24]. As far as the safety is considered, NG seems to be safer than conventional

fuels. The low density of NG, coupled with its high auto-ignition temperature and high

flammability limits gives it a high dispersal rate and makes the likelihood of ignition in

the event of a gas leakage much less than gasoline or diesel [20, 24]. With regard to the

Figure 1.4 Distribution of proven reserves of NG in 1996, 2006 and 2016 – (%). Ref. [1].
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applicability, NG can be easily employed in SIEs and CIEs. The technology of engine

conversion is well-known and can be directly applied through several options, where

suitable conversion equipment is readily available [30].

1.2.3 NG usage in transport sector

Although NG has a higher energy density per unit mass than gasoline and diesel fuel,

the volumetric energy density of NG is much lower; as illustrated by Fig. 1.5 [31]. For

that reason, it is unfeasible to use NG as a transportation fuel at ambient temperature

and pressure; it must be either compressed or liquefied to increase its volumetric energy

density [32]. Despite the fact that liquefied natural gas (LNG) is superior to compressed

natural gas (CNG) in terms of energy density, it has worse environmental impact as the

gas has to be liquefied and transported. LNG usage in transportation sector is therefore

still marginal, although it has begun in recent years to penetrate the fuel market for both

marine and long-distance road transportation [33]. In LNG vehicles, NG is stored in the

liquid phase at a very low temperature of the order of –162ºC and a volume of 1/600 of

its original volume. In advance of being introduced to the engine, LNG must be heated

and vaporized; and therefore a distinctive technology is required. Yet, LNG can also be

used to refuel CNG vehicles. In this case, an L-CNG filling station is required, in which

NG is stored as LNG but sold as CNG, by flowing first through a low-temperature high-

pressure pump, then through a gasification device, and finally through the CNG sales

machine [34]. In CNG vehicles, NG is compressed to less than 1% of the volume under

atmospheric pressure; such a volume is attained at 200 bar. In view of that, conventional

liquid fueling systems are no longer usable; where this concerns both the onboard fuel

storage and fuel delivery systems. A high-pressure CNG cylinder is required to replace

the conventional liquid fuel tank, while a modified fuel delivery system is prerequisite.

Regardless of these modifications, the driving range of natural gas vehicles (NGVs) is

generally less than that of comparable vehicles running on conventional fuels, owing to

the lower energy density of natural gas. Typical CNG cylinder used in onboard carries

less fuel energy (in MJ) than a gasoline or diesel fuel tank of the same volume [19, 21].
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The number of NG-fuelled vehicles has significantly raised in recent years. At present,

the total number of NGVs over the world exceeds 22 million, which represents around

2% of the total vehicles population. Asian and Latin America countries take the lead in

NGVs population with expectations of further growth, despite the fact that there is still

less attention to this alternative in most European countries. Table 1.4 lists the top 10

countries in NGVs population and their share to the total NGVs worldwide [35], and

Fig. 1.6 shows the top 10 countries in NGVs share to the local vehicle market [36].

Country
Total NGVs

population

% of total NGVs

worldwide

Iran 4,000,000 17.91

China 3,994,350 17.88

Pakistan 3,700,000 16.57

Argentina 2,487,349 11.14

India 1,800,000 8.06

Brazil 1,781,102 7.97

Italy 885,300 3.96

Colombia 500,000 2.24

Thailand 462,454 2.07

Uzbekistan 450,000 2.01

Figure 1.5 Volumetric energy density (lower heating values) for different energy carriers;
gasoline, diesel fuel, and methane; MJ/ Liters. Ref. [31].

Table 1.4 Top 10 countries in NGVs population.
Adapted from Ref. [35].



1 INTRODUCTION

12

In recent years, gas-fueled SI engines have fallen increasingly out of favor to dual-fuel

engines as the latter display several positive features [19]. The high compression ratios

and torque of the diesel engines can be retained in the dual-fuel operation; leading to

improvements in power output and efficiency. DDF engines have less cyclic variability

even at light load conditions, owing to the reliable source of the energetic pilot ignition.

A wider spectrum of gaseous fuels can be used in DDF engines with a less tendency to

knock, while the robust construction of the retrofitted diesel engine used can withstand

the high in-cylinder pressure values and any incident shocks. Power output in DDF

engines is controlled by changing the fuel concentration rather than through throttling,

and hence the engine can operate over a wider overall range of mixture equivalence

ratios and turbocharging intensity.

Although the concept of dual-fuelling is not new and has been deliberated lengthily in

the past two decades, several uncertainties still exist with regard to engine combustion,

emissions, and the rates and mechanisms of heat release. There is a need to promote the

understanding of how the fuel oxidation processes take place in DF engines, what the

stages of combustion are, and how to identify the boundaries between these. The effects

of pilot injection strategy and gaseous fuel substitution levels also need to be examined.
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Figure 1.6 Top 10 countries in NGVs share to the local vehicle market.
Adapted from Ref. [36].
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Light load operation of DDF engines is the most challenging owing to the small amount

of gaseous fuel used, where the resulting weak mixture of the gaseous fuel and air bring

many negative outcomes to engine combustion, emissions, stability, and fuel economy

[19, 21]. To make the use of these engines more practical at urban driving conditions,

light load operation has to be improved. The optimization of the pilot injection strategy

could yield novel combustion modes in DF engines that have the capacity to improve

light load operation [37]. The use of pilot split-injection strategy is one potent solution

to achieve that, but researches on this strategy are still in the early stages and in need

for further development. The influence of pilot pre-injection mass is yet to be studied.

The present work addresses the above mentioned topics.

1.3 Present Contribution

1.3.1 Aim and objectives

The aim of the investigations described in this thesis has been to establish how the heat

release characteristics of a methane-diesel dual-fuel engine depend on the pilot injection

strategy and the substitution ratio of methane for diesel fuel, under light load operating

conditions.

To attain this aim, the following objectives were identified:

 Investigate how the trending change of the fuel injection equipment (FIE) in modern

CI engines from the mechanical injection to the common rail system alters engine

combustion and heat release characteristics.

 Examine the practicability of converting modern automotive CI engines to work on

dual-fuel (DF) mode using methane as the main fuel and diesel fuel as a pilot.

 Explore the combustion initiation and development in a methane-diesel DF engine,

how it compares to classical diesel combustion, and how it would be influenced by

the change of fuel injection equipment (FIE) and pilot injection strategy.

 Consider the influence of methane substitution ratio for diesel fuel on the rates and

mechanisms of energy release, and assess the different limitations on the maximum

possible substitution ratio at light load operating conditions.

 Investigate the effect of using pilot pre-injection in methane-diesel DF engines, how

it could change the combustion mode and what the potential benefits are.
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1.3.2 Experimental approach

At the time the present work commenced, the Engine Research Group at the University

of Nottingham was lacking a test rig for a CI engine dual-fuelled with gaseous fuel. In

view of that, it was decided to modify and rebuild an existing test rig. The author of the

present contribution was responsible for the design and commissioning of the new test

facility. A modern turbocharged diesel common rail (CR) injection (TDCi) engine, by

Ford motor company, was allocated for the project. This engine, referred to as the CR-

Engine, belongs to the category used in Ford Transit vans, and hence the results of the

project could be applied to many large fleets worldwide. The test bed allocated to the

project was occupied by a CI engine from the same manufacturer and series of engines

(Ford Puma) but with a distributor pump (DP) mechanical injection system. This engine

will be referred to in this work as the DP-Engine.

The work started with evaluating the test bed components, auxiliary systems, controls,

and data acquisition equipment. The purpose was to investigate the possibility of using

any of the rig components when rebuilding it to accommodate the CR-Engine. This job

was practically achieved by conducting a baseline testing for the DP-Engine, firstly to

evaluate the system, and at the same time to solidify the base of comparison between

different FIEs, following the commissioning of the CR-Engine. The comparative study

covered the effects of engine speed, load, and injection timing on the heat release rate

(HRR) and combustion characteristics under conventional diesel operation (CDO). The

detailed results and analysis of the study are presented in Appendix A.

After the test rig was assessed and the data required for the comparison was collected,

the process of rig overhauling took place. Special attention was paid to the gaseous fuel

system design, selection of components, and safety measures. The target was to execute

a practical system that is compact yet efficient as well as safe, so it can be easily applied

to vehicular applications with least modifications. Dual-fuel experiments were done on

the CR-Engine only, using methane as the main fuel and diesel fuel as a pilot. The study

began with investigating combustion initiation and development in dual-fuel engines,

then examined the different limitations on methane substitution for diesel fuel. Finally,

the effect of pilot pre-injection on methane-diesel dual-fuel combustion was studied.
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1.4 Thesis Layout

The research undertaken in this thesis is presented in seven chapters. The objective of

each is described briefly in what follows:

Chapter 1 is the introduction. It gives an overview of the present work and a descriptive

background of the topic, including the outlook for global energy and transport section

demand, as well as the potentials of NG as a fuel and its current use in ICEs. The present

contribution respecting the aim, objectives, and approach is then highlighted, followed

by outlining the thesis layout.

A critical review of the relevant literature regarding the progress and recent trends in

NG-diesel DF engines is given in chapter 2. The concept and challenges are highlighted,

and the effects of injection parameters and fuel composition on engine combustion and

emissions are investigated. These comprise pilot fuel size, injection timing and pressure

of the two fuels, and NG composition.

Chapter 3 builds of the review presented in chapter 2, to categorize the future directions

of research in the field, and highlights some topics that need further investigation. These

include pilot split-injection strategy, direct injection of NG inside the engine cylinder,

using alternative high-cetane pilot fuels (e.g. biodiesel fuels and emulsified fuels), and

employing different charge additives (H2, EGR, and O2).

A detailed description of the experimental facilities used in this work is presented in

Chapter 4. This includes the two test engines used, the test bed, and the data acquisition

system and instrumentation. Data collection and post-processing procedures are also

explained in this chapter.

In Chapter 5, combustion process in methane-diesel DF engine at light load conditions

is discussed through a detailed analysis of the heat release characteristics. The influence

of methane substitution ratio for diesel fuel and the limitations on its maximum value

are also investigated.
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The use of pilot pre-injection in DF engines, how it affects the combustion mode, and

the reflections of combustion mode change on the engine combustion and heat release

characteristics are examined in Chapter 6. The influence of pilot pre-injection mass is

also studied and quantified.

Chapter 7 presents the overall discussion of the work undertaken, together with the final

conclusions. Further efforts to complement the present work and suggestions for future

research are also highlighted.

1.5 Contribution to Knowledge

The thesis provides a roadmap for future research directions on dual-fuelling of diesel

engines with NG. The map outlines a categorization of the new technologies of research

in the field, where the diversity of topics discussed and evaluated is unprecedented in a

single work. The outcome has been published in “Renewable and Sustainable Energy

Reviews” in 2016, while some additional efforts have been presented in the “Energy

and Materials Research Conference EMR2017”, Lisbon, Portugal; 2017.

Insight to the combustion process in diesel dual fuel (DFF) engines has been established

through experimental studies and analysis of the results without using complex imaging

techniques. Most of the research efforts on traditional all-metal engines serve to discuss

the general trends of DDF operation yet the detailed analysis of the heat release data is

the area that requires further research effort. This has been addressed in this work where

the DDF combustion stages, the boundaries between these stages, and the dominant

combustion mechanism in each stage have been identified. A wide range of substitution

ratios of methane for diesel fuel has been covered, while the limitations on maximum

possible substitution ratio have been examined. The study has revealed some important

qualitative information and quantitative results that will be submitted for the publication

in the “Energy Conversion and Management”.

The present work also bridges some gaps in the knowledge with regard to the influence

of pilot injection strategy on DF engine combustion mode. The accurate control of fuel

injection parameters could help attaining novel combustion modes that bring several



1 INTRODUCTION

17

benefits to engine combustion, emissions, stability and fuel economy. The present work

has developed an optimum pilot-split injection strategy to attain partially premixed dual

fuel (PPDF) combustion mode. The test results under the novel PPDF mode have been

compared to those from conventional DDF operation and presented in the “International

Conference on Combustion Science and Processes CSP’17”, Barcelona, Spain; 2017.

The influence of pilot pre-injection mass on PPDF combustion is studied for the first

time in the present contribution. The results have been conveyed in another contribution

presented in the same conference.
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2 Literature Review

2.1 Introduction

This chapter provides a review of previous studies of NG-diesel dual-fuel engines, on

the topics that have been well-developed. Following a general overview of the concept

of dual-fuelling and its different configurations, the chapter is separated into two parts.

The first part covers the research efforts on combustion and emissions characteristics

of NG-diesel DF engines, with an effort to fill any voids and explain any discrepancies

in the results. In the second part, the effects of injection parameters and gaseous fuel

composition on combustion and emissions are considered. The outcomes of this review

will help to identify the future directions of research on the topic that require further

development, but these will be discussed in Chapter 3 as they present the foundation of

the excremental study presented in later chapters of this thesis.

2.2 Overview

The most common natural gas-diesel dual-fuel engine operating mode is referred to as

“Pilot Ignited Natural Gas Diesel Engine – PINGDE” [38]; where most of the engine

power output is provided by the gaseous fuel while a pilot amount of the diesel fuel is

injected near the end of the compression stroke to act as an ignition source of the NG-

air mixture. The engine power output is controlled by changing the amount of the main

gaseous fuel, while the pilot diesel fuel quantity is kept constant [38].

In most applications to date, NG is inducted or injected into the intake manifold to mix

uniformly with the air, and the homogenous NG-air mixture is then introduced into the

cylinder to be compressed; like in the conventional diesel mode. In some applications

in recent years, NG is directly injected into the cylinder shortly before the end of the

compression stroke. This technique provides better fuel economy and more efficient

combustion and maintains the power output and the brake thermal efficiency of an

equivalently-sized conventional diesel engine. It also enables the use of less pilot mass

as it is electronically controlled, in contrast to the relatively large pilot fuel mass with

mechanical control systems [19]. Yet, direct injection of NG requires the development

of special high pressure gaseous injectors; adding cost and complexity to the process.
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Regardless of the way of introducing NG into the engine cylinder, the pilot diesel fuel

is introduced into the cylinder through the conventional diesel injection system [21].

Combustion processes of fuels currently used in ICEs depend on the octane number (a

measure of knocking resistance, used with SI engines fuels) and the cetane number (a

measure of ignition delay characteristics, used with CI engines fuels) [39, 40]. For any

given fuel, there is an inverse but not a proportional relationship between octane and

cetane numbers. Methane, the main constituent of NG, has a higher octane number than

gasoline and a lower cetane number than diesel fuel. Thus, regardless of the way of

introducing NG into the combustion chamber in CI engines, NG does not spontaneously

ignite under CI compression ratios (and the corresponding temperatures) like diesel.

Instead, it does need a source of controlled ignition, and from here the necessity of the

utilization of pilot diesel fuel emerges. The injection of the pilot fuel into such a hot

environment results in the auto-ignition of the diesel fuel droplets; affecting the part of

the gaseous charge entrained into the pilot jet and in its vicinity. Then, flame propagates

throughout the combustible gas-air mixture [41, 42].

The following sections review the recent research efforts on PINGDEs combustion and

emissions, and the influences of different engine parameters on these characteristics.

2.3 Combustion and Exhaust Emissions Characteristics of PINGDEs

Papagiannakis and Hountalas [43] studied the combustion and emissions characteristics

of a DI diesel engine dual-fuelled with NG. They compared the conventional diesel

operation (CDO) and dual-fuel operation (DFO), where the pilot fuel amount with CDO

was kept constant, while the power output of the engine is adjusted by controlling the

amount of gaseous fuel. The percentage of NG substitution (z) was expressed on mass

basis used; as:

=ݖ
௠ ಿಸ̇

௠ ಿಸ̇ ା௠ ವ̇
× 100(%) (2.1)

where (ṁNG) and (ṁD) are the mass flow rates for NG and diesel fuel; respectively.

The results indicated that DFO results in lower peak cylinder pressure compared to the

one under CDO. The authors pointed out that reduced in-cylinder pressure during the

compression stroke under DFO is lower due to the higher specific heat capacity of the

natural gas-air mixture [44]. At low load, the combustion duration under DFO is longer
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compared to CDO, because of the slow combustion rate due to lower temperature and

fuel-air ratio. At high load, it is shorter due to the improved mixture strength. The heat

release rate (HRR) is lower under DFO than CDF during the first phase of combustion,

while the case is reversed during the second phase of combustion; revealing a late

combustion of the gaseous fuel.

The total brake specific fuel consumption (BSFC) for CDO and DFO reported by [43]

is shown in Fig. 2.1. It can be seen that BSFC is higher under DFO compared to the one

under CDO at the same engine operating conditions; where this is attributed to the poor

utilization of the gaseous fuel due mainly to the lower temperature and fuel-air ratio

inside the combustion chamber. At high load, however, the values of total BSFC under

DFO tend to converge to the ones under CDO, mainly because of the improvement of

gaseous fuel utilization, but it remains higher.

BSFC results reported were estimated from the brake power output and the measured

mass flow rates of both fuels, without accounting for the difference in the lower heating

value (LHV) between NG and Diesel fuel. This data therefore does not actually provide

a clear-cut comparison for the brake thermal efficiency. Certainly, the total BSFC under

DFO would be even higher if it was corrected to the heating value of Diesel fuel, and

hence the brake thermal efficiency will consequently suffer a further reduction. This is

demonstrated by Fig. 2.2 that shows a plot of the data retrieved (using a set of digitizing

Figure 2.1 BSFC for both conventional diesel and dual fuel modes reported by [43].
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programs) from the original work for BSFC for CDO and DFO, as well as the corrected

values for DFO based on the actual consumptions and LHVs of both fuels reported.

The use of NG was proven successful in reducing NOx emissions. That the reduction

was slight at low loads but considerable at high loads due to the less intense combustion,

the lower temperature, and the lower concentration of oxygen due to the utilization of

a large amount of gaseous fuel which replaces an equal amount of air. There was also

a drastic reduction in soot emissions under DFO regardless of the operating conditions

since NG has a very small tendency to produce soot. Conversely, CO and HC emissions

were considerably higher relative to the CDO, especially at low loads due to the low

cylinder temperature and the slower burning where a considerable part of the gaseous

fuel escapes the combustion process. At high load, the improvement in fuel utilization

and the increase of burned gas temperature improves the oxidation process, especially

at low engine speeds where there is more time to complete combustion, but CO and HC

emissions remain much higher than the case with CDO. Reported CO and HC emission

traces reflected the quality of the combustion process [39] and demonstrated a good

consistency. This could be observed in Fig. 2.3, where the data presented by the authors

are retrieved, and then combined and plotted on a single graph.
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Lounici et al [45] investigated the influence of DFO on combustion characteristics,

performance, and exhaust emissions of a DI diesel engine. The diesel pilot quantity was

kept constant at 10% of its rated value (i.e. the value corresponds to the engine rated

power), while the engine power was increased by augmenting the NG flow rate. They

found that the in-cylinder pressure at low load conditions was slightly lower with DFO

than with CDO, owing to the larger specific heat capacity of the NG-air mixtures, the

later ignition, and the slower combustion rate. At high loads, in contrast with the results

reported by Papagiannakis et al [43], the peak cylinder pressure was higher with DFO.

The conflict between the two results could be due to the use of a smaller pilot fuel

quantity (10%) in [45], and hence the very fast burning rate of the larger amount of the

gaseous fuel brings about higher pressure levels. This observation is more evident at

high engine speed, where the in-cylinder mixture is well prepared and the cylinder wall

is warmer. This result is supported by Selim [46], who also reported that the maximum

pressure is higher for DFO than CDO.

DFO demonstrated higher total BSFC than CDO at low load, but the case was reversed

at high loads. The higher BSFC at low load reveals a poor utilization of the gaseous

fuel due to the combination of low temperature and very poor NG-air mixture inside
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the combustion chamber. This result is in keeping with that reported in [43]. At high

loads, on the other hand, the improvement of the gaseous fuel utilization due to higher

temperatures and richer mixtures, led to a relevant improvement of the total BSFC, and

it became lower with DFO. This result contradicts what was reported by Papagiannakis

et al [43] although they as well reported an improvement of combustion conditions and

gaseous fuel utilization at high loads. Like the case with cylinder pressure, the reason

of that dissimilarity could be attributed to the utilization of smaller pilot diesel amount

in [45], so the burning rate of the mixture became faster and hence a larger amount of

the useful heat was released at earlier stages of the expansion stroke closer to the TDC;

generating more useful power and reducing the BSFC.

DFO was proven very effective at minimizing soot emissions, particularly at high load

conditions, due to the very low tendency of NG to produce soot [47]. DFO also reduced

NOx emissions at low and intermediate load, while the case was reversed at high load.

At low load, although they reported almost equal temperature inside the cylinder for

both CDO and DFO, they attributed the reduced NOx concentrations with the latter to

the reduced oxygen concentration. In contrast with Papagiannakis et al [43], Lounici et

al [45] reported higher NOx emissions with DFO compared with CDO. They attributed

that to the elevated cylinder temperature with DFO at high loads as a result of the

improvement in gaseous fuel combustion. In addition, they suggested that the increase

in NOx emissions was due to the increased oxygen concentration in the engine cylinder

with DFO at high load compared with CDO. This contradicts what was reported in other

studies, including [43], but the authors [45] supported their argument by highlighting

that the larger amount of NG (a low carbon fuel) used at high load in the place of diesel

requires less quantity of oxygen to completely oxidize the carbon into CO2, and hence

the amount oxygen remaining will be larger. However, a better interpretation of results

could be attained if NOx trends were analyzed in conjunction with those of soot. Figure

2.4 presents the data retrieved from [45] with regard NOx and soot for both CDO and

DFO. At high loads with CFO, the presence of substantial amount of soot caused the

cooling effect of soot radiation (the heat dissipation to soot by radiation) to be sizeable

[48]. That is, the fraction of the chemical energy release lost to soot radiation became

significant and hence the flame temperature was depressed; reducing the amount of

thermal NOx produced [49].
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Figure 2.5 shows a plot of CO and THC data retrieved from [45] for CDO and DFO. It

can be seen that CO emissions for DFO are higher at low and intermediate loads, but

lower at high loads where CDO reaches very high levels. The authors attributed the

elevated CO emission at low loads to the very poor mixture. The declining trend of CO

under DFO as the load increases is attributed to the improvement in the gaseous fuel

utilization. The authors attributed the enormous increase of CO emissions under CDO

at high loads to the locally very rich mixture. Whereas this was not highlighted by the

authors, the ultimate CO emission with CDO at high loads suggests that the engine at

that point was in the smoke zone operation with an equivalence ratio higher than 0.8;

the smoke limit for diesel engines as identified by [39]. This analysis is supported by

the corresponding value of soot emissions reported in the same work, which clearly

demonstrated excessive soot levels as shown in Fig 2.4.
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Figure 2.5 also shows higher THC emission with DFO at all load conditions, and this

is consistent with the results reported by other researchers. For high loads, there is an

agreement among researchers that higher charge temperature and richer gaseous fuel

bring about further improvement in the combustion process, and as a consequence, a

decrease in unburned hydrocarbon emissions occurs. However, it can be seen from Fig.

2.5 that the results reported by Lounici et al [45] exhibit different pattern from those of

other researchers including Papaginakis et al [43] who conveyed a sequential decrease

in THC as the gaseous fuel increases as shown in Fig. 2.3. In an attempt to interpret this

dome-shaped trend, Lounici et al [45] said that at low load, the unfavorable combustion

conditions for the gaseous fuel (low temperature, very lean mixture) are responsible for

the THC emissions, but since the gaseous fuel participation is small THC emissions are

relatively lower. As the load increases, at first stage THC emissions will increase since

the gaseous fuel participation increases but the combustion quality is not sufficient to

reduce THC emissions. This result is not consistent with the reported CO emission

results that reflected an improved combustion as the load increases through the increase

of NG. The authors reported lower CO2 emissions at all load conditions, as expected

because of the lower carbon-to-hydrogen ratio (C/H) of NG.
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Shenghua et al [50] studied combustion and exhaust emissions characteristics of a NG-

diesel dual-fuel turbocharged CI engine. The engine power was controlled by regulating

the natural gas flow rate, while the pilot diesel fuel quantity was kept constant at 20%

of the rated value under CDO. They found that DFO causes lower maximum cylinder

pressure and rate of pressure rise (ROPR); both at a more retarded CA position. This is

because the quantity of diesel premixed combustion is higher in CDO, which makes the

cylinder pressure higher and at higher rates than DFO. The authors attributed retarded

occurrence of peak pressure and ROPR to the prolonged ignition delay of the diesel

pilot with DFO relative to the CDO. This effect has been deliberated by Liu et al [51]

who explained that the introduction of the gaseous fuel to the cylinder changes both the

physical and the chemical processes of the ignition delay. The extension to the physical

process is related to changes in the charge temperature, pressure, pre-ignition energy

release, heat transfer, on top of the effects of the residual gases, while the extension to

the chemical process results from the chemical interaction between the diesel fuel and

gaseous fuel [51].

A comparison between heat release characteristics of CDO and DFO in [50] is shown

in Fig. 2.6. Diesel combustion process encompasses four phases; ignition delay (1),

premixed combustion (2), mixing controlled combustion (3) and late combustion (4);

where the typical HRR curve of CI diesel combustion is classically characterized by the

presence of two peaks [39]. Combustion process in DF engines could also be divided

into four phases; ignition delay of diesel pilot (1), premixed diesel combustion and

ignition of gaseous fuel (2), fast burning of gaseous fuel (3) and late combustion (4).

It is clearly identified that DFO exhibits a longer ignition delay. At the beginning of DF

combustion, HRR trend is steeper (compared with the subsequent stages). This can be

regarded as the premixed combustion of the diesel pilot; representing the second stage

of combustion (2). Combustion of the gaseous fuel then takes place at very fast rates

since a large amount of gaseous fuel is used at the high load, and hence the HHR curve

is characterized by the presence of a single peak (unlike CI diesel combustion). Due to

the very fast burning rate of the gaseous fuel at these conditions, more than 90% of the

fuel is consumed before 40° CA ATDC, and this is one of the reasons why the dual fuel

engine has a higher thermal efficiency at high loads.
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Mittal et al [52] studied combustion and exhaust emissions characteristics of a multi-

cylinder 18.1 liter (18,100 cc) diesel engine converted to NG fuelling with diesel pilot.

The engine used Mechanically-actuated Electronically-controlled Unit Injection system

(MEUI) for direct injection of diesel fuel at a pressure of 200MPa. NG substitution

levels were restricted at low load by factors like cyclic variability, cylinder-to-cylinder

variations, limited combustion efficiency, and elevated HC and CO emissions [53]. At

high loads, the exhaust gas temperature limits the percentage of gaseous fuel with DFO;

a similar effect is studied by Karnik et al [54]. In view of that, higher substitution ratios

were achievable only at mid-load conditions.

Fuel injection timing was relatively advanced under DFO relative to CDO at the same

load. This action was done automatically by the engine control module as a response to

the reduction of diesel fuel flow when the gaseous fuel is introduced into the cylinder.

The authors implied that largest amount of advance was 16 crank-angle-degree (CAD)

with largest NG substitution; i.e. largest reduction in diesel fuel, which was achieved at

50% load. This might mask the actual effect of NG induction on both the ignition delay

and cylinder pressure, as the inevitable result of largely advanced injection is an earlier

start of combustion (SOC); irrespective of the possibility of having a prolonged ignition

delay due to the introduction of the gaseous fuel. This is demonstrated by Fig. 2.7 that

clearly shows an earlier start of combustion (SOC) with DFO compared with CDO as

Figure 2.6 Heat release rate (HRR) curve showing combustion phases for both
CDO and DFO; reported by [50]. Data is for engine speed of 1600 rpm
and load of 0.9 MPa BMEP. Zero CA stands for the TDC.
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evident by the sudden rise of pressure and HRR traces. However, a careful look at the

figure discloses that CDO combustion commenced after that of DFO by few crank angle

degrees (about 5 CAD), as revealed by the sudden rise of the HRR traces; despite 16

CAD injection advance was experienced. That is, the net effect of NG admission is a

prolonged ignition delay (by ≈11 CAD), which is consistent with other results [43, 50]. 

Nevertheless, the influence of gaseous fuel induction on the cylinder pressure is still

ambiguous, as the reported results cannot be fully interrupted with the effect of injection

advance strongly influential. The retarded injection with CDO results in a late SOC

considerably after the TDC as shown by the HRR traces, and hence the pressure rise in

this case is moderated since the piston is moving down the expansion stroke away from

the TDC, and CDO exhibited a lower peak in-cylinder pressure. It can be seen also from

Fig. 2.7 that the HRR pattern for DFO is still dual-peak characterized; unlike the results

reported by Shenghua et al [50]. The reason for that pattern could be the considerable

contribution of diesel fuel to the total energy supplied owing to the use of large pilot,

so the resulting HRR pattern still resembles that of the CDO.

DFO observed high CO and HC emissions, mainly due to the larger piston land volume

that harbors a relatively large amount of unburned mixture, which is an inherent nature

of diesel engines converted to DFO [55]. Also, as the cylinder pressure decreases with

NG induction, the resultant lower environmental pressure supplies less resistance to the

fuel spray and thus increased spray tip penetration [56, 57]. The excessive penetration

led to more impingement hence generates more soot from the diesel pilot.

Figure 2.7 In-cylinder pressure and heat release rate (HRR) curve for both CDO (z=0%)
and DFO (z=63%) - adapted from [52]. Data is for 50% of engine full load. Zero
CA stands for the TDC.
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Mbarawa and Milton [58] investigated the maximum possible NG fuel substitution for

diesel fuel in a DI diesel engine when converted to DFO with gaseous fuel induction.

The relative contribution of NG to the total fuel consumption was calculated on energy

basis considering the difference in calorific values between diesel fuel and NG; as:

%�ܰ ܩ =
௠ ಿಸ̇ ×௅ு௏ಿಸ

௠ ಿಸ̇ ×௅ு௏ಿಸ�ା�௠ ವ̇ ×௅ு௏ವ
× 100(%) (2.2)

where (LHVNG) and (LHVD) are the lower heating values for NG and diesel fuel. The

authors identified the criteria of the maximum NG substitution as the occurrence of a

severe diesel knock or end gas auto-ignition being evident, or as suffering combustion

loss; noticeable as misfire and inability to sustain a steady torque output. They found

that a stable engine operation could be maintained with as much as 86% NG substitution

for diesel fuel. Figure 2.8 presents the engine map they produced for maximum NG

substitution at different engine operating conditions (speeds and loads).

At low engine speed (1200 rpm), a maximum substitution level of 86% was achievable

throughout the entire engine load range, and the engine at such speed was capable of

providing torque levels equivalent to those obtained under the CDO. Below the 86%

contour (i.e. larger NG substitution levels), nevertheless, the engine experienced misfire

and unstable combustion. Beyond this contour, the ultimate NG substitution could be

Figure 2.8 Maximum NG substitution levels map (energy basis) at different
engine operation conditions (speeds and loads). Ref. [58].
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maintained at higher engine speeds only at lower torques. At 2400 rpm, for instance,

the 86% NG substitution level could only be employed below about 20% of the rated

engine load, as severe engine knock occurred above that level. That is, NG substitution

must be reduced if it is required to achieve high torque at high speeds. This is attributed

to the effect of engine speed on the degree of turbulence inside the engine cylinder.

While increasing engine speed increases the degree of turbulence and accelerates the

combustion, this is advantageous only at low loads where mixture strength is weak. At

high loads, the fast burning rates of NG as the mixture strength increases put the engine

on the verge of knocking conditions, and therefore high turbulence must be avoided.

Accordingly, higher speeds and loads are achievable with less NG substitution only.

From the data representing maximum NG substitution levels, the authors constructed

the engine maps for DFO at these conditions and compared that to the corresponding

CDO results obtained from the baseline testing; with regard to brake thermal efficiency

and equivalence ratio. Figure 2.9 shows the brake thermal efficiency map for CDO and

DFO at maximum NG substitution; at different operating conditions.

It can be seen that CDO always exhibits higher brake thermal efficiency than DFO.

This is because introducing NG reduces the partial pressure of oxygen in the intake

charge, and reduces the temperature and pressure levels at the end of the compression

Figure 2.9 Brake thermal efficiency (%) map for CDO and DFO at maximum
NG substitution; at different operating conditions. Ref. [58].
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stroke (due to the higher specific heat capacity of the mixture). As a result, the ignition

delay increases and hence a major part of the combustion process takes place during

the expansion stroke; reducing the useful power output and the brake thermal efficient

consequently. Also, the poor gaseous fuel utilization and the associated slow burning

rate of the lean mixture at low load make the efficiency more deteriorated at these

conditions. As the engine torque increases, more NG is introduced into the cylinder and

hence more effective rich mixture is produced, which improves the performance even

at low speeds where the degree of turbulence is modest. At high-speed regions, the high

degree of turbulence limits the substitution of NG, and thus these regions involve the

utilization of larger diesel quantity.

Figure 2.10 shows the total equivalence ratio map for CDO and DFO at maximum NG

substitution; at different operating conditions. The equivalence ratio (), defined as the

actual fuel/air ratio to stoichiometric fuel/air ratio (or alternatively; the stoichiometric

air/fuel ratio to the actual air/fuel ratio), is calculated for DFO that involves the use of

two fuels as:

f
௧௢௧

=
஺ிோಿಸ

ೞ೟೚೔೎ .��௠ ̇ ಿಸ�ା�஺ிோವ
ೞ೟೚೔೎ .��௠ ̇ ವ

௠ ̇ ೌ೔ೝ
(2.3)

where ேீܴܨܣ)
௦௧௢௜௖) and ஽ܴܨܣ)

௦௧௢௜௖) are the stoichiometric air-fuel ratios (mass basis) for

NG and diesel fuel; respectively.

Figure 2.10 Total equivalence ratio () map for CDO and DFO at maximum NG
substitution; at different operating conditions. Ref. [58].
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From the figure, it is evident that for a given torque and speed (i.e. power) level, the

total equivalence ratio of DFO is always at a considerably higher level than CDO. For

a given engine running on a particular fuel, equivalence ratio is inversely proportional

to the product of thermal efficiency and airflow to the engine. That is;

ܹ ̇ = h
௧௛

. f.ܴܣܨ௦௧௢௜௖.݉ሶ௔௜௥.ܪܮ ௙ܸ (2.4)

where (ܹ ̇ ) is the engine brake power, (th) is the brake thermal efficiency, (FARstoic) is

the stoichiometric fuel/air ratio, and (LHVf) is the lower heating value of the fuel. The

equation is derived from the basics in Appendix B.

Substitution of NG displaces some of the intake air; reducing the volumetric efficiency

and the air mass flow rate. Hence, engine power is reduced as a direct consequence of

the reduced air mass flow if the equivalence ratio remains the same. In other words, the

equivalence ratio must be increased to maintain the same level of power if the air mass

flow is reduced; as shown in the figure.

Figure 2.10 also demonstrates that for a fixed equivalence ratio value, relatively higher

engine power is attained at high load-low speed conditions. The reason behind this is

the increased mixture strength and the improved combustion of NG at such conditions,

and hence the resulting high thermal efficiency maintains good power levels even with

high NG substitution. For high-load-high-speed conditions, in turn, the maximum NG

substitution is limited because of the increased degree of turbulence inside the engine

cylinder as already discussed. This implies the use of larger amount of diesel (and larger

air mass flow), and hence the total equivalence ratios of DFO converge towards their

counterparts of CDO. Fixed equivalence ratio contour at low load-mid speed conditions

exhibits modest power levels. This is due to the deteriorated thermal efficiency at these

conditions on top of the reduced air mass flow, and hence power levels drop for a fixed

equivalence ratio, as per equation (2.4).
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2.4 Influence of Injection Parameters and Fuel Composition on Combustion and

Exhaust Emissions of PINGDEs

2.4.1 Quantity of diesel fuel pilot

The quantity of pilot injection has a strong effect on performance and exhaust emissions

of dual-fuel engines, especially at light loads. Whereas it is desirable to replace a larger

amount of the liquid diesel fuel by the clean and economic gaseous fuel, the quantity of

the pilot fuel should be kept above a certain value to maintain a stable combustion of

the gaseous fuel. Inconveniently, most of the diesel fuel mechanical injection systems

experience poor atomization, and hence deteriorated combustion, when the amount of

fuel injected per cycle is reduced below 5-10% of the ultimate design level. Besides, it

should be ensured that the injector does not get overheated when small pilot fuel

quantities are injected while a significant energy is released through the combustion of

gaseous fuel [59]. Pilot fuel size, however, should be determined such that it keeps the

dual-fuel operating mode feasible. Also, large pilot masses might cause knock at high

loads. A compromise, therefore, must be made between the benefits and the drawbacks

of increasing pilot fuel size.

Abd-Allah et al [59] investigated the effect of pilot fuel quantity on performance and

emissions of an IDI diesel engine dual-fuelled with methane (or propane). They found

that at very light loads with small pilot quantities, CO and HC emissions were relatively

high. This was attributed to the very lean mixture where the resulting flame originating

from the pilot ignition could not propagate throughout the whole combustion chamber,

and consequently, only partial oxidation occurred. With increasing the pilot quantity,

the volume of the charge that is affected by the combustion of the pilot fuel envelope

became larger, and hence the burned fraction of the gaseous fuel increased; reducing

the CO and HC emissions as shown in Fig. 2.11. While the authors presented consistent

results as shown in the figure, they did not provide an explanation for the reason behind

those dome-shaped curves for CO and HC emissions (where this shape indicates that

CO and HC emissions initially increased although mixture strength was increased). One

reason behind this trend is that although the mixture strength was increased as a result

of increasing the gaseous fuel, it was still weak and suffered deteriorated combustion
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because of the flame propagation problem associated with the small pilot fuel quantity.

Thus, as the gaseous fuel amount became larger, CO and HC emissions tended to rise

until the mixture strength became nearly half stoichiometric, then both decreases due

to the improved combustion at higher mixture strength.

As shown in Fig. 2.12, the authors also found that for the same total equivalence ratio

(), increasing the pilot fuel quantity increased the charge temperature which tends to

increase the production of NOx. For relatively high loads, however, the combustion of

gaseous fuel became more efficient and less affected by the pilot fuel quantity, and thus

the effect pilot fuel quantity became milder. This explains why the line converges at

higher equivalence ratios. The utilization of large pilot fuel quantity was also found to

produce higher power output. The increase of pilot fuel quantity leads to an improved

flame propagation and, consequently, results in increasing the output power. While the

authors did not highlight that, but for the same equivalence ratio the use of larger pilot

quantity shortens the ignition delay relative to the one with smaller pilot, and hence the

peak cylinder pressure is attained closer to the TDC at earlier stages of the expansion
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and fixed pilot injection timing of 25º BTDC.
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stroke; generating more useful power and increasing the efficiency. Figure 2.13 shows

the brake power and thermal efficiency; where the original data presented by the authors

are retrieved, and then combined and re-plotted on a single graph. Nevertheless, the use

of large pilot fuel quantities at high loads increases the tendency to knock [59].
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speed of 1000 rpm.
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Imran et al [60] investigated the effects of pilot fuel quantity on some combustion and

emissions characteristics of a DI diesel engine; dual-fuelled with NG (or hydrogen) as

the main fuel and diesel fuel (or rapeseed methyl ester –RME) as a pilot. They found

that the ignition delay was reduced as the quantity of pilot fuel was increased; where

this could be attributed to more ignition centers resulting from the injection of a greater

amount of pilot fuel and hence shortening the time between the fuel injection and the

start of the ignition process. Also, the specific heat capacity ratio () for the NG-air

mixture is considerably higher than the pure air. This higher specific heat capacity ratio

results in lower in-cylinder temperatures and hence an increased ignition delay. Figure

2.14 illustrates the in-cylinder pressure as well as the heat release rate (HRR) for CDO

as well as DFO for three different pilot settings; at the specified operating condition. It

can be seen that the inflection in both the in-cylinder pressure and the HRR, presenting

a sudden rise which indicates the start of combustion (SOC), was advanced with the

increase of the pilot fuel quantity; indicating a shorter ignition delay. The figure also

demonstrates that the peak in-cylinder pressure was increased with the increase of pilot

fuel quantity; where this was a reflection of the ignition delay trends. While the authors

did not mention this, but the prolonged ignition delay with the larger amount of NG,

i.e. small amount of pilot fuel, causes the combustion to commence well-after the TDC,

and hence the combustion pressure is moderated as the piston is moving away down

the expansion stroke.

Figure 2.14 (a) In-cylinder pressure and (b) rate of heat release for CDO as well as DFO
with three pilot fuel quantity settings; at engine speed of 1500 rpm and BMEP
of 0.503 MPa. Adapted from [60].
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The peaks (P 0,1), (P 0,2), and (P 0,3) on the figure point towards the first, second, and

third (if any) peaks of the HRR patterns for different fuelling settings. For most diesel

engines with mechanical injection systems, combustion is characterized by the presence

of two peaks for premixed combustion and mixing-controlled combustion phases [39].

For dual-fuelling with larger pilot quantity, the curve still resembles the characteristics

of diesel combustion; only two peaks on HRR pattern are present, but both of them are

shifted down the expansion stroke as a direct consequence of the increased ignition

delay as already discussed. With a smaller amount of pilot fuel, i.e. a larger amount of

NG, a third peak occurs revealing late combustion of some of the gaseous fuel that

could not get oxidized in the earlier phase of combustion.

Specific NOx emissions (g/MJ) increases as the pilot fuel quantity was increased, where

this is attributed to the increase of multi-centered ignition points within the gaseous

fuel-air mixture. The relatively higher in-cylinder temperature with larger pilot quantity

can ensure timely evaporation of the pilot fuel and hence better distribution of the

ignition centers across the charge. Specific HC emission was decreased, in general, as

the quantity of the pilot fuel was increased. This is a direct consequence of improved

combustion conditions.

Carlucci et al [61] examined the influence of pilot fuel quantity on combustion and

exhaust emissions of a DI dual-fuel NG-diesel engine. Similar to other results reported

here [59, 60], the authors found that introducing larger pilot quantity into the cylinder

will enhance the combustion process, as indicated by the observed higher cylinder

pressure and HRR. Also, CO and HC levels are decreased and NOx level is increased.

The influence is more visible at low speeds and loads where the quantity of NG is barely

enough to sustain a stable combustion only in the proximity of combustion locations of

diesel pilot. On the contrary, the quantity of NG at high speeds and loads is rich enough

to produce stable flame and thus the effect of pilot quantity is relatively insignificant.

Mousavi et al [62] numerically investigated the combustion process in a medium duty

turbocharged DI diesel engine, converted to work under DF mode using NG and diesel

pilot. The focus of the study was the part load operating conditions, due to poor engine

performance, retarded thermal efficiency and elevated CO and HC emissions. The work
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was done using KIVA-3V code at the closed part of the cycle, with a set of sub-models

of the code modified to simulate the fuel spray atomization, combustion and pollutant

emissions formation processes. The model has been validated using experimental data

previously obtained on the same engine and demonstrated good agreement for the entire

load range. In conformity with previous results as [43, 58], the authors found that the

methane-air mixture at part load is very lean and suffers slow burning rate. Combustion

process is drawn towards the low-temperature profile in the expansion stroke, and less

fuel will burn [62]. In these conditions, a remarkable amount of the unburned methane

remains in the most remote areas from diesel fuel spray, such as the bottom of the piston

bowl. Moreover, it has been demonstrated that the flame structure is noticeably affected

by engine operating conditions. As shown in Fig. 2.15, at part load conditions only the

areas that are influenced by diesel diffusion flames could be ignited. The premixed

methane-air flame could only propagate in the direction of diesel spray and its diffusion

flame. At full load, on the contrary, the premixed methane-air flame could propagate

throughout the entire combustion chamber. Accordingly, it was concluded that the

development of diesel diffusion flame is required to burn lean NG-air mixture at part

load conditions. The authors examined the effect of increasing the pilot fuel quantity

on improving methane combustion. As illustrated by Fig. 2.16, the increase of the pilot

fuel quantity from 12% to 20% (energy basis), while total input energy, fluid flow, and

thermodynamic initial conditions were kept constant, resulted in an increased diffusion

flame penetration of diesel pilot. Hence, the lean methane-air mixture could be ignited

properly and propagated rapidly; owing to the enlarged size of diesel combustion region

[62].

Figure 2.15 Flame structures at part and full load conditions. Ref. [62].
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2.4.2 Injection timing of the two fuels

Injection timing of the pilot fuel is a key factor that affects combustion characteristics

of DF engines. For a fixed total equivalence ratio, advancing the injection timing means

that the combustion occurs earlier in the cycle, and this can increase the peak cylinder

pressure because more fuel is burned before the TDC. Charge temperature is expected

to increase with the advanced injection timing of the pilot fuel and the associated higher

energy release rates of the mixture. Also, the rate of pressure rise during the combustion

of the gaseous fuel increases with advancing the injection timing of the pilot fuel [59].

On the other hand, retarding the injection timing delays the combustion of the pilot, and

hence the cylinder temperature becomes insufficient to propagate the flame throughout

the entire charge. As a result, incomplete combustion of the gaseous fuel-air mixture

Figure 2.16 Methane and diesel concentration (g) contours for 12% and 20% diesel
pilot quantities (energy basis); at part load conditions. Ref. [62].
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takes place. Also, retarding the injection timing decreases the peak cylinder pressure as

more of the fuel burns after TDC. It should be noted that, however, too much advanced

injection results in a highly erratic engine operation, unacceptable rates of pressure rise,

and an increased tendency to knock. To conclude, injection timing must be determined

adequately to avoid adverse effects upon combustion process and engine structure.

Abd-Allah et al [63] investigated the effect of pilot fuel injection timing on performance

and emissions of IDI diesel engine dual-fuelled with methane or propane. They found

that for a fixed total equivalence ratio, advancing the injection timing provides better

overall combustion. This could be attributed to the longer ignition delay associated with

injection advance, where this prolonged delay allows for better spray penetration and

development; creating a larger pilot fuel-air-gaseous fuel mixture (an effective flame

propagation region) prior to ignition. Higher combustion rates of the larger premixed

regions yielded higher combustion temperature. Also, the earlier start of combustion

(SOC) with advancing injection timing means that the cylinder charge will spend longer

period at higher temperature where better oxidation reactions take place. The resulting

improvement in combustion event with advancing injection timing caused a subsequent

reduction in both HC and CO emissions for a fixed total equivalence ratio; as shown in

Fig. 2.17. Similar to their earlier work [59], the authors in this work [63] did not provide

an explanation for the reason behind those dome-shaped curves for HC and somehow

for CO emissions. As deliberated above, this could be attributed to the initial increases

in gaseous fuel admission while the mixture strength was still weak and suffering flame

propagation problem tended to increase both HC and CO emissions until the mixture

strength became nearly half stoichiometric.

As expected, the elevated maximum temperature in the cycle due to injection advance

increases NOx emissions for any fixed total equivalence ratio. While the authors did

not highlight this, the effect was more notable at higher equivalence ratios, where the

advanced combustion of the larger gaseous fuel amount use at these conditions highly

increased the maximum cycle temperature and pressure. This explains the diversion of

NOx trends at higher equivalence ratios; as shown in Fig. 2.18.
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Higher combustion temperature due to advancing the pilot injection timing leads to

increased power output levels and thermal efficiency. Once again, this is credited to the

attainment of peak cylinder pressure closer to the TDC at earlier stages of the expansion

stroke, generating more useful power and increasing the brake thermal efficiency. The
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Figure 2.17 CO and HC emissions for different injection timings of pilot fuel – retrieved
from the values reported by [63] and re-plotted. Data is for engine speed of
1000 rpm and fixed pilot fuel quantity of 0.12 kg/hr.

Figure 2.18 NOx emissions for different injection timings of pilot fuel; reported by [63].
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authors also conveyed that advancing the injection timing at medium and high loads,

nevertheless, led to early knocking. It is therefore concluded that advancing the pilot

fuel injection timing is not favorable in DFO at medium and high loads.

Wang et al [64] investigated the effect of injection timing on pilot diesel ignition mode,

and the subsequent impact on combustion and emissions of NG-diesel DF engine with

multi-point NG injection into the intake port. The work focused on light load operating

conditions; in an attempt to resolve the issues of lower brake thermal efficiency and

higher unburned hydrocarbon emissions of dual-fuel engines at these conditions. They

found that the significant advancing of injection timing brings about pilot diesel ignition

mode different from traditional diesel engine compression ignition mode in the sense

that it does not occur at a specific place in the spray, but simultaneously across the

combustion chamber [64]. It is to the point to highlight that one of the early attempts to

achieve homogenous charge compression ignition (HCCI) combustion in diesel engines

was done through largely advancing the injection timing to form homogenous mixture,

where the rise of the pressure and temperature during the compression stroke brings

about spontaneous ignition [65]. Reactions in HCCI engines generally involve a two-

stage process, comprising the so-called low temperature and high temperature reactions

[66]. Although the two-stage process for NG-diesel DF engine is different, the authors

[64] referred to the ignition mode with advanced injection as “two-stage auto-ignition”;

to distinguish it from the classical auto-ignition of diesel. The study covered a wide

range of diesel injection timing, varying from -5 to -55 CA BTDC, at constant flow

rates of pilot diesel and NG throughout. Figure 2.19 shows the variations of heat release

rate (HRR) profile with pilot diesel injection timing (Tinj) at 1335 rpm. It could be seen

that up to Tinj of 27.5 CA BTDC, the HRR profile exhibits the general shape of the

conventional diesel ignition mode, with a peak value of about 150 J/CA and the crank

angles of the first and also the peak heat release advances with the advance of injection

timing. Following a transitional span from 27.5 to 32.5 BTDC, it could be seen that

HRR profile exhibits significantly different pattern when Tinj changes from 32.5 to 55

CA BTDC; where a two-stage auto-ignition mode can be seen clearly. That is, the

ignition mode in these conditions resembles that of HCCI engines to some extent; Fig.

2.20 shows typical HRR curve for HCCI combustion in diesel-like fuels [67]. HRR
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profile exhibits a low-temperature heat release (LTHR) or cool-flame (associated with

low-temperature reaction (LTR) kinetics), followed by a high-temperature heat release

(HTHR) or hot flame (associated with high-temperature reaction (HTR) kinetics, and

considered as the main ignition). In between these two stages, there is a phase of low

reactivity (also known as negative temperature coefficient (NTC) regime), where the

overall reactivity of the system decreases with rising temperature [68].

Figure 2.19 Heat release rate (HRR) profiles at different pilot injection timings (Tinj).
Data is for engine speed of 1335 rpm and light load conditions. Ref. [64].
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Although the advanced injection in DF engines does not form a homogeneous mixture

as it is induced by a spray-type flow, the two-stage auto-ignition pattern is maintained

as observed in Fig. 2.19 (d). It could also be noticed that the main heat release rate part

becomes symmetrical about the crank angle of the maximum HRR. The maximum HRR

value elevates to as much as 225 J/CA; the reason is not explicitly stated in the work

[64], but it could be attributed to the entrainment of the NG-air mixture burning in the

second stage of pilot combustion. As shown in Fig. 2.21, the results in [64] exhibited a

threshold almost at Tinj equals 30 CA BTDC affecting the start of combustion – SOC

(defined as the crank angle of 2% accumulated heat release) and the crank angle of 50%

heat release (CA50). Below this value, the SOC as well as the CA50 advance with the

advance of Tinj, but an opposite trend is observed when Tinj exceeds that threshold. This

reveals the effect of ignition mode on combustion behavior. For conventional ignition

mode associated with normal (and retarded) injection, it is the Tinj itself that is the main

factor in the determination of the SOC (and CA50). Alternatively, mixture pressure and

temperature are more important than Tinj for SOC as well as CA50 under the two-stage

auto-ignition mode. In general, the authors found that engine performance, combustion

and emissions characteristics in two-stage auto-ignition mode are better than those in

conventional diesel ignition mode. Nevertheless, too early injection will lead to diesel

Figure 2.20 Typical HRR curve from HCCI combustion of n-heptane fuel. Ref. [67].
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spray impingement and poor atomization quality due to lower in-cylinder temperature

and pressure. Optimized results in two-stage auto-ignition mode could be achieved with

pilot diesel injection timing set to CA BTDC to yield higher brake thermal efficiency

(35%) as well as lower NOx (60 ppm) and THC (0.4%) emissions.

Similar to the case of the pilot liquid fuel, the effect of injection timing of the gaseous

fuel with port injection configuration is also influential on combustion characteristics

of DF engines. Combustion process in these engines strongly depends on the way by

which the air-gaseous fuel-diesel mixture is prepared and distributed inside the cylinder

at the instant of combustion commencement and during its development [69]. It has

been revealed that the degree of charge stratification and the intensity of turbulence

generated by the fuel jet have a remarkable effect on combustion phases and heat release

pattern [70]. Also, a proper stratification of the in-cylinder charge can be obtained with

NG port injection in dual-fuel engines via varying NG injection timing [71]. As this

phenomenon has a positive effect on accelerating the combustion process of dual-fuel

engines, especially at low and part loads, determination of the optimum injection timing

for NG port injection engine configuration becomes crucial.

Yang et al [72] investigated the effect of NG injection timing on combustion and

emissions of NG-manifold injection DI CR diesel engine. Both injection events of NG

and diesel fuel were controlled by a specially developed ECU; as described in details

Figure 2.21 Effect of pilot injection timings (Tinj) on (a) the start of combustion (SOC), and
(b) the crank angle of 50% heat release (CA50). Data is for engine speed of 1335
rpm and light load conditions. Adapted from [64].
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in another work [73]. They found that changing NG injection timing notably affected

the cylinder pressure and HHR trends at all load conditions; as shown in Fig. 2.22. The

compression pressure is influenced by NG injection timing in a complex manner mainly

due to the interactions of volumetric efficiency, combustion phasing, and specific heat

ratio. At part load, retarded NG injection timing results in an increased cylinder pressure

and a notably higher second peak of HRR that represents the rapid combustion phase;

on the account of late combustion. That is, most of the NG is burned fast in the second

phase of combustion. This was mainly due to the time for NG and air mixing is reduced

by retarding NG injection, and hence there was not enough time to form homogenous

charge. That is, more stratification of the NG-air mixture is formed, which obviously

have a positive effect on enhancing the NG burning rate.

In comparison, with the very advanced injection timing of –500º CA ATDC that was

employed to simulate the conventional dual engines with gas mixer [71], it can be seen

from Fig. 2.22 (a) that the major part of the NG at part load was burned in the late stages

of combustion; indicating a slower burning rate. At high loads, however, the pressure

traces with retarded NG injection timing transformed from the typical two-peak pattern

to an almost single-peak one, and the first peak of HRR (representing the first phase of

combustion) exceptionally decreased while the second and third phases of combustion

increased; as shown in Fig. 2.22 (b). This can be attributed to the reduced mixing timing

of NG and air with retarded injection timing, which resulted in a stratified-like gaseous

fuel-air mixture in the cylinder. Nevertheless, this stratified-like mixture is probably

Figure 2.22 Cylinder pressure and HRR traces for different NG injection timing at (a) low
load; 0.240 MPa BMEP, and (b) high load; 0.767 MPa BMEP. Adapted from [72].
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over-rich for ignition kernel formation and flame propagation of the pilot fuel, and

consequently, less pilot fuel burned in the first stage and more heat of pilot fuel released

during the expansion stroke.

With regard to flame development duration – FDD (defined as the interval crank angles

between start of ignition and the crank angle at which 10% mass (pilot diesel and NG)

fraction burned), and center of heat release – COHR (defined as the crank angle where

50% total heat released; referred to as CA50), data reported in the original work [72]

was retrieved and re-plotted on a single graph to illustrate the concurrent effects of NG

injection timing on these two combustion characteristics at different loads; as shown in

Fig. 2.23.

The figure shows that at low loads where the NG-air mixture is lean and experiences

difficulties to be ignited by the pilot, retarding the injection timing provides a stratified-

like mixture with local rich areas, and consequently, combustion is enhanced and flame

speed is accelerated. Therefore, the FDD was shortened and the CA50 was attained

closer to the TDC. This also improved the brake thermal efficiency. At high loads,
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however, it can be seen that FDD slightly increased while the CA50 was getting more

distant away from the TDC as the injection timing was retarded. This could be attributed

to an undesirable effect of mixture stratification at high load as it may result in the

formation of over-rich regions; which may, comparatively, slow down the formation of

the flame kernel and thus prolong the initial combustion duration [74]. A corresponding

slight decrease in the BTE was therefore observed with retarding NG injection timing

at high loads.

The trends of exhaust emissions were consistent with the effect of charge stratification

associated with retarding the injection timing. That is, at low load, the general trend of

CO and HC emissions showed a decrease as injection timing was retarded, while NOx

exhibited a slight increase. This can be attributed to the enhanced combustion owing to

the beneficial effect of charge scarification at these load conditions. Yet, the effect of

retarded injection timing and the associated charge stratifications on exhaust emissions

remained marginal. The reason behind this might be the improved combustion of the

NG at high load due to the increased mixture strength; regardless of the presence of any

charge stratification.

2.4.3 Injection pressure of the two fuels

Carlucci et al [61] studied the effects of pilot fuel injection pressure and main gaseous

fuel injection pressure, on combustion and exhaust emissions of a DF NG-diesel engine

with DI of diesel fuel and manifold injection of NG. They found that increasing pilot

fuel injection pressure provides a better fuel jet penetration throughout the cylinder, and

hence results in an improved combustion as the flame spreads well in the combustion

chamber. It also leads to a better atomization of the pilot fuel droplets, and hence more

ignition nuclei become ready to burn. This globally raises the first peak of rate of heat

release (ROHR) that represents the premixed combustion phase, and the maximum in-

cylinder pressure; as shown in Fig. 2.24. The effect is larger at engine high speeds and

loads where the rich mixture sustains the flame propagation throughout the combustion

chamber; in contrast to low speeds and loads conditions where gaseous fuel combustion

can only take place in the proximity of the combustion locations of the pilot fuel.
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NG port injection pressure had only a little effect on engine performance and emissions;

under different operating conditions. While reasons were not mentioned in the original

work [61], it could be attributed to gaseous fuel introduction strategy employed. As the

gaseous fuel was injected early in the manifold, the resulting gaseous fuel-air mixture

is expected to be homogenous regardless of the injection pressure used. In the absence

of any charge stratification, the combustion of the homogenous gaseous fuel-air mixture

will simulate that of conventional DF engines with a gas mixer, and hence the effect of

gaseous fuel injection pressure becomes insignificant.

2.4.4 Composition of natural gas

While NG is formed predominantly of methane (CH4), it contains heavier hydrocarbons

and inert diluents. The levels of these species vary substantially with the geographical

source, time of year, on top of treatments applied during production or transportation.

Typical composition of commercial-grade NG varies from 70% to 95% CH4, with the

balance composed of heavier hydrocarbons (mainly ethane; C2H6, and propane; C3H8)

as well as diluents such as molecular nitrogen and carbon dioxide. There are also trace

levels of sulfur compounds and other hydrocarbon species.

The variation of NG composition is influential on DF engines combustion and exhaust

emissions. For premixed NG combustion, the presence of heavy hydrocarbon (ethane

and propane) enhances the ignitability of the mixture due to the increased concentration

of the reactive radicals. At high temperatures, enhanced NG ignition is attributed to the

Figure 2.24 In-cylinder pressure and ROHR traces for different pilot fuel injection pressures
of (a) 600 bar, and (b) 1000 bar; at engine speed of 2000 rpm, fixed injection
pressure of the gaseous fuel (7 bar) and variable pilot fuel quantities (4,6,8 mm3).
Adapted from [61].
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increases in the concentrations of H, OH, HO2 and H2O2 radicals [75]. At temperatures

lower than ~1200 K, it is the methyl peroxy (CH3O2H) radical that plays the key role

[76]. Also, the presence of ethane and propane extends the lean combustion limit and

increase the flame propagation. Table 2.1 lists some of the thermodynamic and flame

properties of methane compared to ethane and propane [77].

The small levels of N2 diluent are unlikely to strongly affect NG combustion. However,

their principal influence is the reduction of the heating value of the fuel. Higher dilution

levels, however, may pose a greater impact on combustion and emissions. For premixed

NG combustion, NOx emissions were reduced with N2 dilution as high as 30% [78].

For heavy-duty DI NG engines, it was demonstrated that diluting the NG with N2 (while

increasing the injection mass to retain the same total fuel energy) resulted in a slower

initial combustion but faster and more stable late-stage combustion. This was attributed

to the higher kinetic energy of the gas jet and the consequential improvement in mixing

process [79].

Property Methane Ethane Propane

Chemical formula CH4 C2H6 C3H8

Lean flammability limit in air (% vol.) 5.0 2.9 2.0

Stoichiometric mixture in air (% vol.) 9.47 5.64 4.02

Laminar flame speed in air (cm/s) 34 39 39

Flashpoint temperature (K) 85 138 169

Auto-ignition temperature (K) 810 745 743

Adiabatic flame temperature (K) 2250 2265 2270

McTaggart-Cowan et al [80] studied the effects of NG composition on a pilot ignited

DI NG diesel engine with DI of NG using a special DF high-pressure direct injection

(HPDI) injector at 21 MPa with a fixed pilot quantity of 5% of total fuel (energy basis).

The injection timing of NG was always fixed at 1.0 ms after the end of diesel injection,

while the latter was adjusted to maintain the mid-point of combustion (or the center of

heat release); i.e. 50% IHR (integrated heat resale) at a certain value of 0, 5, 10, or 15

Table 2.1 Some thermodynamic properties of methane, ethane, and propane.
Adapted from [77].
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ATDC (four cases were examined). Ethane, propane, hydrogen, and nitrogen have been

added, separately, to the gaseous fuel at two different percentages of each constituent.

They found that the gaseous-fuel ignition delay (GID) was reduced by all additives; as

shown in Fig. 2.25. For H2 addition, this was attributed to the increased ignitability of

the gaseous fuel, which causes a corresponding reduction in ignition delay as verified

by other work of the author [81]. A similar effect was observed with ethane and propane

additions, due to the increases of reactive radicals. The absence of these species in the

pure methane case results in an increase in the GID. With N2 addition, the increased jet

momentum improves the mixing conditions and reduces the ignition delay [79].

In view of that, the authors developed a correlation between methane number (MN) of

different compositions (as a measure of knocking tendency [82]) and the GID, where a

1% change in MN leads to about 1% corresponding change in GID (both relative to NG

fuelling for a given timing) for all the fuels excluding N2; as shown in Fig. 2.26.

Figure 2.25 illustrates also that the maximum HRR follows a trend similar to that of the

GID. Reduced GID with fuel additives brings about a corresponding reduction in the

amount of premixed fuel, and hence premixed combustion phase and the corresponding

maximum HRR are reduced. The authors also developed a linear relationship between

these two parameters, where a change of 1% in GID results in an equivalent 1% change

in the maximum HRR (both relative to NG fuelling for a given timing) for all the fuels

excluding N2; as shown in Fig. 2.27.

Figure 2.25 Fuel additives effect (relative to NG) on GID and maximum HRR for different
combustion timings corresponding to occurrence of 50%IHR at 0, 5, 10, and 15º
ATDC. Adapted from [80].
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While gaseous fuel additives considerably affect the combustion process, the influence

of fuel conversion efficiency ended to be insignificant since the followed experimental

methodology involved the adjustment of combustion timing to attain the 50%IHR at

certain values. The exception was with N2 addition, as the significant increase in the

injected mass (to maintain the same energy level with elevated N2 quantity) increased

the work done during the expansion stroke. The improved late-cycle combustion with

N2 additions also contributed to the improved efficiency.

It was found that NOx emissions were increased with all additives excluding N2; as

shown in Fig. 2.28. This was attributed to the increased adiabatic flame temperate (Tad)

with ethane, propane, and H2 additions; and hence the strongly temperature-dependent

thermal NOx was largely increased [25]. The authors developed a linear relationship

between the change in Tad and the corresponding change in NOx emissions; with 1%

change in Tad there was a corresponding change of 5% in the generated NOx. Yet, the

changes in NOx emissions depends as well on combustion timing in addition to reaction

zone stoichiometry and post-combustion mixing; which are also influenced by the fuel

composition. Nevertheless, the authors did not highlight the irregular change of NOx

with N2 addition (an increase with low % N2 and a decrease with high % N2). That trend

could be attributed to the countering effects of improved combustion due to improved

mixing from one side, and the reduced Tad as a result of N2 addition from the other side.

Fundamentally, with low % N2, although Tad is reduced, the effect of improved mixing

Figure 2.26 Relationship between methane
number (MN) and GID (both
relative to NG). Adapted from
the online version of [80].

Figure 2.27 Relationship between GID and
maximum HRR (both relative
to NG). Adapted from the online
version of [80].
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on enhancing the combustion conditions dominates, and hence NOx emissions slightly

increase (relative to NG). With high % N2, conversely, the large reduction in Tad is the

governing factor and hence NOx emissions decrease (relative to NG).

Figure 2.28 also demonstrates that all additives reduced HC emissions (predominantly

unburned methane). However, the mechanisms for the reduction in HC emissions vary

for different fuel additives. For instance, the wider flammability limits and the increased

radical concentrations with the H2 additive resulted in a more complete combustion and

hence HC emissions were reduced [81]. In opposition, the improved late-cycle mixing

with N2 addition was the reason behind consuming more of the fuel that did not react

in initial combustion event; reducing HC [79]. With ethane and propane, on the other

hand, it was suggested that these heavy hydrocarbons may be helping to delay the onset

of bulk quenching (occurring as the in-cylinder temperature and pressure fall during the

expansion stroke). The increased burn duration with heavy hydrocarbons (complex C-

H bonds) hold over the onset of bulk quenching; involving more fuel in combustion

process prior to the reactions being extinguished by this fall in temperature and hence

reducing HC emissions. With different fuel additives, all in all, it is likely that all effects

are independent of combustion timing.

The reported results concerning CO emissions are not consistent with those of HC; the

authors suggested that there are different formation routes for these harmful products.

While this agrees with the interpretation that HC emissions are primarily unreacted fuel

Figure 2.28 Fuel additives effect (relative to NG) on NOx and HC emissions for different
combustion timings corresponding to occurrence of 50%IHR at 0, 5, 10, and
15º ATDC. Adapted from [80].
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while CO is a by-product of partial combustion, the specific nature of these effects are

unclear. With regard to particulate matter (PM), the authors found that the addition of

N2 or H2 to the fuel virtually eliminates black-carbon (BC). On the other hand, adding

ethane or propane to the fuel increases total PM mass, with both the BC and the volatile

emissions increase. This is consistent with the high carbon-to-hydrogen (C/H) ratio of

the heavy hydrocarbons. The authors developed an interesting relationship between the

change of the specific heat ratio of the fuel (=Cp/Cv) and the PM emissions; 1% change

in () brings about 50% change in the PM. Similar to the situation with NOx emissions,

all of these effects depend significantly on combustion timing.

2.5 Conclusions

In this chapters, previous studies of pilot-ignited NG-diesel engines (PINGDEs) were

reviewed. Combustion and emissions characteristics of these engines were covered, and

the effects of different parameters on combustion and emissions were also considered.

Some of the key findings are:

 DF engines suffer increased BSFC and elevated HC and CO emissions at part load;

mainly because of the weak mixture strength, the poor fuel utilization, and the slow-

burning rate of NG at these conditions. Lower cylinder temperature results in lower

NOx emissions compared with diesel operation. At high load, the increased mixture

strength promotes combustion; reducing HC and CO emissions yet increases NOx.

 A drastic reduction in soot emissions is achieved under DF strategy, regardless of

the engine operating conditions, as NG has a very small tendency to produce soot.

Also, CO2 emission is always lower due to lower C/H of NG compared with diesel.

 The practical substitution levels of NG with diesel fuel are restricted at low load by

factors like cyclic variability, limited combustion efficiency, and elevated HC and

CO emissions; and at high loads by the exhaust gas temperature limits.

 PINGDEs with NG introduced to the intake manifold can maintain stable operation

with as much as 86% NG energy substitution. This could be achieved at low speeds

for the entire load range, but higher engine speeds and loads are restricted to lower

NG substitution levels; to avoid severe knock.
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 Pilot size should be quantified such that it keeps dual-fuel operation feasible and

maintains stable operation at low loads, and avoids knock at high loads.

 Advancing pilot injection timing for fixed equivalence ratio provides better overall

combustion and reduces HC and CO emissions, yet increases NOx emissions. Too

much advance, however, could lead to spray impingement, increased emissions, and

erratic engine operation. Optimized injection timing could result in two-stage auto-

ignition that improves poor performance and emissions of DF engines at part load.

 Increasing pilot injection pressure provides better atomization and jet penetration.

This creates more ignition nuclei and improves flame propagation. The influence of

NG port injection pressure on engine performance and emissions is marginal.

 NG composition strongly influences combustion and emissions of DF engines. The

presence of heavy hydrocarbons enhances mixture ignitability and increases flame

propagation rate. Lean combustion limit is extended and HC emissions are reduced

yet NOx emissions increases as Tad increases.

 Large divergence in gaseous fuel composition from the average levels considerably

affects pollutant emissions that it may require readjusting the engine management

system to offset these emissions via controlling other parameters (injection timing,

injection pressure, or EGR levels).
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3 Future Directions of NG-Diesel Dual-Fuel Engines

3.1 Introduction

The overview provided by the literature review in Chapter 2 discussed the concept and

challenges of operating CI engines on NG-diesel dual-fuelling mode and examined the

progress that has been made in recent years. In this chapter, the focus is on the research

topics that require further work. As illustrated by Fig. 3.1, the broad categories of the

research in the filed could be grouped into fuel delivery or charge composition studies;

where each category is directly linked to either the NG or the pilot fuel. While some of

these topics have been lengthily studied, others are yet to be investigated. These include

pilot split-injection, DI of NG into the engine cylinder, increasing the injection pressure

of the two fuels, using alternative high-cetane pilot fuels, and the use of additives. Each

of these is discussed in this chapter to assess its potentials, and pilot split-injection, in

particular, will be further explored, experimentally, in Chapter 6.

Figure 3.1 NG-diesel dual-fuel engine research topics.
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3.2 Splitting the Diesel Pilot into Pre-Injection and Main-Injection

As discussed in Chapter 2, combustion process in DF engines characteristically depends

on the pilot fuel injection strategy and its subsequent ignition mode [64]. The shift from

the mechanically-governed fuel injection systems into the high-pressure common rail

(HPCR) systems becomes essential to the demand for a better fuel economy and lower

emissions [83]. The modern generation of high-pressure common rail (HPCR) injection

systems incorporates piezo-electric injectors that can perform a very rapid switching.

Hence, shorter injection durations, smaller injection quantities, and multiple injections

per cycle all become possible [84]. While this is already proven beneficial for diesel

engines performance and emissions, the advanced injection techniques also bring many

novel ideas to DF engines [85]. Pilot injection strategy plays the key role in changing

the combustion mode, from the conventional diesel dual fuel (DDF) combustion into

other novel modes [37]. DDF combustion mode is attained by using a single injection

of the diesel pilot, late in the compression stroke, to act as an ignition source for the

premixed gaseous fuel-air mixture. In this mode, the combustion starts with a classical

diesel auto-ignition in the pilot region, together with some of the methane-air mixture

entrained in the pilot fuel jet and in its immediate vicinity, and then flame propagates

throughout the rest of methane-air mixture [19]. Yet, within the short time available,

flame propagation from the pilot region might not proceed throughout the entire charge,

especially at part loads [86]. This increases the CO and HC emissions, while the intense

combustion of the centralized pilot promotes NOx formation [37]. To overcome these

issues, homogeneous charge compression ignition (HCCI) combustion was proposed.

This mode is attained in dual fuel engines through using a very early injection of the

diesel fuel during the intake stroke; easily achievable by using the HPCR system. The

early injection of diesel will form a homogeneous mixture in the methane-air charge. If

the mixture is perfectly homogeneous, the rise of the pressure and temperature during

the compression stroke will lead to a spontaneous ignition, differs from the classical

diesel auto-ignition process in the sense that it does not occur at a specific place in the

spray, but simultaneously across the chamber [67]. Reactions in HCCI engines involve

a two-stage process; the low temperature and high-temperature reactions (LTR; HTR)

[66]. For dual-fuel HCCI combustion, the two-stage process is different from those of

diesel-like or gasoline-like fuel HCCI combustion and still unclear, but the general
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features are analogous [64]. While the absence of a centralized ignition source and the

nonexistence of any rich fuel pockets reduces NOx and PM substantially, HCCI

combustion is very difficult to control as it is ultimately governed by the chemical

kinetics. It also has a relatively large cyclic variability due to the very lean mixture.

For a better, more direct control of combustion phasing without the need for a closed-

loop control, partially premixed compression ignition (PPCI) combustion is put forward

[87]. In this mode, diesel pilot is split into two injections; an early pre-injection of a

comparatively small portion of the pilot, followed by a late injection of the main pilot.

The accurate control of the injection timing and quantity is fulfilled using the advanced

HPCR system. The pre-injection part of the pilot acts as an ignition improver as it has

a relatively long mixing period with the methane-air mixture at moderate temperature

and pressure. The LTR of the diesel fuel at these conditions and the associated radicals

promotes the combustion [88]. The main pilot injection then initiates the combustion

that further propagates throughout the cylinder charge, and hence it provides a direct

control of combustion timing and phasing. The strengthened, yet smoother, combustion

yields lower noise levels, improved fuel economy, and lower levels of emissions [88].

Employing a pilot-split technique with the pre-injection part becomes largely premixed,

this novel mode will be referred to as partially premixed dual fuel (PPDF) combustion.

Figure 3.2 gives a graphical representation of the different dual fuel combustion modes;

DDF, HCCI, and PPDF in contrast with the conventional diesel combustion.

Figure 3.2 Graphical representation of different DF combustion modes; compared
with conventional diesel operation. The red triangles present the diesel
main injection close to the TDC. Charge is air only with diesel (white),
premixed NG-air with DDF (green), premixed NG-air-diesel vapor with
HCCI and PPDF (green seeded with red dots). The large grey flickers
present the combustion of the main injection and the entrained NG; small
ones present the spontaneous auto-ignition of distributed diesel particles.
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Compared with DDF, PPDF combustion mode can yield an improved fuel economy

and reduced emissions [89]. The pre-injection part of the pilot diffuses throughout the

charge; improving mixture flammability by introducing a high reactivity fuel into a low

reactivity fuel-air mixture. The pockets of the highly reactive fuel also allow for more

ignition sites to occur; where the non-uniform local equivalence ratios drive differences

in chemical kinetic reaction rates [89]. The enhanced combustion occurs over a shorter

duration without flame quenching. More gaseous fuel experience complete combustion;

combustion efficiency with PPDF could exceed 98%. The most praised aspect of PPDF

combustion is therefore its ability to reduce CH4 slip and CO emissions; compared with

DDF [89]. The lower heat transfer losses bring about less ISFC at all load conditions,

while NOx emissions are reduced as long as the same EGR levels are maintained [89].

The benefits of pilot split-injection in PPDF engines are best observed at medium loads,

where there are favorable cylinder conditions (temperature, pressure, and equivalence

ratio) for combustion imitation and development, with no restrictions on the pilot split.

At high loads, the amount of the pre-injection part of the pilot has to be kept at a certain

level in order to remain within the permissible limits for the cylinder pressure as well

as the maximum ROPR. At light loads, the potentials of PPDF combustion are reduced

by the encountered flammability issues of methane under the lean, low temperature and

pressure conditions [89]. In addition, the mass of the pre-injection part of the pilot could

be significantly small; potentially losing its effect. Researches in this area are limited

and in need for further efforts. Chapter 6 in this study is dedicated to investigating PPDF

combustion mode under light load operating conditions, with a focus on the influence

of pilot pre-injection mass.

3.3 Direct Injection of NG inside the Engine Cylinder

The majority of NG-diesel dual-fuel engine studies to date have been conducted on

conventional diesel engines modified to suit dual-fuel operation, where NG is inducted

or injected into the intake manifold to mix uniformly with air; while maintaining the

original in-cylinder injector for pilot fuel injection. The advantage of this technique is

its simple adaptation, but the main disadvantage is that good substitution levels are only

obtained at medium loads. This is because at low loads, diesel fuel injectors still require

a substantial fuel delivery to operate efficiently, while at high load the extended ignition
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delay and mixed fuel in the end zone aggravate both Diesel and SI types knock [90]. In

addition, as the NG displaces some of the air in the intake manifold, a reduction in

volumetric efficiency occurs, which leads to a proportional reduction in power output;

as per Equation 3.1) (derived following the procedure outlined in Appendix B):

ܹ ̇ = h
௧௛

. f.ܴܣܨ௦௧௢௜௖.൫h
௩

. r
௔

. ௗܸ. .݇ܰ൯.ܪܮ ௙ܸ (3.1)

where (v) is the overall volumetric efficiency based on ambient conditions at intake

manifold where (a) is the density of air, (Vd) is the engine displacement, (k) is the

number of suction strokes per engine revolution (i.e. k=1/2 for four-stroke engine), and

(N) is the engine speed.

Moreover, the gas mixers and venturis installed in the intake pipe to mix the NG with

the intake air may offer a further restriction to the air flow; increasing the negative

impact on volumetric efficiency and the associated horsepower [91]. The effect is larger

as the engine speed increases, due to the increased degree of flow restrictions when a

larger amount of air is admitted [91]. One proposed alternative option to minimize the

volumetric efficiency penalty of NG induction or injection in the intake manifold is via

keeping the NG supply separated from the air until very close to the intake valve [69].

In such a technique, NG is admitted via a small pipe in the intake manifold near the

intake valve. The resultant volumetric efficiency is reduced by only 2-4%. As a result,

power output levels are fairly maintained; particularly at low and intermediate speeds.

Maximum engine speed in this configuration, nevertheless, is limited by the amount of

gaseous fuel that can be inducted (via the intake manifold) into the cylinder per cycle,

where fuel starvation occurs at high speed [95]. To overcome this limitation, NG supply

must be independent of the engine speed; i.e. by injection rather than by induction. This

is advantageous in controlling the amount of NG introduced independently of engine

speed, and also beneficial in approaching in-cylinder charge stratification [93]. Charge

stratification results in an efficient combustion and improves the lean-burn capability

of NG [94]. Nonetheless, the optimum distribution of the gaseous fuel-to-air ratio inside

the engine cylinder is still not achieved.
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To maintain the air mass flow entering the cylinder (and consequently the volumetric

efficiency) to the highest possible value, and for improved charge scarification leading

to an optimum distribution of the gaseous fuel and air, direct injection of NG into the

combustion chamber has been proposed. Preliminary work in this field, however, was

characterized by some practical complications, due to the necessity of a high-pressure

supply and to the problem of positioning another injector into the cylinder head. In

recent years, a state-of-the-art HPDI multi-fuel injector (called concentric-needle multi-

fuel injector) was used in the place of the original diesel injector, to directly inject both

the diesel pilot and the NG inside the engine cylinder [95]. This HPDI injector has two

solenoid-controlled valves to precisely control the injection timing and the metering of

each fuel to the combustion chamber; where the diesel fuel comes from the original

common rail of the engine, while the NG is supplied through an additional parallel rail.

Both fuels are being injected (shortly before the end of the compression stroke) at a

high pressure of the order of 20-30 MPa, where the bulk of the energy (up to 95%) is

supplied by the NG injection, preceded by pilot diesel injections (via separate nozzle

holes) as small as 5% of the total energy supplied [96]. A photo of the typical injector

used, along with a schematic diagram of the injector tip assembly and the sequence of

injection is illustrated in Fig. 3.3 [97]. While the load in this technique is controlled by

controlling the amount of NG injected, some researches [95] achieved pilot percentage

as low as 2.4% at full load conditions (100%), while that percentage raised up to 9%

when the load was brought down to 20%. Following the pilot injection, it auto-ignites;

generating multiple ignition sources that ignite NG jets. NG burns in a predominantly

non-premixed combustion event very similar to that takes place in conventional diesel

engines; hence offering high fuel-conversion efficiency [96]. That is, dual-fuel engines

with HPDI of NG maintain power output and thermal efficiency levels compared with

conventional non-dual-fuel diesel engines. While conventional DI diesel engines with

high-pressure injection systems offer better tradeoff between NOx and PM [98], dual-

fuel engines with HPDI of NG provide reduced NOx emissions by approximately 40%,

thanks to the lower adiabatic flame temperature of NG, and up to 65% reduction in PM;

owing to the lower carbon content of the gaseous fuel [99]. It has also been reported

that optimizing the gas injection timing and pressure at different operating conditions

could yield highest NOx reduction without a large impact on thermal efficiency [95].
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Opposing other NG fuelling technologies that rely on fumigation, in the HPDI engines

NG is not premixed in the combustion chamber, and therefore emissions of unburned

fuel are significantly lower than conventional dual-fuel engines with gas mixers and

even those employ manifold injection [100]. With the non-premixed air-fuel mixture in

HPDI engines, end-gas knock becomes not a concern; and hence the high compression

ratio can be maintained. The global air-to-fuel ratio remains quite similar to that of an

equivalent diesel engine, with comparable sensitivity to the EGR as well [96]. Charge

dilution of HPDI NG engines with nitrogen can produce a further reduction in exhaust

emissions, characteristically NOx, PM, HC, and CO, without having a negative effect

on engine performance and thermal efficiency [79]. Further, stratified combustion with

very lean burn capability could be realized with DI NG, where the optimum distribution

of the gaseous fuel-to-air ratio inside the cylinder is highly achievable [94].

Figure 3.3 (a) A photograph of the typical injector used in HPDI technique (left) along with
a schematic of the injector tip assembly (right); and (b) the sequence of injection
for the two fuels showing the separate nozzle used. Adapted from [83].



3 FUTURE DIRECTIONS OF NG-DIESEL DUAL-FUEL ENGINES

65

However, it should be taken into consideration that the direct injection of NG requires

gas pressures up to 30 MPa, while the NG is frequently stored in vessels at 20 MPa.

Onboard compression of NG from 20 MPa and atmospheric temperature to 30 MPa

requires work input equal to about 0.1% of the enthalpy of combustion of NG, and more

in terms of exergy content. This work (exergy) expenditures for the compression of NG

should be taken into account in the well-to-wheel assessment [20]. However, it has been

reported that up to 20% reduction in tank-to-wheel greenhouse gases (GHGs) emissions

could be obtained when HPDI system is optimized for efficiency; compared to an

equivalent diesel engine. All in all, direct injection of NG inside the engine cylinders is

understood to be very potent and subjected to further development. A decade ago [100],

it was concluded that substantial further research is required before such an engine can

be developed for commercial heavy-duty on-road applications. In 2015 [96], it has been

reported that the HPDI technique already came to service in commercial heavy-duty

applications is North America as well as Australia.

3.4 Increasing the Injection Pressure of the Two Fuels

Further improvement in NG-diesel dual-fuelled CI engines can be obtained by varying

the injection pressure of the natural gas jet and the diesel pilot fuel. For conventional

non-dual-fuel CI engines, increasing the injection pressure improves fuel atomization

and air entrainment; leading to better fuel-air mixing rates [39]. This is attributed to the

improved spray properties with increasing the injection pressure. Fuel atomization is

caused by the collision of the turbulent jet of fuel with the air inside the combustion

chamber. Therefore, the higher the relative velocity between fuel and air, and the higher

the density of the air, the more finely the fuel is atomized [84]. The atomization quality

of a certain fuel is influenced by microscopic and macroscopic spray properties [101]

(microscopic properties include spray tip penetration, spray cone angle, on top of their

derivatives; while macroscopic properties include droplet velocity and size, distribution

and air-fuel ratio [102]). It was found that spray penetration length increases with higher

injection pressure and low ambient density, while spray angle increases with increase

in ambient density [103]. The speed and extent to which fuel penetration occurs inside

the combustion chamber decide the air utilization and the fuel-air mixing rate [104].

Accordingly, with the increased injection pressure, the combustion process is improved
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while soot is reduced and NOx emissions are increased [105]. The primary outcome of

increasing injection pressure on diesel ignition process is the reduction of the ignition

delay, particularly the physical part, as a direct consequence of better mixing achieved

[106]. In most cases, injection pressures range from 200 bar with mechanical injection

systems up to ≈2000 bar with HPCR systems [84]. Recently, an exceptionally higher 

pressure level of 3200 bar was achieved; where the combination of such pressure level

with optimized nozzle geometry demonstrated high potential to comply with EURO-

VI emissions standards, without exhaust aftertreatment measures [107].

In a similar way with direct NG-injection dual-fuel engines, increasing the injection

pressure of both diesel pilot and NG increases the mass flux of fuel into the combustion

chamber and increases the degree of turbulence inside the engine cylinder. The fuel-air

mixing process is highly enhanced, and the delay period is shortened. In addition, high-

pressure pilot fuel injection can provide more ignition points distributed more widely

throughout the NG-air charge; which improves the combustion intensity [108]. Higher

combustion-progress rates are recorded; bringing about shorter overall combustion

duration. NOx emissions are increased slightly with increased injection pressure, while

CO and PM emissions are reduced. The change of HC emissions with injection pressure

is insignificant. Once more, these emission trends are caused by better levels of mixing

between the pilot fuel, NG, and air, in addition to the faster combustion-progress rates.

Increasing injection pressure slightly alters SFC, but the associated effect on thermal

efficiency levels remains marginal [108]. It has also been demonstrated that the faster

combustion of NG as a result of increased injection pressure of the diesel pilot increases

the in-cylinder pressure considerably, which is beneficial for performance. In addition,

for the same amount of pilot fuel, increasing the number of nozzle holes while reducing

their diameter results in a better atomization, and a larger number of ignition centers

are dispersed more widely all over the charge. This improves the combustion efficiency

[109]. Optimized distribution of the gaseous fuel and air through proper stratification

of the cylinder charge improves light load operation. With manifold NG-injection, on

the other hand, the effect of NG injection pressure tends to be insignificant [61]; it is

the NG injection timing that plays the key role in this configuration, as it has proved

the capability of achieving some degree of charge stratification inside the cylinder [72].
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With regard to direct injection of the gaseous fuel, researchers conducted on constant

volume chamber for different pressure ratios demonstrated that the jet tip penetration

of NG increases for higher injection pressure and decreases for the higher pressure of

the chamber [110]. On the contrary, the jet cone angle decreases with higher injection

pressure and increases with increasing the chamber pressure [110]. It was reported that

the improvement of the diesel-NG jet characteristics (such as jet tip penetration and jet

cone angle) improves diesel-NG DF combustion process and the associated formation

of pollutants [102]. In general, higher injection pressure leads to improved entrainment

between the NG and the air; i.e. results in better mixing [102].

In HDPI engines, most recent studies investigated the direct injection of NG into the

combustion chamber at elevated injection pressures as high as 600 bar [96]. Compared

with the values obtained at 300 bar that was used previously with HPDI engines [99],

up to 7% increase in the efficiency as well as 20% increase in the engine power could

be achieved when the NG injection pressure was doubled to 600 bar. The effect was

more voluminous at high engine speeds; where the combustion process is injection rate-

limited at conventional pressures [96]. Up to 90% reduction in engine-out PM at peak

torque could also be achieved. Also, the faster combustion resulting from the increased

injection pressure allowed earlier combustion phasing to take place without exceeding

the peak pressures. Yet, the benefits of increased injection pressure were attainable only

at high load conditions. That is, below 75% of engine full load, no significant benefits

from higher pressure were accomplished [96]. As far as the drawbacks are considered,

increased injection pressure resulted in harsher combustion with higher noise levels.

However, this could be mitigated by regulating the flow through reducing the nozzle

hole. While the harsh combustion results in increased NOx emissions, higher injection

pressure combined with increased EGR level was effective in keeping NOx emissions

constant diameter [96]. Researches in this field are subjected to further investigation.
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3.5 Utilization of Alternative High-Cetane Pilot Fuels

While conventional diesel fuel is used as a pilot fuel in the majority of NG-diesel dual-

fuel engines at the moment, the utilization of alternative high-cetane fuels as pilot fuels

is promising. It is not only convenient from the perspective of reducing the dependence

on petroleum diesel fuel (i.e. towards a more sustainable transport) but also beneficial

for improving some of the combustion and emissions characteristics of NG dual-fuelled

engine compared with petrodiesel pilot. A variety of alternative high-cetane pilot fuels

may be used:

3.5.1 Biodiesel fuels

Biodiesel fuels have great potential as alternative fuels, either for conventional mono-

fuel compression ignition engines or for NG-diesel dual fuel engines as a pilot; due to

its properties that are similar to diesel fuel [111]. Biodiesel is defined as “fuel comprised

of mono-alkyl esters of long-chain fatty acids derived from vegetable oils or animal

fats”, and it is designated “B100” as formulated in the biodiesel standard ASTM D6751

[112], with European biodiesel standard EN 14214 [113] referring to fatty acid methyl

esters (FAME) as the fuel. This fuel, obtained from an oil or fat by a transesterification

reaction with glycerol as co-product, has a chain length of C14 to C22, a cetane number

higher than petrodiesel (the minimum cetane number of biodiesel is 47 [112] compared

to only 40 with petrodiesel [114]), and a relatively high LHV around 40 MJ/kg [115].

It is also easy to handle because its boiling point is higher than that of diesel fuel, and

it is an environmentally friendly fuel with low smoke and PM emissions as it contains

up to 10% oxygen (volume basis). In view of that, it is considered a promising candidate

as a pilot fuel for dual fuel operation with NG. It is worth mentioning that the word

“biodiesel” should not be mixed up with the expression “renewable diesel”; where the

latter stands for the product that can be obtained from a lipid feedstock (oil or fat) by

hydrodeoxygenation reaction at elevated temperature and pressure in the presence of a

catalyst, as the produced fuel in this case resembles the composition and properties of

petroleum-derived diesel fuel (petrodiesel) [116]. Figure 3.4 presents a simplified flow

diagram for biodiesel and renewable diesel; from transformation to engine combustion.

Transformation techniques and co-products of the processes are also shown [116].
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Recent studies [117, 118] on vegetable (edible frying) oil as a pilot fuel for a common

rail DI diesel engine dual fuelled with NG exhibited analogous results to that obtained

with petrodiesel (or simply diesel) pilot. The IMEP was slightly greater with diesel-NG

compared with biodiesel-NG. While the relatively higher LHV of diesel stands behind

the increased peak pressure, it is also believed that biodiesel has a higher power loss

because of its higher kinematic viscosity compared with petrodiesel [112, 114], as the

power consumption of the common rail pump driven by the engine differs as a result of

the variation of fuel properties (and amounts); even at the same injection pressure [119].

Cylinder pressure traces and HRR trends were analogous in both cases; i.e. diesel-NG

and biodiesel-NG, at the same operating conditions. However, the direct use of straight

vegetable oil implicates some problems such as lube oil dilution, high carbon deposits,

ring sticking, scuffing of the engine liner, and injection nozzle failure [120]. Chemical

modification (such as transesterification and pyrolysis) are therefore essential [121].

Rapeseed methyl ester (RME), a product of methanol transesterification of rapeseed oil

and marketed as biodiesel in Europe, is also a very popular candidate since it performs

very closely to diesel fuel as a pilot in terms of performance and thermal efficiency. It

also exhibits very similar ignition delay and peak cylinder pressure levels [122]. This

is a result of the similar physical properties (such as cetane number - CN) and chemical

properties (such as carbon-to-hydrogen ratio) of the two fuels. At the same time, oxygen

Figure 3.4 Simplified flow diagram for biodiesel and renewable diesel;
from transformation to engine combustion. Ref [116].
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molecules contained in the RME chemical composition provides a higher degree of fuel

oxidation thus compensates for its relatively lower LHV (36.7-40.5 MJ/kg) compared

with petrodiesel (42.5 MJ/kg) [122]. A congruent study [123] also demonstrated similar

overall trends of the exhaust gas emissions, but with a slight increase in NOx emissions

and corresponding reductions in CO and HC emissions primarily because of the oxygen

content of the RME that leads to a more complete combustion at higher temperatures.

Nevertheless, issues related to the sustainability of RME as a first-generation biodiesel

(competition for land with food crops) and effects of long-term use in engines (such as

cylinder deposits, cold weather suitability, solidification, and biodegradation) remain;

especially with the vehicular applications where additional care and more regularity in

maintenance and periodic services of the engine will be required [124, 125].

Other biodiesel fuels have also been investigated. For instance, the use of jojoba-(seed)

methyl ester as a diesel fuel substitute, with a significantly higher cetane number of 63,

results in lower rates of combustion pressure rise, reducing noise and knock tendency

[126]. It also provides comparable power levels and BSFC values relative to the diesel

pilot, but higher CO and HC emissions [127]. The issue with high viscosity could be

addressed via preheating the fuel, upstream the injection pump [128]. One study [129]

on eucalyptus oil (has a cetane number of 53) revealed improved combustion stability

and higher peak cylinder pressure over the entire load range. The ignition delay with

eucalyptus biodiesel pilot was shorter than the petrodiesel; due to higher cetane number,

but the BSFC was higher due to the comparatively lower LHV. Yet, NG DF operation

with both pilot fuels (eucalyptus biodiesel and conventional petrodiesel) showed similar

emissions trends [129]. Another one [130] used pongamia pinnata methyl ester (PPME)

as pilot fuel for NG dual-fuelled CI engine showed better performance and emissions

characteristics of the engine. Although it has lower LHV than petrodiesel, the use of

PPME as a pilot resulted in improved brake thermal efficiency and reduced BSFC;

principally owing to its rich oxygen content that improves the oxidation process upon

thermal decomposition and helps in attaining a better combustion reaction. Also, the

associated higher in-cylinder temperature with PPME results in reduced CO and HC

levels but increased NOx emissions [130]. Other work [131] considered the addition of

diethyl ether (DEE) to pilot at volumetric ratios as small as 5 and 10%, where this was

found to bring about improvement in brake thermal efficiency and in specific energy
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consumption. This is owing to the high cetane number of DEE and its oxygen content,

and hence combustion process is improved. DEE evaporates rapidly and mixes with air

easily; forming a homogeneous mixture [132]. Moreover, its high heat of evaporation

results in overall lower temperature and hence NOx emissions were reduced [131].

In recent years, Dimethyl ether (DME) started to attract increasing attention as a clean

alternative fuel; two decades ago it was considered as a fuel for the 21st century from

the perspectives of environmental conservation as well as energy security [133]. DME

is produced by the conversion of various feedstocks such as NG, coal, oil residues and

biomass, where the particular feedstock is used to generate syngas that is first converted

to methanol, then the methanol is dehydrated to yield the Dimethyl-ether [134]. Figure

3.5 presents a simplified flowchart of the process.

DME maintains gaseous under standard atmospheric conditions (0.1 MPa at 298 K),

but when it is pressurized above 0.5 MPa, it condenses to the liquid phase. Gaseous

DME is denser than air while liquid DME has a density two-thirds that of water [135].

As a fuel, DME is considered a potent replacement for the conventional petrodiesel;

due to its superior auto-ignition characteristics [136]. It has an elevated cetane number

that exceeds 55, and a corresponding auto-ignition temperature as low as 235ºC [137].

It also has higher oxygen content than conventional fossil fuels (about 35%), and no

direct carbon-to-carbon (C-C) bond and hence it produces lower emissions, particularly

PM and HC, than conventional fuels [138]. Still, it suffers from low viscosity and lacks

good lubricating characteristics, which may cause fuel leakage through the fuel supply

system (which relies on small clearances for sealing), and also it could cause intensified

surface wear of moving parts in fuel injection system [139]. It has been suggested the

use of lubricity additives such as Lubrizol (539N), HiTEC additives 4140 (H4140), and

other biodiesel fuels to improve DME viscosity and lubricity [140]. Another drawback

Figure 3.5 Simplified flowchart for the process of producing DME from feedstock.
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of DME is its lower heating value (about 28.4 MJ/kg), and hence it requires almost the

double amount of fuel injected per cycle in order maintain similar engine power output

[141]. Also, the low boiling point of DME and its fast evaporation necessitate keeping

it stored under constant pressure in order to maintain it in the liquid phase and avoid

evaporation [142]. The features of the fuel injection system also differ from those of

petrodiesel one due to the different physical and chemical properties, and hence some

modifications have to be made appropriately [135]. This adds more complexity to the

process, particularly in vehicular applications. To use DME fuel in automotive vehicles,

injector design, fuel feed pump, and the high-pressure pump have to be modified [143].

While the very early works investigated neat DME as a replacement of the petrodiesel

in a mono-fuel operation of CI engines [144, 145], other work examined its blends with

diesel to improve its properties [146], and recently to attain novel combustion modes

such as premixed charge compression ignition (PCCI) [147]. Moreover, the potentials

of DME as an alternative pilot fuel for the dual-fuel operation with NG have also been

investigated [148]. Compared with biodiesel fuels, such as RME, it was found that the

use of DME as a pilot fuel for NG-fuelled CI engines produces lower peak in-cylinder

pressure; where this was attributed to the lower combustion enthalpy of the DME [148].

Table 3.1 presents some of the chemical and physical properties of DME as well as

RME; in comparison with Diesel [148].

Property DME RME Diesel fuel

Chemical formula C2H6O C21H38O2 CnH1.8n

Density (kg/m3) 668 (liquid) 880 827-840

Lower heating value (MJ/kg) 28.4 36.7-40.5 42.5

Cetane number 55 ≈54 52

Stoichiometric air/fuel ratio (kg/kg) 9.0 12.6 14.5

Auto-ignition temperature (C) 235 170 250

The thermal efficiency of NG engines with pilot DME is consistently lower than those

with RME pilot throughout the entire load range; also due to the lower LHV [148]. On

the other side, DME evaporates instantaneously when injected into the cylinder; and

Table 3.1 Some of the chemical and physical properties of DME, RME and Diesel fuel.
Adapted from [148].
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hence mixes uniformly with the NG-air mixture. This results in a noticeably smoother

combustion process [149]; combustion of DME is therefore known for generating lower

levels of noise than conventional petrodiesel [150]. The evaporation of the DME as it

is injected into the combustion chamber also cools the charge. When this cooling effect

is combined with the comparatively slow flame propagation and the lower temperature

(associated with lower pressure), the result is a significate reduction in NOx emissions;

particularly at part loads [148]. Conversely, the slow flame propagation generated by

the DME pilot coupled with its cooling effect could bring about higher CO as well as

HC levels at low and intermediate equivalence ratios; compared with RME [148]. The

undisputed advantage of the DME, nevertheless, stands as the almost zero smoke levels.

When used as a pilot fuel for NG engines, no smoke readings (in units of Bosch smoke

number) could be detected [148].

3.5.2 Emulsified fuels

Emulsified fuels, aka water-in-fuel emulsions, are typically petrodiesel or biodiesel fuel

mixed with varying concentrations of water; and they are used as fuels for regular diesel

engines [151]. The physical and chemical properties of water-in-fuel emulsions depend

significantly on the way by which the emulsions are prepared [148]; several approaches

are employed to produce the emulsion. For instance, one study [152] used a mechanical

emulsifier made of an electric motor driving a chopper blade inside a mixing chamber.

Another one [153] used an ultrasonic vibration machine. Different emulsifying methods

employed can produce water-in-fuel emulsions with comparatively varied properties;

where the most influential ones are density, viscosity, and bulk modulus of elasticity

[154]. These properties are reflected on the emulsification characteristics, such as the

water droplets dispersion-and-separation rates and the emulsion stability; thus affecting

engine combustion and emission characteristics [155]. Water-in-oil (W/O) emulsions

prepared using ultrasonic vibrators have more favorable emulsification characteristics

than emulsions produced using mechanical homogenizers [155]. Better characteristics

include smaller mean droplet size and larger number of droplets, better distribution and

more homogeneous emulsion, stronger intermolecular bonds, and friction forces, and

higher emulsification stability and lower separation rate. Figure 3.6 shows microscopic

photographs of two emulsions prepared with the two different methods and compares
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their properties with neat diesel fuel. Regardless of the preparation method, chemical

mixing agents or surfactants such as Span 80 (Sorbitan monooleate) and also Tween 80

(Polyoxyethylene Sorbitan monooleate) could be used to stabilize the emulsions [156].

The use of stabilized emulsions in DI diesel engine in the place of the conventional

diesel fuel results in an improved air-fuel mixing process. One reason for this is the

additional momentum in jet behavior due to the water entrained in fuel molecules [157].

Nevertheless, the prime reason stands as a phenomenon called “micro-explosion” in

which the emulsified fuel droplets explode violently during combustion as a result of

vaporization of the entrained water; allowing more ignition points to be distributed

throughout the entire charge [158]. Droplet group micro-explosions in emulsion sprays

is induced by the volatility difference between the water and the fuel [156], and it occurs

on a turbulence eddy scale near the outer layer and the spray head. These explosions

possess enough energy to eject torn droplets to a distance several millimeters away from

the spray boundary, improving atomization, evaporation, and air-fuel mixing processes

[159]. The concept of the micro-explosion phenomenon is graphically illustrated in Fig.

3.7 [160]. Since the physical processes of the liquid fuel combustion take much longer

Figure 3.6 Microscopic photographs of W/O emulsions prepared by
(A) mechanical homogenizer and (B) ultrasonic vibrator;
and a comparison of their properties with neat diesel fuel.
Adapted from [155].
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time than the chemical reaction, micro-explosions can speed up flame propagation and

combustion rate [159]. It has also been reported that diesel emulsion exhibits improved

combustion efficiency. The engine torque, power, and brake thermal efficiency increase

as the water percentage in the emulsion increases [161].

As far as the use of W/O emulsions as a pilot for NG dual-fuelled engines is considered,

it has been shown that RME emulsion as a pilot is beneficial for engine combustion and

emissions [152]. This has been observed with different compositions of water-in-RME

emulsions (i.e. 5% as well as 10% water-in-RME emulsions) [148]. The water content

in the pilot emulsion plays two different roles. From one side, the micro-explosion

phenomenon of the water droplets entrained in the emulsion results in a better mixing

process, which eventually leads to higher thermal efficiency, particularly at low engine

speeds. From the other side, the vaporization of the water droplets absorbs energy from

the surrounding air; hence lowering the in-cylinder temperature. It was found that the

rate of pressure rise with the 10% emulsified pilot fuel is higher than that associated

with the 5% emulsified pilot fuel; suggesting that the micro-explosion phenomenon and

the consequential better distribution of the fuel across the combustion chamber are the

governing factors in this condition. With regard to the peak in-cylinder pressure, in the

same way, 10% emulsion exhibited a higher value of peak cylinder pressure compared

with the 5% one [148]. Both emulsions, though, produced lower peak pressure values

compared with the neat RME pilot; owing to the cooling effect of the water content

Figure 3.7 The concept of the micro-explosion phenomenon. Ref [160].
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evaporation. For the same reason, ignition delay was always longer with the emulsions

relative to the neat RMR pilot [152]. However, some inconsistencies could be noticed

in the results reported with regard to the effect of percentage of water content. That is,

the results reported by [152] reveal that ignition delay will always be shorter with higher

water content of the emulsion; at all engine speeds, while in the work presented in [148]

this was the case only at low engine speed (1000 rpm), while at higher speed (1500

rpm) 5% emulsified pilot fuel exhibited shorter ignition delay that the 10% one. The

authors [148] attributed the difference in trends at different speeds to the quality of the

emulsions themselves. In their setup, they had a measuring flask in which the emulsion

would stay undisturbed as the engine consumed them as pilot fuel, and then it would

travel down a fairly long fuel line before entering the engine fuelling system [148]. As

a result, there was separated water in the fuel line during operation, and hence it cannot

be guaranteed that the appropriate amount of water remained in the injected volume of

the emulsion during the injection period. The anticipated separation of the emulsion

along the fuel line might also be the reason behind the engine stalling at high loads; as

reported by the authors [148, 152]. Regarding exhaust emissions, it was found that the

emulsified pilot fuels produced lower amounts of NOx than neat RME, especially at

lower equivalence ratios. This was attributed to the cooling effect of the water content

evaporation, which lowers the combustion temperature. At higher equivalence ratios,

nevertheless, the micro-explosion phenomenon and the resulting improved distribution

of fuel droplets improves the combustion process. Accordingly, NOx emissions of the

emulsified fuel increased to approach that of neat RME [148]. The case is reversed with

CO and HC emissions, where the same reasons now affect in the opposite way. Lower

combustion temperature (due to water evaporation effect) leads to higher CO and HC

emissions, while improved mixing and droplet distribution (because of micro-explosion

phenomenon) reduces CO and HC emissions [148]. The water content of the emulsions

also brings about a different effect on PM. The better mixing can prevent the formation

of locally rich pockets that could form soot; however, the cooling effect could prevent

the oxidation of the already-formed soot particles [148, 152]. To conclude, smoke levels

were, in general, slightly lower with emulsified pilot fuels when compared with dual-

fuel operation with neat pilot fuels [152].
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3.6 Utilization of Various Additives

Whereas the effect of NG composition on combustion process and exhaust emissions

characteristics has been addressed in some researches [80] and discussed in Chapter 2,

the fact that several additives may be introduced to the cylinder of NG-diesel dual-fuel

engines calls for more research in this field. Additives could be influential upon engine

performance and combustion stability in addition to exhaust emissions characteristics

and knock tendency, yet not of all their effects are well known and they do need more

careful study. Some of these additives are highlighted hereinbelow.

3.6.1 Addition of H2

Hydrogen as a fuel has extraordinary combustion characteristics. Its unique properties

compared to conventional liquid fuels like gasoline, as well as gaseous fuels like NG,

makes it a challenging yet promising fuel for ICEs; Table 3.2 lists some properties of

hydrogen compared with methane and iso-octane (chosen to represent NG and gasoline,

respectively, as it is more accurate to define the properties of single-component fuels)

[162]. There has been some continued progress in the development of hydrogen-fuelled

internal combustion engines (H2ICEs) in the last two decades [163, 164]. Most recent

reviews, such as [165], also exhibited a particular interest in H2 addition to the efficient

CI engines. However, some limitations still hinder its widespread application as engine

mono-fuel, where those are related to its production, storage, portability, transport, and

purity [166].

Property Hydrogen Methane Iso-Octane

Molecular weight (g/mol) 2.016 16.043 114.236

Density (kg/m3) 0.08 0.65 692

Mass diffusivity in air (cm2/s) 0.61 0.16 ~ 0.07

Minimum ignition energy (mJ) 0.02 0.28 0.28

Minimum quenching distance (mm) 0.64 2.03 3.5

Flammability limits in air (vol%) 4-75 5-15 1.1-6

Flammability limits () 0.1-7.1 0.5-1.67 0.66-3.85

Lower heating value (MJ/kg) 120 50 44.3

Stoichiometric air/fuel ratio (kg/kg) 34.2 17.1 15.0

Table 3.2 Hydrogen properties compared with methane and iso-octane.
Data given at 300 k and 1 atm. Adapted from [162].
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There has been a continuous research work considering NG-H2 blends as fuels in ICEs

as these blends are attracting an increasing attention [167-169]. Taking advantage of

the existing infrastructure of NG; it has been reported that H2 could be introduced in

increasing proportions up to 20% to the existing NG pipelines with no modifications

necessary [169]. The addition of H2, in small percentages, to the cylinder charge of NG-

diesel DF engines presents a potential solution for mitigating some of the drawbacks of

these engines; especially at part loads. H2 has wide flammability limits, low minimum

ignition energy, and high laminar burning velocity, and hence it enhances the limited

lean-burn capabilities of NG at low loads where the mixture strength is considerably

weak, increases the engine stability, and reduces the coefficient of variation (COVIMEP)

[170, 171]. The addition of H2 to NG is useful to the ignition of the air-fuel mixture and

the subsequent initial flame kernel establishment and development, which also results

in increased HRR and thermal efficiency [172]. It has been reported that the total BSFC

was considerably reduced when H2 was added in small percentages to NG-diesel dual

fuel engine, where this drop was accompanying a decrease in CO and HC emissions;

revealing an improvement in gaseous fuel combustion [173]. The increased flame speed

and the associated higher peak cylinder pressure with hydrogen addition result in a more

efficient expansion work; further improving the thermal efficiency [174]. Hydrogen-

enrichment becomes even more influential at higher air-fuel ratios, where the unstable

and incomplete combustion leads to high emissions and poor performance [81]. While

NG (predominantly composed of methane) has one of the lowest carbon-to-hydrogen

ratios among hydrocarbon, hydrogen is a free-carbon fuel and hence enriching NG with

H2 brings about lower CO2 emissions. It should yet be taken into consideration that H2

addition leads to the conversion of a considerable portion of CO into CO2 as a result of

attaining a more complete combustion of the gaseous fuel. Furthermore, the improved

combustion process and the associated higher cylinder temperature generate more NOx

emissions for the same air-fuel ratio [173]. Nevertheless, the addition of H2 extends the

lean combustion limits and allows NG-diesel dual-fuel engines to operate at higher air-

fuel ratios; i.e. with leaner mixtures. As the combustion temperature decreases with the

reduced mixture strength, combining hydrogen addition with higher air-fuel ratios can

lead to a net reduction in NOx emissions [81].
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It is evident from the literature that the majority of the works related to these blends are

considering their usage in SI engines, while the studies related to enriching NG with H2

in CI engines with pilot diesel fuel are very limited.

3.6.2 Addition of EGR

Exhaust gas recirculation (EGR) may be used to improve combustion and emissions

characteristics of NG-diesel dual fuel engines; particularly at low to intermediate loads.

At such load conditions, the engine suffers from lower thermal efficiency and higher

CO and HC emissions; owing to the weak mixture strength and the associated poor fuel

utilization efficiency [175]. When employing EGR, a portion of the unburned gas in the

exhaust from the previous cycle is recirculated, and expected to possibly re-burn in the

succeeding cycle; resulting in a reduction in the unburned fuel and an improvement in

thermal efficiency, while also reducing CO emission [176]. At engine half load, using

20% EGR (defined on mass basis as the percent of total intake mixture that is recycled

exhaust [39]) can increase the brake thermal efficiency of a DF engine by 2% [30]. At

high loads, however, the amount of NG introduced into the cylinder is increased, and

hence the amount of oxygen available for combustion decreases. The presence of EGR

further aggravates the problem and the combustion process is deteriorated. The brake

thermal efficiency is therefore reduced with EGR at these conditions [175].

Besides, the dilution effect of EGR (the reduced oxygen concentration as the EGR

replaces some of the fresh intake charge [177]) increases the mixture heat capacity and

lowers the in-cylinder temperature; and hence NOx emissions are reduced substantially

[178]. The higher the percentage of EGR is employed, the larger the reduction of NOx

is achieved. It was reported that more than 60% reduction in NOx emissions of a dual-

fuel engine at half load conditions could be achieved by employing 20% EGR (mass

basis) [30]. However, PM is increased as NOx is reduced; where this is attributed to the

lowered oxygen concentration. When EGR is further increased, the engine reaches

operation zones with higher instabilities, increased carbonaceous emissions, and power

losses [175]. Nevertheless, the use of EGR is effective to reduce the combustion noise

(as represented by the maximum rate of pressure rise) [179]. The use of EGR in NG-

diesel dual-fuel engines also reduces the in-cylinder peak pressure and hence extends

the engine life. The effect gets more visible with the increase of EGR percentage. At
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engine half load, for instance, it was more than 8% reduction in the in-cylinder peak

pressure of a plain DF engine is possible when employing 20% EGR (mass basis) [30].

While there has been some notable research work with regard to studying the effect of

utilization of EGR in NG-diesel DF engines, some uncertainties still do exist. Those, in

particular, are related to the optimum EGR percentage to attain large reduction of NOx

emissions without compromising the thermal efficiency. This value is expected to vary

significantly with the operating conditions; where high load involves the use of a larger

amount of NG on the account of air. Reduced air concentration makes high EGR ratios

unachievable, although NOx emissions are naturally elevated in these conditions due

to high temperatures. Another topic is related to the stationary applications where EGR

temperature could be controlled independently of the engine cooling circuit. Additional

studies are required to look into the compromise between using cooled EGR (to attain

more reduction in NOx as well as combustion noise) and hot EGR (to improve thermal

efficiency) still need to be tailored properly to suit specific operating demands.

3.6.3 Simultaneous addition of EGR and H2

In the conditions where large reduction of NOx is required, higher levels of EGR ought

to be employed. With elevated EGR levels, nevertheless, combustion process highly

deteriorates due to the large dilution of the charge with the exhaust gas [180], and

consequently, CO, HC, and PM emissions increase substantially [181]. One proposed

solution that could maximize the potential benefits of using large amount EGR is to use

a fuel additive to enhance combustion stability; where hydrogen is believed to be the

best candidate that has been studied for NG-fuelled engines [81]. With exceedingly

unstable operating conditions of the engine represented by low-load, low-speed, as well

as elevated EGR ratios as high as 40% (volume basis - calculated as the percentage of

CO2 concentration in the intake to that in the exhaust; according to [40]), the addition

of H2 to the charge (23% volume basis) significantly enhances the overall combustion

event, improves the engine stability and reduces the COVIMEP [182]. The addition of H2

does increase the reactivity of the gaseous fuel and hence tends to counterbalance the

slow mixing and combustion rates commonly encountered with the utilization of high

EGR amounts [81]. Besides, engine-out GHG are noticeably reduced with H2 addition;

where the CO2 emissions are reduced due to the lowered carbon-to-hydrogen ratio of
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the blended gaseous fuel, while CH4 emissions are reduced as a result of the enhanced

overall combustion. At part loads, a 10% increase in hydrogen in the fuel could reduce

the GHG emissions by 5% [182]. Besides, the presence of H2 in the combustion zone

increases the concentrations of active radicals; typically, H, OH, and O, where these

highly reactive molecules are helping to provide more rapid oxidation of the unburned

fuel and partial-combustion species; including CO and HC [183]. Generally, HC and

CO emissions were reduced by 15%-20% for every 10% increment in H2 concentration

in the fuel, mainly due to the improved combustion stability. PM emissions, in turn,

were reduced by 10% for the same increment, where this was attributed to reductions

in the black-carbon content of the PM. Sufficiently high concentrations of hydrogen in

the fuel can virtually eliminate emissions of BC particulate [182]. However, the higher

reactivity of fuel associated with the increase of hydrogen concentration also increases

NOx emissions. That is, the increase in NOx emissions could be attributed to both the

increased combustion intensity and in-cylinder temperatures, and the increased prompt-

NO formation due to increased OH radical concentrations [183]. However, operating

at higher EGR fractions could offset these increases in NOx while maintaining good

combustion stability and low levels of CO, HC, and PM emissions [182].

It appears clearly that further research on this particular topic is essentially required as

only limited studies have considered that issue; while heavy-duty CI engines (the main

target of this approach) usually involve the use of EGR. One potent approach is the use

of exhaust gas fuel reforming, to produce a hydrogen-rich combustible gas that is then

fed to the engine. This will be discussed in Chapter 7 as a potent way to improve the

light load operation of DF engines.

3.6.4 Addition of O2

The addition of oxygen to combustion air, aka oxygen-enriched combustion (OEC), has

been shown to reduce overall fuel consumption [184]. In NG-diesel dual fuel engines,

oxygen enrichment improves the combustion process at low loads and reduces knock

tendency at high loads [185]. At low load conditions where NG-diesel dual fuel engines

suffer from noticeably lean mixtures, the addition of oxygen improves the combustion

stability and prevents misfiring as the partial oxidation reactions are accelerated [186].

The promoted combustion and the increased reaction activity enable a larger portion of
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gaseous fuel to be entrained in the oxidation process; reducing the BSEC. About 7%

reduction in BSFC could be obtained in NG-diesel dual-fuel engines at part load; should

the oxygen concentration of the cylinder is increased from 21% (i.e. normal air) to 30%

[185]. At high loads, the utilization of large amount of NG leads to a prolonged ignition

delay [175], and hence allows more time for heat transfer to the end gas; which results

in a tendency to knock [187]. Oxygen addition counteracts that effect; it decreases the

ignition delay and shortens the combustion duration, and thereby lowers the tendency

to knock. It was reported that more than 18% reduction in the maximum ROPR can be

attained if the oxygen concentration of the cylinder is increased from 21% to 25% [185].

As far as exhaust emissions are considered, OEC is considered advantageous from some

perspective. The variation of HC in the exhaust gas is consistent with the quality of the

combustion process, while the rate of CO formation is a function of the unburned fuel

availability and the mixture temperature [25]. Oxygen-enrichment improves the overall

combustion process and flame propagation, increases the in-cylinder temperature, and

enhances the oxidation process of crevice and deposit-layer hydrocarbon. In addition,

the reduced ignition delay as a result of oxygen-enrichment eliminates the diesel pilot

spray over-penetration; preventing the unwanted fuel impingement on the cylinder

walls. It also reduces the amount of fuel mixed beyond the lean flammability limit that

is not able to auto-ignite or sustain a fast reaction front [188]. Consequently, both HC

and CO emissions are considerably reduced. About 28% reduction in brake specific HC

and CO emissions can be attained at medium load when the oxygen concentration of

the cylinder is increased to 30% [185]. OEC also exhibits a substantial drop in the diesel

pilot smoke levels; where high oxygen-enrichment ratios at high load conditions may

lead eventually to almost zero soot [185]. However, the increase of NOx emissions is a

key issue for this technique, since the cylinder temperature increases with the increased

oxygen content. Still, this can be moderated by the utilization of water-emulsified diesel

along with the oxygen enrichment [189]. Nevertheless, while the emissions trends with

oxygen enrichment are quite predictable, there are yet some uncertainties relating to the

knocking behavior of NG-diesel DF engines. For instance, excessive oxygen addition

at high load conditions may lead to severe knock. This is attributed to the increase in

laminar flame speed, which causes the burned mixture to rapidly expand and compress

the unburned NG-air mixture; leading to a knocking condition [185]. The elevated peak
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cylinder pressure with OEC [190] should be dealt with care not to cause damage to

engine structure. All in all, OEC in NG-diesel dual-fuel engines needs further works in

order to assess its validity for different conditions.

3.7 Conclusions

In this chapter, the areas that require further work on the topic of NG-diesel DF engines

were identified and discussed. Some of the key conclusions are:

 Splitting the diesel pilot into a pre-injection followed by the main injection has the

capacity to change the combustion mode from conventional diesel dual fuel (DDF)

mode into novel, two-stage, partially premixed dual fuel (PPDF) combustion.

 Compared with DDF, PPDF combustion shows the ability to improve fuel economy

and reduce emissions. Combustion efficiency with PPDF mode could exceed 98%,

with a minimal slip of CH4.

 The benefits of PPDF mode are best observed at medium loads. At high loads, the

mass of the pre-injection part of the pilot is limited by the maximum peak pressure

and ROPR, while at light loads it could be too small and potentially lose it effect.

 Direct injection of NG inside the engine cylinder maintains the maximum air mass

flow entering the cylinder, and provides a high degree of charge stratification. This

extends the lean flammability limits and allows the engine to run on less diesel and

more gaseous fuel. A special centrally-located HPDI multi-fuel injector is used to

directly inject both fuels inside the cylinder. Pilot diesel could be as low as ≈2% 

with this technique.

 DF engines with HPDI of NG maintain comparable power output and brake thermal

efficiency levels to those attained with conventional diesel engines, but with up to

40% and 65% reduction in NOx and PM; respectively. However, this technology is

expensive and adds more complexity and less flexibility to the system.

 Common rail fuel systems with pressures up to 3200 bar improve the performance

of DF engines. Increasing NG injection pressure increases the mass flux of the fuel

and the degree of turbulence inside the cylinder; highly enhancing the combustion

event. More improvement is achieved if advanced injectors with a larger number of

nozzle holes of smaller diameters are used.
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 The use of alternative high-cetane pilot fuels reduces the dependence on petrodiesel

and potentially improves some combustion and emissions characteristics. Biodiesel

and emulsified fuels are amongst the most promising ones. The high oxygen content

of biodiesel (up to 10% v/v) provides better oxidation and lower smoke and PM.

 The water content of emulsified fuels lowers the combustion temperatures and NOx

emissions, while the “micro-explosion” phenomenon produces more ignition points

throughout the entire charge. However, the effects of biodiesels and their emulsions

on long-term use in engines (such as cylinder deposits, cold weather suitability, and

biodegradation) are questioned.

 Hydrogen-enrichment mitigates some of the DF engines drawbacks, particularly at

part loads. It enhances the limited lean burn capabilities of NG, increases the engine

stability, and reduces the COVIMEP. Total BSFC is considerably reduced, while CO

and HC emissions become lower. However, higher cylinder temperature generates

more NOx emissions. The combination of EGR and hydrogen could be used in the

conditions where large reduction of NOx is required without sacrificing the engine

performance.

 Oxygen enrichment of NG-diesel DF engines improves combustion stability at low

loads and decreases knock tendency at high loads. The more complete combustion

reduces CO and HC emissions and substantially lowers smoke levels; yet increases

NOx emissions.
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4 Experimental Facilities and Data Processing

4.1 Introduction

This chapter provides a detailed description of the experimental facilities used in this

study. This covers the two test engines, the test bed facilities and auxiliary systems, the

fueling system, the data acquisition system and instrumentations, and the software and

control measures. The procedures of data collection and processing are then presented.

These include the methodology to determine the top dead center of the piston position,

the synchronization of cylinder pressure data with the corresponding crank angle degree

values, and the data post-processing to filter any noise interference in the signal. The

zero-dimensional single-zone combustion model used in the heat release calculations is

then considered. Finally, indicated work determination and the engine stability criteria

are discussed.

4.2 Experimental Facilities and Setup

4.2.1 Engines and test bed

The first part of the experimental work in the present study has been carried out on a

Ford Puma (ZSD 424 Range) four-cylinder, 2.4 liters, turbocharged intercooled direct

injection diesel engine. The main specifications of this engine are listed in Table 4.1.

The engine has a mechanical injection system, in which a chain-driven rotary distributor

fuel injection pump supplies the diesel fuel to the mechanical injectors. The quantity

and timing of injection are controlled by the Engine Control Unit (ECU). This engine

is referred to throughout the thesis as the distributor pump (DP) engine. The engine was

mounted on the test bed, and tested and commissioned by some former researchers;

including [191]. Figure 4.1 shows general view of the DP-Engine mounting on the test

bed. In the present contribution, this engine has been used only under diesel operation,

as a part of the investigations aiming at the influence of FIE on combustion and heat

release characteristics in CI engines. The details of this study are given in Appendix A.
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Model Ford Puma (ZSD 424 Range)

No. of cylinders 4

Capacity 2.4 litres

Cooling system Water cooled

Induction system Exhaust Gas Turbocharged, Intercooled

EGR system Electronically controlled EGR system

Bore 89.9 mm

Stroke 94.6 mm

Con. rod length 149.8 mm

Compression ratio 18.4:1

Rated power 88 kW @ 4000 rpm

Maximum torque 240 Nm @ 2300 rpm

Fuel injection system Direct injection, Rotary distributor pump, Mechanical injectors

Fuel injector opening pressure 200 bar

Induction System Turbocharged, Intercooled

Combustion system Bowl in piston

Valves per cylinder 2 intake; 2 exhaust

Figure 4.1 Ford Puma (ZSD 424) 2.4 liters DP-Engine mounted on the test bed.

Table 4.1 Main specifications of the DP-Engine used in the present work
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The second and main part of the experimental work in the present study has been carried

out on a Ford Puma (Duratorq ZSD 422 Range) four cylinder, 2.2 liters, turbocharged

intercooled direct injection (DI) diesel engine. The specification of this engine is given

in Table 4.2. This engine has a high-pressure common-rail fuel injection system; where

the injection pressure could be controlled independently of the engine speed or injected

fuel quantity, and is generated by a high-pressure pump develops a pressure as high as

1800 bar. This engine is referred to as the common rail (CR) engine. The high-pressure

pump is electronically controlled via the Engine Control Unit (ECU). Figure 4.2 shows

general view of the CR-Engine. This engine has been first tested under diesel operation

to complement the studies regarding the effect of FIE, then it has been converted to

dual-fuel (DF) operation using methane and diesel fuel. The studies of DF operation

are presented in Chapters 5 and 6.

Figure 4.2 Ford Puma (ZSD 422) 2.2 liters CR-Engine mounted on the test bed.
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Model Ford Puma (ZSD 422 Range)

No. of cylinders 4

Capacity 2.2 litres

Cooling system Water cooled

Induction system Turbocharged, Intercooled

EGR system Electronically controlled EGR system

Bore 86.0 mm

Stroke 94.6 mm

Con. rod length 149.8 mm

Compression ratio 15.7:1

Rated power 110 kW @ 3500 rpm

Maximum torque 380 Nm @ 2000 rpm

Fuel injection system High-pressure common-rail (HPCR)

Common rail pressure 1800 bar

Combustion system Bowl in piston

Valves per cylinder 2 intake; 2 exhaust

When installed, the engine under test has been directly coupled to a David McClure DC

electric motor regenerator dynamometer through a modified version of the standard

gearbox; where the internal gears were removed and replaced with a linking propeller

shaft. The alignment process of the coupling and shaft has been carried out carefully to

reduce any changes over the long-term operation [192]. The dynamometer has a rated

power of 90 kW and a maximum speed of 4000 rpm, and it is controlled by a DC drive

unit that maintains steady speed motoring/absorbing operation against varying torque.

Some modifications were necessary to allow test bed usage. The engine alternator was

run unloaded, and the standard battery used was charged through the mains via a battery

power pack. The battery has been used to power the DP-Engine electronics, but a set of

main power suppliers have been used with the CR-Engine instead. For both engines,

the glow-plugs were removed and replaced by pressure transducers to measure the in-

cylinder pressure. Further, for the DP-Engine, in particular, the standard power steering

pump originally fitted have been kept only for the convenience of running the accessory

belt, while its high-pressure outlet has been routed back, via a finned cooling tube, to

the fluid reservoir.

Table 4.2 Main specifications of the CR-Engine used in the present work
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Both engines have external high-pressure loop Exhaust gas recirculation (EGR); where

the EGR, after passing through a coolant-fed heat exchanger for cooling, is introduced

into the intake pipe downstream the compressor and the intercooler. Figure 4.3 provides

a schematic diagram of the engine induction and exhaust systems.
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The radiator of the coolant system was replaced with a counter-flow shell-and-tube heat

exchanger, which rejected the heat to cooling water pumped from the cooling plant of

the laboratory. A water-to-air intercooler has been used in the place of the original air-

to-air intercooler with an independent cooling circuit for the intercooler coolant. The

standard EGR cooler and Oil cooler have been retained. Figure 4.4 presents a schematic

diagram of the test bed cooling circuits; for the engine, the intercooler, the EGR cooler,

and the Oil cooler.

Figure 4.3 Schematic diagram of the engine induction and exhaust systems.
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The standard fuelling system in both engines is originally controlled via the ECU using

a drive-by-wire electronic accelerator pedal position (APP) sensor. For test bed purpose

with the DP-Engine, fuelling quantity was preset using a potentiometer mounted in the

main control panel. With CR-Engine, the pedal outputs 2 signals inversely proportional

to each other, and fuelling quantity was controlled via a homemade pot-box comprises

a set of two 10-turns potentiometers oppositely attached to the center of rotation of the

control wheel. With both engines, the speed was made independent of fuelling quantity

and controlled through regulating the dynamometer speed.

For methane-diesel DF tests on CR-Engine, the intake manifold was modified to allow

for gaseous fuel utilization. The modification involves attaching a special gas injection

system, comprising a gaseous fuel rail and mixing section, where the gaseous fuel is

injected and mixed with the intake stream before being admitted to the engine. This

section is fitted with a thermal fuse that melts if the temperature goes higher than a

120ºC; indicating the incidence of flame flashback in the intake manifold. As the fuse

melts, it cuts the power to the gas injectors immediately. Figure 4.5 shows a photograph

of the gaseous fuel injection section as attached to the intake manifold.

Figure 4.4 Schematic diagram of the test bed cooling circuits. Arrows show the potential
directions of the flow. Colours are for clarification only. Not to scale.
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A dedicated gaseous fuel supply system was designed and executed by the author of

the present work. All system parts in contact with the gaseous fuel are made from 316L

Stainless Steel. Gaseous fuel (99.95% CH4) was supplied from commercial compressed

gas bottles of 50L capacity. The gas pressure is first reduced from the bottle pressure

of 200 bar to 15 bar via a single-stage high-pressure (HP) regulator. The gas then flows

through an arrangement of seamless and flexible tubes by to a single-stage low-pressure

(LP) regulator; where the pressure is brought down to the injectors working pressure of

6 bar. The gas then passes through a thermal mass flow meter before being fed into the

gas injection rail. That is, the gas flow rate was measured as it is being injected into the

intake manifold; no provision was made to measure the actual amount of gas entering

to each individual cylinder. Measuring the gas flow rate on global basis has the problem

of encountering a variation of the gas amount from cylinder-to-cylinder. Reasons for

that could be any possible lag in the electric signal fed to the injector solenoid, the non

uniformity of low inside the intake manifold, and any difference in the valve timing due

to non-matching of the cam profile. All of these variations do exist but they are very

difficult to account for. This is not expected to largely influence the present work as

any potential error remains marginal. The complete system has been fitted with several

safety measures, including a pressure relief valve, isolation valves, on top of flashback

arrestors. The details about the safety measures can be found in Appendix C.

Figure 4.5 Gaseous fuel injection system; (a) General view of the setup within the intake
manifold, and (b) the arrangement of gas supply line, gas rail, and injectors.

(a) (b)



4 EXPERIMENTAL FACILITIES AND DATA PROCESSING

93

Figure 4.6 presents a schematic diagram of the gaseous fuel system, and a descriptive

photograph of gas system piping and control measures is presented in Fig. 4.7.
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Figure 4.6 Schematic diagram of the gaseous fuel system. Not to scale.

Figure 4.7 Gaseous fuel piping system; (a) the compressed gas cylinder complete with the HP
regulator and the FB arrestor, and (b) the LP side comprises LP regulator, supply
line fitted with gas flow meter, and venting system complete with FB arrestor.

(a) (b)
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4.2.2 Data acquisition and instrumentation

Experimental data were acquired to a PC through an integrated data acquisition system

and control programs. Although the basic structure of the setup is almost the same, the

hardware and software arrangement used differ between DP-Engine and CR-Engine in

some aspects. With DP-Engine, two categories of parameters were measured. Those

are the engine standard variables and the additional measurements. Standard variables

are those measured in vehicles via the ECU, such as the fuel demand and injection

timing. In the experimental setup, those variables were still measured via the ECU. The

output of the ECU was to a network hub connected directly to the PC through a USB.

This hub is the main interface to the software, namely ATI Vision, installed on the PC

to collect the signals from the ECU and from other external sources. It is also be used

to program the ECU and perform a real-time calibration. Figure 4.8 shows a screen-

shot for the ATI user interface for the project file used in the present work.

Figure 4.8 A screen-shot of the ATI user interface.
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Other than engine variables, several additional measurements were taken to fulfill the

test requirements. Type-K thermocouples were fitted throughout to measure the coolant

temperatures, oil temperatures, intake and exhaust manifolds temperatures, and fuel line

temperature. The signals generated were then fed to external data acquisition (EDAQ)

modules for thermocouples; by ATI. The output of those modules was routed to the

network hub then to the PC; to be read and processed by the ATI Vision software.

A set of Kulite PT-2054 non-amplified pressure sensors and Kulite PT-2028 amplified

pressure sensors were used to measure oil pressure, intake Manifold Absolute Pressure

(MAP), and exhaust manifold pressure. A Horiba MEXA-7000 Exhaust Gas Analyzer

was used to measure the concentrations of CO2 in both the intake and exhaust manifold

so the actual EGR percentage can be determined; as per equation (5.1). The produced

analog signals were then fed to an EDAQ module of analog inputs; by ATI. The output

of the EDAQ analog input module was routed to the network hub then to the PC; to be

read and processed by the ATI Vision software.

Two Kistler 6055C piezoelectric non-cooled combustion pressure sensors were used to

measure the in-cylinder pressure in cylinders 2 and 4. The output signal of each pressure

transducer was fed to a Kistler 5011 charge amplifier comprising a high-gain inverting

voltage amplifier with a MOSFET input for high insulation resistance. A Hohner W-

series, model W2D11R, incremental optical encoder was used to monitor the crankshaft

position. The encoder was attached to the free end of the crankshaft via a mounting

bracket and flexible coupling. This encoder is suitable for a rotational speed up to 6000

rpm, and it has two output signals; a repetitive pulse every half degree of crankshaft

rotation (i.e. 720 pulses pre revolution), and a reference pulse every complete revolution

(360º). The repetitive pulse signal is referred to as “Index-A” signal, or the clock signal,

while the reference signal is referred to as “Index-Z” signal, or the encoder TDC

marker. The two signals, along with the output voltage signal from the charge amplifier,

were routed to a National Instrument (NI) PCI-MIO-16E4 high-speed (250 kHz) 12-bit

resolution ADC card installed on the PC for data acquisition process. To obtain crank

angle-synchronized cylinder pressure data, a dedicated program has been written in

LabVIEW environment, in which the data acquisition process has been triggered by the

encoder’s Index-Z signal and clocked (timed) by the encoder’s Index-A signal.
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Figure 4.9 shows a schematic diagram of measurement circuits for different variables

for DP-Engine.
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With the CR-Engine, advanced NIRA common rail diesel engine management system

was used. The system comprises a NIRA-i7r engine control unit complete with NIRA-

rk application tool for loading the software program, tuning the engine data, monitoring

etc. NIRA-i7r ECU is connected to the PC, where NIRA-rk application tool is installed,

through a dedicated dongle. Engine standard variables, including diesel fuel injection

parameters (mode, timing, and quantity) were measured and controlled by this system,

while the gaseous fuel consumption in dual-fuel experiments was measured through a

thermal mass flow meter, model F-113AI by Bronkhorst, then imported into a dedicated

software. The gas injection quantity and duration were controlled through the NIRA-rk

software. Figures 4.10 shows a screen-shot of the NIRA-rk user interface.

Figure 4.9 Schematic diagram of the test rig instrumentations and measurement
circuits for DP-Engine. Not to scale.
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Type-k thermocouple signals were acquired by a NI-9213 thermocouple module on a

cDAQ-9171 Compact DAQ chassis connected directly to the PC through a USB cable.

The signals were monitored and recorded in LabVIEW environment. The same set of

Kulite PT-2054 and Kulite PT-2028 pressure sensors were used to acquire the different

pressure values throughout, but the output signals were fed to X-Series NI USB-6351

16 AIs, high-speed (1 MS/s multichannel), 16-bit resolution ADC card; connected

directly to the PC through a USB cable. The signals have been monitored and recorded

using LabVIEW. Also, the same arrangement of Kistler 6055C piezoelectric pressure

sensors and Kistler 5011 charge amplifiers were used to measure and manipulate the

in-cylinder pressure data from cylinders 1 and 3. Likewise, the same W2D11R Hohner

incremental optical shaft encoder has been used to monitor the crankshaft position. The

output signals have been fed to the X-Series NI USB-6351 high-speed card and then to

the PC to obtain the crank angle-synchronized in-cylinder pressure data in LabVIEW.

Figure 4.11 illustrates a schematic diagram of the measurement circuits for the different

variables of CR-Engine.

Figure 4.10 A screen-shot of the NIRA-rk user interface.
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4.3 Data Collection and Processing

4.3.1 Determination of the top dead center (TDC)

The accuracy of the volume calculation primarily depends on the accuracy of both the

clearance volume measurement and the crank angle determination [193]. The accuracy

indicated work and indicated mean effective pressure (IMEP) calculations relies on the

accurate alignment of the measured pressure and the corresponding change in volume

[39]. This alignment depends on the shaft encoder’s TDC marker pulse, i.e. the “Index-

Z” signal, being very carefully aligned to the engine’s true cylinder 1 TDC point.

To obtain a first “rough” alignment, the true TDC of cylinder 1 is checked using a DTI

gauge riding on the number 1 piston through the injector hole as shown in Fig. 4.12 (a).

It is highly recommended that this procedure is applied to cylinder 1 in particular as it

is the one immediately next to the shaft encoder, and hence any potential errors in the

TDC determination caused by torsional vibrations are avoided [194]. Once this point is

visually found, the shaft encoder is turned to its TDC pulse position then locked to the

crankshaft pulley via an adapting hub. This process, referred to as “static determination

of TDC”, is accurate to no less than one crank angle degree. This could be insufficient

Figure 4.11 Schematic diagram of the test rig instrumentations and measurement
circuits for CR-Engine. Not to scale.
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for IMEP measurement accuracy; it has been reported that each one degree offset of the

crank angle position from the actual TDC results in 5% error in the corresponding value

of IMEP [195]. In view of that, a dynamic TDC, i.e. actual TDC that takes into account

piston stretch and crankshaft twist, has to be found. This is carried out by using “OT-

Sensor-428” capacitive TDC probe, by AVL, to measure any phase difference between

encoder’s TDC pulse and piston’s actual TDC point with the engine running. As shown

in Fig. 4.12 (b), the probe is inserted into the injector hole of cylinder 1 through a special

adapter, then fixed with its end very close to the piston at the TDC. This proximity

probe outputs a voltage signal proportional to the closeness of the piston crown and the

probe end. The engine is then motored through the dynamometer at an arbitrary speed

around 1000 rpm, while the probe signal as well as the encoder TDC marker pulse, i.e.

“Index-Z” signal, are acquired together then processed through a dedicated LabVIEW

program. The software then processes the two signals then outputs the phase difference

between the dynamic TDC of cylinder 1, and the falling edge of the shaft encoder TDC

pulse (as this was the triggering instant of the data acquisition process). This phase

difference was found to be 1.7 CA degrees after the true TDC. This was subsequently

accounted for in data presentation and processing.

Figure 4.12 The determination of the TDC; (a) the use of a DTI gauge for a rough estimation
of the TDC, and (b) fining the true TDC using the AVL capacitive probe.

(a) (b)
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4.3.2 Synchronization of in-cylinder pressure and crank angle data

 Align the in-cylinder pressure traces.

In order to synchronize the cylinder pressure data with the crank angle (and hence with

the corresponding cylinder volume), it is essential to determine exactly at what point in

the engine thermodynamic cycle data acquisition process has started. As mentioned in

section 4.2.2, the shaft encoder’s TDC pulse (the “Index-Z” signal) was used to trigger

the data acquisition. This has the disadvantage that the recorded data may begin at either

compression TDC or exhaust TDC. Therefore, it is first required to determine at which

TDC the data acquisition process has started. To accomplish this, the 1st data point (that

corresponds to angle zero) is compared to the 720th point (that corresponds to the angle

360 as the encoder resolution is 0.5º CAD). The pressure value is greater at compression

TDC than that at exhaust TDC as the valves are closed. Consequently, if the pressure

value at the 1st point is greater than that at the 720th point, the triggering signal is taking

place at the compression TDC. If the opposite is correct, it is the exhaust TDC that the

triggering signal was occurring at. It is preferred to start acquisition from the exhaust

TDC, so the presented data will show the complete engine thermodynamic cycle from

the beginning, i.e. from the intake stroke, with the peak pressure value around the 360º

CA and not at the start or the end of the cycle.

For the four-cylinder engines, it is desirable to align the four-cylinder pressure traces

with each other rather than plotting them with the 180º phase shift. The LabVIEW code

has been developed to automatically account for that phase shift every cycle. If the

comparison between the 1st and the 720th data points of the cyl-1 pressure trace yielded

that the acquisition has been triggered at its exhaust TDC, the code will automatically

acquire the four-stroke pressure data of cyl-1 from angle zero to angle 720, while it will

acquire that of cyl-3 from angle 180 to angle 900 (180º shift), and so on (for the firing

order 1-3-4-2). Alternatively, if the comparison has yielded that the acquisition has been

triggered at cyl-1 compression TDC, the firing order dictates that it is cyl-4 that is at it

exhaust TDC, and hence the acquisition process starts with that cylinder; followed by

the others in accordance with the firing order (again; with the 180º shift). The alinement

process has been done in real-time automatically through the LabVIEW code so to yield

the aligned data. The code has also been designed such that the triggering process is
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repeated at every individual cycle. That is, each full thermodynamic cycle for the four

cylinders has been triggered with a reset encoder’s TDC pulse (or “Index-Z” signal);

independently of the preceding cycles. This is because in real-time acquisition there is

a chance that a noise spike or spurious electrical pulse might be counted as a sample

clock (or “Index-A” signal). If this happens, then the recorded crank angle (and hence

the calculated cylinder volume) will be out-of-synchronization with the pressure traces.

If the data acquisition process relies solely on the first TDC signal at the very beginning,

then any of these spurious events could build up over the subsequent engine cycles, and

the measurement could become progressively out of synchronization.

 Referencing the in-cylinder pressure to an absolute value.

Piezoelectric transducers produce an electrical output only when a change in state is

experienced; that is, they cannot perform true static measurements [195]. This type of

transduces suffers various types of drifts and outputs a charge relative to the change in

pressure levels, and not an absolute value. To obtain the absolute value of the cylinder

pressure, the data has to be referenced to a known pressure at some point in the engine

cycle. This process is known as “pressure pegging”. While several methods for pressure

pegging have been studied [196, 197], one most common approach that was employed

in the present study is to set a point within the engine cycle to a known (or estimated)

pressure. It has been found that referencing the in-cylinder pressure at the intake bottom

dead center (BDC) to the intake MAP gives best results [198]. This method is quick

and simple, yet it is only accurate for engines with unturned intake systems while it

yields inaccuracies with engines having tuned-intake systems [199]. Alternatively, the

in-cylinder pressure at the exhaust top dead center (TDC) may be referenced to the

exhaust pressure (in absolute). The developed LabVIEW code automatically applies the

referencing process on the acquired pressure data and enables the user to determine

whether it is requested to refer to the MAP or the exhaust manifold pressure, and based

on the selection it refers to the corresponding data point of the complete thermodynamic

cycle. That is, if the in-cylinder pressure is requested to be referenced to the MAP, then

the code sets the value of the in-cylinder pressure at the intake BDC (i.e. the 360th data

point) to be equal to the MAP at the same instant. When it requested to reference to the

exhaust manifold, instead, it is the exhaust TDC (i.e. the 1440th point) that is set to be
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equal to the exhaust pressure at that time. To eliminate the inertia effects of the charge

entering the cylinder at the end of the intake stroke (or leaving it at the end of the

exhaust stroke) as well as the effect of any fluctuation in the manifold pressure signal,

the code has a controllable referencing window, through which it is possible to take the

average of a certain number of points, taken equally on the two sides of either the intake

BDC or exhaust TDC; rather than taking only the central point. There is a provision by

the LabVIEW code used in this work for concatenating two complete thermodynamic

cycles, to accommodate the cases where the referencing window lies at the end of any

particular cycle.

Referencing the cylinder pressure to an absolute value on a cycle-to-cycle basis is also

useful in overcoming inherit nature of piezoelectric transducers to drift. Drift is defined

as any undesirable change in the output signal over the time that is not a function of the

measured variable [200]. This could lead to a considerable error of the measured signal

over the course of time. This type of drift, aka inter-cycle drift [199], can be eliminated

by short-term pegging (every cycle) of the cylinder pressure to the reference pressure.

Yet, another type of drift, which is the drift that occurs between the beginning and the

end of each cycle (aka the intra-cycle drift [199]) still exist, but has been found of tiny

effect with the transducer used in the present work. One major source of piezoelectric

pressure transducer drift is what is referred to in the literature as the “thermal shock”; a

phenomenon in which the cyclic exposure of the transducer to the combustion event in

IC engine results in contraction and expansion of its diaphragm as a result of the large

temperature variation during each cycle [201]. This causes the force acting on the quartz

to be different from that applied actually by the cylinder pressure alone for a particular

part of the cycle. A number of ways have been proposed to reduce the effect of thermal

shock; e.g. the use of water cooling, heat shields, and coating the transducer membrane

[202]. Other sources of transducer drift include the vibration that may cause the quartz

element to yield a measurement error, and the infinitesimal deformation of the cylinder

during the engine working cycle that could result in a corresponding deformation in the

transducer itself [203]. However, as these are very difficult to account for, the present

work has only relied on the real-time pegging to eliminate the inter-cycle drift.
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4.3.3 In-Cylinder pressure data post-processing

The processing of cylinder pressure data gives insights into several parameters; such as

the indicated mean effective pressure (IMEP), rate of pressure rise (ROPR), heat release

rate (HRR), ignition delay (ID), start of combustion (SOC), and many others [204]. The

challenge here is to first obtain the cylinder pressure data with high accuracy, eliminate

any undesirable pulsations, and characterize the unaccounted noise on a cycle-to-cycle

basis [205]. Flow processes inside the engine cylinder are turbulent and there are local

fluctuations in the flow field; resulting in cycle-to-cycle variation in the mean flow of

cylinder [39]. Also, the manufacture and operation of individual fuel injectors are not

identical, and there is a slight variation in fuel mass injected from cylinder-to-cylinder

and from cycle-to-cycle [39]. Test-to-test analysis has been conducted to determine the

number of consecutive cycles required to attain a stabilized average for the in-cylinder

pressure data. A total number of 50 cycles has been found to achieve this for different

test conditions examined with good repeatability. The position of the mean average of

the 50 cycles relative to all cycles recorded is shown in Fig. 4.13.
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Figure 4.13 Cyclic variability for diesel fuel operation; at 2000 rpm and 4 bar BMEP.
A total number of 50 consecutive cycles are presented; the thick black line
represents the mean average. Oscillation in the pressure wave is also shown.
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The figure shows that the maximum cyclic variability is of the order of 1º CA; meaning

a maximum error of 0.5º CA on either side of the mean average cycle. In addition to

the cyclic variability, an oscillation of cylinder pressure traces can be clearly observed

in Fig. 4.13. This is attributed to the incidence of an abrupt pressure rise after the SOC

which induces transient vibrations as it excites the natural resonance of some of the

hardware components in the measurement system. This phenomenon was encountered

with both engines tested in the present work, which suggests that it is related to the

configuration of the pressure transducer mounting [206] rather than to the combustion

chamber cavity [207]. It is recommended to mount the transducer such that its tip is as

flush as possible with the cylinder head (the combustion chamber); full flush mounting

is not practical as it will totally expose the measuring diaphragm to the very harsh

environment, unless a thermos-protection shield is used [208]. However, if it is not

possible to machine the cylinder head to flush-mount the pressure transducer, a special

adapter in the shape of glow plug is generally used to provide access to the combustion

chamber and also to support the transducer. With a typical glow-plug size abound 4mm

diameter, the small pressure transducer cannot be flush mounted in most cases; instead,

there will be a short passage between combustion chamber boundary and the transducer

tip. The concept is illustrated by the schematic diagram in Fig. 4.14. This has been the

case with the present work; Fig. 4.15 presents a photo of the transducer alongside the

glow plug adapter used, and how they fit together as per manufacturer's standards [209].

Non-flush-mounting of pressure transducers is commonly associated with the incidence

of resonant waves in the narrow access passage between and the combustion chamber

and the transducer tip; if the natural frequency of the passage is less than the maximum

desired frequency of interest of the transducer [205]. This introduces undesirable noise

to the signal that highly hinders obtaining meaningful heat release rate (HRR) data from

the recorded cylinder pressure signal. As shown by equation (4.10), heat release rate

term involves a derivative of the pressure term, and thus any error or high-frequency

noise in the pressure data results in a massive distortion in the heat release rate data.

Figure 4.16 illustrates an example of the effect of the presence of noise in the pressure

signal on heat release rate.
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The fundamental resonant frequency for the access passage is given as [206]:

௡݂ =
௖

ସ௅
(4.1)

where (fn) is the passage resonant frequency; (Hz),

(c) is the speed of sound of the gas at noise incidence conditions; (m/s),

(L) is the length of the access passage; (m),
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Figure 4.14 A schematic shows the layout
of fitting the pressure transducer into the
glow plug adapter. The small diameter of
the adapter at its end forms a narrow
passage between the combustion chamber
and transducer tip. Adapted from [206].

Figure 4.16 (a) Noisy pressure data; for diesel fuel operation at 2000 rpm and 4 bar BMEP,
and (b) the derived heat release rate (HRR).
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Figure 4.15 A photo of the transducer used in
the present work (#1), along with the glow plug
adapter (#2). They join together by a thread (#3)
while the adapter holds to the cylinder head via
external thread (#4). The narrow passage is (#5).
Cross-sectional drawing is adapted from [209].
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The speed of sound for gas is estimated from the equation:

ܿ= ට
ఊோത்

ெ
(4.2)

where () is the specific heat ratio of the gas,

( തܴ) is the universal gas constant; (J/kg.k),

(T) is the gas absolute temperature; (k),

(M) is the apparent molar mass of the gas; (kg/kmol).

For the cases examined in the present work, the speed of sound of the in-cylinder gas

at noise incidence conditions has been around 640 m/s for an absolute gas temperature

of around 1100 k. The measured length of the access passage is 36.9 mm. From Eq.

(4.1), the estimated value of the fundamental resonant frequency of the access passage

is around 4.35 kHz. When there is no mass exchange between the combustion chamber

and the access passage, gas temperature is about 420 K, which yields a speed of sound

≈400 m/s and a wave frequency of about 2.72 kHz. 

An attempt has been made to correlate the frequency of the sound waves generated due

to access passage resonance with the peak noise frequency that actually appears on the

recorded pressure signal. This has been done by analyzing the recorded pressure signal

in the frequency domain using a Fast Fourier Transform (FFT) algorithm in a MATLAB

environment. Power spectral density (PSD) curve is constructed for the pressure signal

to have an insight into the frequency components of the signal. It has been found that

the peak noise frequency of the pressure signal is around 4.3 kHz, which almost equals

the resonate frequency of the access passage. However, the noise component starts to

dominate over the pressure signal itself at fairly lower frequency [205].

To eliminate the undesired noise components from the signal, a filtering algorithm has

been developed in MATLAB environment. The filter parameters; such as the filter type,

the pass-band characteristics, the order of the filter, and the cut-off frequency have been

carefully selected. A Butterworth filter has been selected as it has the flattest pass-band

response [210]. Since most of the noise, as well as resonant frequency components, are

predominantly in the high-frequency zone [202], a low-pass filter was employed. To

attain high rates of noise attenuation without increasing the complexity of the process,

the filter was set to be of the third order. The cut-off frequency has been determined as
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the frequency corresponding to the incidence of fluctuation in the PSD; particularly an

increase in the slope of the decreasing curve, as this implied that the noise component

began to dominate over the combustion frequency component [211]. Figure 4.17 shows

the PSD of the pressure signal presented in Fig. 4.16 (a), the methodology of specifying

the cut-off frequency (≈2.7 kHz), and the peak noise frequency (≈4.3 kHz). 

Following this assessment, the proposed filter has been applied to the noisy pressure

data to attenuate the high-frequency noise. Subsequent post-processing of the filtered

pressure data was proved to yield meaningful HRR data; as shown in Fig. 4.18.
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Figure 4.17 Power spectral densities (PSD) of the noisy pressure signal, the methodology
of the determination of the cut-off frequency, and the peak noise frequency.

Figure 4.18 (a) Filtered pressure data; for diesel fuel operation at 2000 rpm and 4 bar BMEP,
and (b) the derived heat release rate (HRR).
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4.3.4 Heat release rate (HRR) analysis

Heat release rate (HRR) analysis has been the main combustion diagnostic used in the

present work. Thermodynamic-based zero-dimensional single-zone combustion model

has been employed. The calculations are mostly taken and adapted from Heywood [39].

The measured cylinder pressure data has been used to tune the model. This particular

type of models was employed as it is fairly simple meanwhile it gives consistent results

with reasonable accuracy [30].

HRR analysis computes how much heat would have to be added to the cylinder content,

in order to produce the observed pressure variation [40]. In-cylinder pressure changes

with crank angle as a result of cylinder volume change, combustion of fuel, heat transfer

to the chamber walls, flow into and out of crevice regions, and leakage; where the first

two of these effects are the largest [39].

If the first law of thermodynamics is applied to the cylinder content, the fuel’s chemical

energy released by combustion is given by:

௖௛ܳߜ = ܷ݀ + ߜܹ + +௛௧ܳߜ ∑ ݀݉̇ ௜௜ ℎ௜ (4.3)

where (Qht) is the heat transfer to the cylinder walls, and (dm
i) and (hi) are the mass

flux flowing into or out of the system and the enthalpy of that flux; respectively.

Omitting the crevice flows and blow-by effects for simplicity, and considering that the

sensible enthalpy of injected fuel is negligible compared to the sensible internal energy

of the cylinder charge, equation (4.3) may be written as:

௖௛ܳߜ = ܷ݀ + ߜܹ + ௛௧ܳߜ (4.4)

The change in internal energy can be calculated from:

ܷ݀ = ݉ ௩ܿ݀ܶ (4.5)

From the equation of state (pV=mRT), it yields:

݉݀ܶ =
ଵ

ோ
ܸ݀݌) + (݌ܸ݀ (4.6)

Substituting equation (4.6) into equation (4.5) gives:

ܷ݀ =
௖ೡ

ோ
ܸ݀݌) + (݌ܸ݀ (4.7)
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Substituting equation (4.7) into equation (4.4); noting that the work exerted is expressed

by (W=pdV), the heat released by combustion of the fuel is given on an incremental

angle basis as:

ௗொ೎೓

ௗఏ
=

௖ೡ

ோ
ቀ݌

ௗ௏

ௗఏ
+ ܸ

ௗ௣

ௗఏ
ቁ+ ݌

ௗ௏

ௗఏ
+

ௗொ೓೟

ௗఏ
(4.8)

which is also known as the gross heat release rate (
ௗொ೒ೝ೚ೞೞ

ௗఏ
). If semi-perfect gas behavior

is assumed; such that ( ௣ܿ − ௩ܿ = ܴ) and (
௖೛

௖ೡ
= ,(ߛ then equation (4.8) may be written as:

ௗொ೒ೝ೚ೞೞ

ௗఏ
−

ௗொ೓೟

ௗఏ
=

ଵ

ఊିଵ
ቀ݌

ௗ௏

ௗఏ
+ ܸ

ௗ௣

ௗఏ
ቁ+ ݌

ௗ௏

ௗఏ
(4.9)

or:

ௗொ೙೐೟

ௗఏ
=

ఊ

ఊିଵ
݌
ௗ௏

ௗఏ
+

ଵ

ఊିଵ
ܸ
ௗ௣

ௗఏ
(4.10)

where:

(
ௗொ೙೐೟

ௗఏ
) is the net heat release rate; (Joule/CAD),

() is the crank angle in degrees (CAD),

(p) is the in-cylinder pressure at that angle; (Pa),

(V) is the gas volume at that angle; (m3),

() is the specific heat ratio.

Based on the basic geometric properties of reciprocating engines [39], the gas volume

(V) at a certain piston position is determined from [212]:

ܸ = ௣ܣ .ܵ+ ௖ܸ (4.11)

where:

(Ap) is the top area of the piston (m2); ௣ܣ =
గ

ସ
ଶܤ. ; where (B) is the cylinder bore; (m)

(Vc) is the clearance volume (m3); ௖ܸ =
஺೛ .௟

௥ି ଵ
; where (l) is the stroke length; (m) , and

(r) is the compression ratio,

(S) is the piston displacement from the TDC (m).

The piston displacement is calculated from [212]:

ܵ= ܴ[1 − cos(ߠ௥௔ௗ)] + ቐ1ܮ − ඨ1 − ቈ
ୱ୧୬(ఏೝೌ೏)

ಽ

ೃ

቉

ଶ

ቑ (4.12)



4 EXPERIMENTAL FACILITIES AND DATA PROCESSING

110

where:

(R) is the radius to crank pin; (m),

(L) is the connecting rod length; (m),

(rad) is the argument of trigonometric function; (radians).

Precise alignment between the encoder TDC and the piston TDC is a prerequisite for

accurate heat release determinations. If the two TDCs are misaligned; i.e. shifted, by a

phase angle degrees, then the value of (rad) is determined from:

௥௔ௗߠ =
గ൫ఏିଷ଺଴ାఏ೛೓ೌೞ೐൯

ଵ଼଴
(4.13)

where

() is the crank angle; (degrees),

(phase) is the phase shift angle; (degrees).

The specific heat ratio () varies with the variation of gas temperature, and it can be

calculated from the following equation:

=ߛ ൬1 −
ோ

஼೛
൰
ିଵ

(4.14)

where (Cp) is the specific heat of the gas at constant pressure; (J/kg.k). The value of

൬
ோ

஼೛
൰can be calculated from:

ோ

஼೛
= ଴ܣ) + +ଵܶܣ ଶܶܣ

ଶ + ଷܶܣ
ଷ + ସܶܣ

ସ)ିଵ (4.15)

where (T) is the absolute bulk gas temperature; calculated from the equation of state,

and (A0), (A1), (A2), (A3), and (A4) are constants; where their values are [212]:

A0 =3.04473; A1 =1.33805e-3; A2 = –4.88256e-7; A3 =8.55475e-11; A4 = –5.70132e-15

Following the sequence of equations highlighted above, the net heat release rate can be

directly obtained from equation (4.10). If the gross heat release rate is required, two

separate models for the heat transfer to cylinder walls and the crevice flows should be

added to the net heat release rate calculations. Principally, the present work employed

the net heat release analysis, as opposed to the gross heat release analysis, to investigate

the in-cylinder behavior; since the former is based upon fewer assumptions and it has

less complexity. However, an approximated gross heat release analysis was conducted

for selective cases to illustrate some basic concepts. In such analysis, only the heat

transfer to the cylinder walls was calculated, as it accounts for about 10 to 25% of the



4 EXPERIMENTAL FACILITIES AND DATA PROCESSING

111

total heat release; while the crevice flows were neglected as they only account for 1 to

2% of the total heat release [39].

Heat transfer process in engine cylinder takes place through a combination of different

modes; conduction, convection, and radiation. However, heat transfer from the cylinder

charge to the wall is mainly by convection [39].

The rate of convection heat transfer is calculated, based on Newton’s law of cooling

[213], from the equation [39]:

ௗொ೓೟

ௗ௧
= ℎ௖.ܣ௪ . (ܶ− ௪ܶ ) (4.16)

where (hc) is the convection heat transfer coefficient; (J/s.m2.k),

(Aw) is the combustion chamber wall area (m2); ௪ܣ = ௣ܣ2 + ܵ.ܤ�ߨ ,

(Tw) is the effective wall temperature; (K). A value of Tw=485 K was found to give

satisfactory results [212].

Heat transfer in reciprocating engines is a non-uniform and unsteady phenomenon since

heat fluxes between fluids and metal surfaces vary during the engine operating cycle in

time and space. In-cylinder heat fluxes vary between few MW/m2 during combustion

and near zero or even negative values during the intake stroke [214]. Several empirical

correlations have been developed to estimate heat fluxes in engine cylinder, where these

correlations provide a heat transfer coefficient representing a spatially-averaged value

for the cylinder, and consequently, they are commonly referred to as global heat transfer

models [215, 216]. The most known ones were inventoried by Borman and Nishiwaki

[217]; among which those developed by Eichelberg [218], Annand [219], Woschni

[220], and Hohenberg [221] are commonly used. In the present work, Eichelberg

correlation [218] was employed as it only depends on the cylinder pressure, gas bulk

temperature, and mean piston speed; while it is free from any other variant coefficients.

The Eichelberg correlation for the heat transfer coefficient is:

ℎ௖ = 7.67 × 10ିଷ . ௣ܵ
(ଵ ଷ⁄ )

. (ܲ.ܶ)(ଵ ଶ⁄ ) (4.17)

where (Sp) is the mean piston speed (m/s); ௉ܵ =
ଶோ.ఠ

గ
, where (߱) is the crankshaft

speed; (rad/s), or equivalently, ௉ܵ =
ଶ௟.ே

గ଺଴
, where (ܰ) is the engine speed; (rpm).
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The heat transfer to the cylinder wall can then be calculated on an incremental angle

basis; i.e. in units of Joule/CAD, from:

ௗொ೓೟

ௗఏ
=

௛೎.஺ೢ .(்ି்ೢ ).��଺଴

ଷ଺଴ே
(4.18)

Combining the results of equations (4.10) and (4.18), approximated gross heat release

rate is obtained on incremental angle basis; i.e. Joule/CAD. The two instantaneous rates

of heat release; i.e. the net and the gross, are calculated and plotted at each incremental

crank angle degree throughout the engine cycle. Meanwhile, the cumulative heat release

profiles are made by integrating the instantaneous rates over the complete combustion

process. The ultimate value of the cumulative gross heat release should equal, within a

few percent only, the mass of fuel injected times the fuel lower heating value [39]. That

is:

ܳ௚௥௢௦௦ = ∫
ௗொ೒ೝ೚ೞೞ

ௗఏ

ఏ೎,೐

ఏ೎,ೞ
≈ߠ݀ ݉௙ × ܪܮ ௙ܸ (4.19)

The difference between the two values is owing to the combustion inefficiency, which

is usually less than 2% in diesel engines [39]. The present analysis demonstrated good

consistency between the two values, but with difference slightly higher than 2%; where

this was attributed to the omitting of the crevice flows and fuel vaporization and heat-

up effects in the employed model.

Figure 4.19 (a) shows an example of the two instantaneous rates of heat release; i.e. the

net and the gross, while (b) presents the corresponding cumulative heat release curves.

The characteristics of the heat release profile are discussed in details in the next chapter.
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The accuracy of the heat release model employed was verified through applying the

equations to the pressure trace obtained at engine motoring conditions. In the absence

of combustion, the instantaneous rate of gross heat release should equal zero throughout

the engine cycle. This has been shown to be the case in the present work, with negligible
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Figure 4.19 (a) A plot of the instantaneous rates of HR; the net and the gross, and (b) the
corresponding cumulative HR curves; illustrating the relative magnitudes
(approx.) of the net HR, the heat transfer to the wall, and the combustion
inefficiency and crevices flows; with respect to the fuel’s chemical energy.
Data presented is for diesel fuel operation at 1500 rpm and 3 bar BMEP.



4 EXPERIMENTAL FACILITIES AND DATA PROCESSING

114

error; as demonstrated by Fig. 4.20. The difference in magnitude between the gross and

the net HRR shown in the figure stands for the heat transfer to the cylinder wall, caused

by the elevated temperature of charge as a result of the polytropic compression process

with a polytropic exponent of 1.3 (±0.05%) [39].

The variation of heat release profile with operating conditions reveals vital information

on the change of combustion phasing, burning rate, and effectiveness of fuel conversion

processes with operating conditions [222]. Examples of heat release rate (HRR) profiles

for selective cases at low, intermediate, and high load conditions at fixed engine speed

and injection timing are given in Figures 4.21, 4.22, and 4.23, respectively. It could be

seen that the overall combustion process in CI engines is characterized by the presence

of four stages; typically, the ignition delay (ID), pre-mixed combustion (PMC), mixing-

controlled combustion (MCC), and late combustion. Each stage is usually recognized

on the HRR profile, although different stages vary significantly in relative magnitudes,

duration, and overall shape with operating conditions [39, 40].
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Figure 4.20 A plot of the instantaneous rates of HR; the net and the gross, at
engine motoring conditions. The difference in magnitude between the
two curves stands for the heat transfer to the cylinder wall caused by
the elevated temperature of the charge as a result of the polytropic
compression. Data presented is for engine motoring at 1500 rpm.
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Figure 4.21 An example of net HRR and cumulative net HR curves at low load conditions;
illustrating the key phases of HR profile. Data obtained from DP-Engine.

Figure 4.22 An example of net HRR and cumulative net HR curves at medium load conditions;
illustrating the key phases of HR profile. Data obtained from DP-Engine.
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It can be seen that the net HRR curve falls below zero at the late stages of compression

before introducing the fuel into the cylinder. This is attributed to the heat transfer to the

cylinder wall, caused by the elevated temperature of the charge following the polytropic

compression process. Ignition delay (ID) period begins with the start of injection (SOI).

Shortly after SOI, a further drop in the net HRR curve is remarkable where this negative

heat release stands for fuel vaporization and heating up. The enthalpy of vaporization

of diesel fuel is about 1% of its heating value, while the energy change associated with

heating up the fuel vapor from the injection temperature to the typical compression air

temperature goes around 3% of the fuel heating value [39]. The heated-up fuel vapor

mixes with air, and the fuel/air mixture within flammability limits auto-ignites; where

the start of combustion (SOC) indicates the end of the ignition delay and the beginning

of what is so-called the pre-mixed combustion (PMC) phase. The SOC was determined

in the present work as the CAD at which net HRR reaches 2 J/CAD. This criterion was

employed previously in an analogous recent work [223] and demonstrated consistent

results.
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Figure 4.23 An example of net HRR and cumulative net HR curves at high load conditions;
illustrating the key phases of HR profile. Data obtained from DP-Engine.
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In the PMC phase, combustion of the fuel/air mixture formed during the ignition delay

period takes place rapidly in a few crank angle degrees. When this burning mixture

combines with the fuel that becomes ready for burning and burns, indeed, in this phase,

inevitable result is the high rates of HR that characterize this phase of combustion [39].

The relative magnitude of this phase varies significantly with operating conditions. For

instance, PMC phase is dominant at low load conditions as illustrated by Fig. 4.21. This

is attributable to the relatively lower in-cylinder temperature at such conditions and the

associated longer ignition delay; which results in the availability of a larger fraction of

injected fuel ready for burning when the delay period ends. On the contrary, the shorter

ignition delay as the load is increased results in a reduced amount of fuel available for

combustion as the delay period ends, and hence the PMC phase is reduced in magnitude

and duration, as shown in Figures 4.22 and 4.23 for medium and high load conditions;

respectively, with the effect being more pronounced in the latter.

Following the PMC phase comes the mixing-controlled combustion (MCC) phase. The

transition from PMC to MCC is defined as the incidence of gradient inflection in the

net HRR curve after the PMC spike [223, 224]. In the MCC phase, the burning rate is

controlled by the rate at which new fuel/air mixture becomes available for combustion.

The relative magnitude of the MCC phase sizably changes with operating conditions.

The factors that tend to increase the PMC phase are likely to decrease the MCC phase;

and vice versa. Thus, the shorter ignition delay at high and medium loads and the larger

amount of fuel used result in the majority of the fuel to be burned in the MCC phase,

which becomes the dominant phase of combustion, as shown in Figures 4.22 and 4.23.

By the end of this phase, most of the fuel would been burned. The remaining fraction

of fuel that has not been burned, and any fraction of energy presented in soot and fuel-

rich combustion products, burn in what is called late combustion, in which final burnout

processes occurs at lower rates as the temperature decreases during expansion [39].

The premixed burn fraction of total heat release can be estimated from the heat release

profile; as the ratio of the cumulative sum of the heat release from the SOC till the point

of transition from PMC to MCC, to the total cumulative sum of the heat release until

the end of combustion (EOC). The methodology of estimating this value is illustrated

in Figures 4.21, 4.22, and 4.23. Also, the percentage of net HR to the total energy

supplied to the engine is calculated as the ratio of the ultimate value of cumulative net
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HR to the fuel chemical energy; where the difference between the two quantities stands

primarily for the heat transfer to the cylinder wall, in addition to the crevice losses and

combustion inefficiency. It can be seen that this ratio reduces as the engine load is

increased; where this is attributed to the increased heat transfer to the cylinder wall as

a result of the elevated temperature inside the combustion chamber at higher loads.

The HRR results above were obtained from the DP-Engine, while the diesel fuel was

injected into the cylinder at one. When it comes to the CR-Engine, it is acknowledged

that one of the most important characteristics of the high-pressure common-rail (HPCR)

is the ability to use multiple injections per cycle. Splitting the diesel fuel injection into

a pre-injection succeeded by the main injection could bring several benefits to the

engine performance and emissions [224]. This was investigated to assess the potentials

of applying such a technique in the gas-diesel dual-fuel engine operation in the later

stages of the work. To examine the influence of pre-injection, the engine was run at

steady state of constant speed and load of 1500 rpm and 3 bar BMEP, respectively, with

two injection strategies. The first one introduces the total diesel fuel injected at once at

12 BTDC, while in the other strategy the fuel injection is split into a pre-injection

(presents 10% of the total fuel), followed by the main injection. The injection timing of

the main injection was held at 12 BTDC, while the interval between the two injections

was set to 12. Figure 4.24 shows the net HRR profiles for both injection strategies.
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In single injection strategy as shown in Fig. 4.24 (a), the heat release process takes place

at once but over two phases, the PMC and the MCC as discussed in details earlier. With

split injection strategy, the heat release process takes place over two separate stages; as

illustrated by Fig. 4.24 (b). The pre-injection HR is preceded by only a small drop in

the HR accounts for the evaporation and heat up of the pre-injection part (only 10% of

the total diesel fuel supplied). Combustion process starts with the pre-injection part that

is fully consumed, owing to its small size, before the main combustion begins. That is,

split injection strategy involves two ignition delay periods; one for the pre-injection and

another for the main injection. Figure 4.25 shows the ignition delay for both injections;

compared with the single injection strategy. It could be seen that the pre-injection part

exhibits longer ignition delay than the single injection strategy, where this is attributed

to the comparatively lower cylinder pressure and temperature at the SOI. The relatively

long ignition delay could produce some cool flame reactions of the diesel fuel vapour

that have high degree of reactivity [67]. This is partially evident in Fig. 4.24 (b) by the

small hump in the HRR curve following the fuel evaporation drop and before the pre-

injection combustion commences. On the other hand, the main injection exhibits much

shorter ignition delay, as it is injected into the high temperature and pressure resulting

from the pre-injection combustion. This shorter ignition delay means the PMC part of

the main injection will be considerably small, and the majority of the injection will be

consumed through MCC. That is, combustion process with split injection strategy starts

with smaller amount of fuel, and with less premixed size. This largely reduces the rate

of pressure rise (ROPR), combustion noise, and also NOx emissions [224]. Figure 4.26

illustrates the maximum ROPR with both injection strategy. It could be seen that more

than 50% reduction in the maximum ROPR could be achieved using the split injection

strategy. The reduced combustion noise is also evident by the absence of any ringing in

the late stages of the HRR with split injection strategy as shown in Fig. 4.24 (b). It could

be seen from Fig. 4.24 (a) that this ringing accompanies the HRR with a single injection.

This combustion noise originates from the high rates of pressure rise during the initial

rapid combustion owing to the injection of a large amount of fuel at once [40].
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Reduced noise through avoiding too much fuel being burnt at the end of ignition delay

via using pre-injection is effective in improving fuel economy [40]. The reduced brake

specific fuel consumption (BSFC) with this strategy could be inferred from the higher

brake thermal efficiency (BTE), compared with single injection strategy, as illustrated

by Fig. 4.27. The figure shows that more than 5% absolute improvement in the BTE

could be achieved in the current setup using split injection strategy. Also, starting the

main combustion at higher temperature and pressure (resulting from the HR of the pre-

injection) generates higher cylinder pressure levels following the ignition of the main

injection. The higher cylinder pressure values combined with lower fuel consumption

bring about ≈15% less gross indicated specific fuel consumption (ISFC), as shown in 

Fig. 4.28.

On top of its large influence on combustion phasing, noise, and engine performance,

the use of pre-injection also affects NOx, HC, and PM emissions [40]. Moreover, it was

demonstrated that the control of injection parameters could transit the combustion mode

from the conventional diesel combustion mode to novel combustion modes [64]. This

could be very advantageous to dual-fuel operation, and the potentials of this technique

are investigated in more details in Chapter 6.
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4.3.5 Indicated work and engine stability indicator

Indicated work is the work transferred to the piston from the gases contained inside the

engine cylinder [39].This work can be obtained from engine cylinder pressure data over

the operating cycle; that is:

ܹ ௜௡ௗ = ܸ݀݌∮ (4.20)

If the integration is carried out over the compression and expansion strokes only, where

the overall work flow is essentially from the gases to the piston, the output is known as

the “gross indicated work”; always positive quantity. Alternatively, if the integration is

carried out over the intake and exhaust strokes, the result is called the “pumping work”.

Pumping work is the work exerted to draw the fresh charge through the intake system

and into the cylinder, as well as to eject the burned gases from the cylinder and out of

the exhaust system; and consequently, it is a negative quantity for naturally aspirated

engines, but could be positive quantity for turbocharged engines [225]. Integrating over

the entire engine cycle yields, therefore, the net work delivered to the piston per cycle;

and hence it is called the “net indicated work”. That is:

ܹ ௜௡ௗ,௡௘௧ = ܹ ௜௡ௗ,௚௥௢௦௦− ܹ ௣௨௠ ௣௜௡௚ (4.21)
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Not all of the net indicated work is available at the drive shaft as a useful output (brake

work). Instead, part of this work is disspated in the mechanical friction and the engine

parasitic loads; such as water pump, oil pump, fuel pump, etc. That is:

ܹ ௕௥௔௞௘ = ܹ ௜௡ௗ,௡௘௧− ܹ௙௥௜௖௧௜௢௡ (4.22)

The friction work is a sufficiently large fraction of the indicated work; it varies from

about 10% at full load and up to100% at idle or no load, and it also increases with the

increase of engine speed [39].

It is convenient to discuss the difference between the indicated and the brake power

output in terms of mean effective pressure (MEP). It is defined as the work per cycle

per unit displaced volume; as [39]:

ܲܧܯ =
ௐ ೎೤೎೗೐

௏೏೔ೞ೛
(4.23)

The resulting unit is force per unit area; i.e. pressure units. MEP is a very useful relative

engine performance measure that could be used with the terms “indicated”, “brake”,

and “friction”. However, only when applied to the indicated work value does the MEP

(in this case it will be referred to as IMEP) have some physical meaning, as in this case,

it relates to the average pressure in the cylinder acting on the piston over an engine

cycle [226]. It still applies to the other measures of work (e.g. Brake and Frictional) but

only on the basis of providing a comparison to the Indicated value.

Similar to the case with indicated work, IMEP has two definitions common in use; the

gross IMEP which represents the work delivered to the piston over the compression and

expansion strokes per cycle per unit displaced volume, and the net IMEP which is the

work delivered to the piston over the entire four strokes of the cycle per unit displaced

volume. IMEPgross rather than IMEPnet is most commonly used as a measure of the work

produced. It represents the sum of the useful work available at the shaft and the work

required to overcome all the engine losses [39]. Also, by using IMEPgross, any potential

cycle-by-cycle fluctuations in pumping work due to external conditions, such as wave

motion in the intake and exhaust ducting, is eliminated. In some recent work, however,

the trends in net and gross IMEP data were very similar [227].
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From the IMEPgross data recorded over the 50 consecutive pressure cycles (as discussed

in Section 4.3.3), another very important parameter is derived, which is the coefficient

of variation in gross indicated mean effective pressure (COVIMEPgross). This parameter

is used to define the cyclic variability as a measure of engine stability and it is calculated

as:

ܱܥ ூܸெ ா௉௚௥௢௦௦ =
ఙ಺ಾ ಶು೒

ூெ ா௉௚
× 100% (4.24)

where (IMEPg) is the standard deviation and (݃ܲܧܯܫ) is the mean value of the gross

IMEP over the recorded cycles.

While conventional diesel operation is mostly free of any high levels of combustion

instability under fully-warm, normal operating conditions, this parameter is very critical

in the operation of dual-fuel (DF) engines at light loads. These operating conditions are

most challenging, due to the very lean mixture that is expected to result in poor flame

propagation and increased engine instability. Excessive COVIMEPgross (~ 10%) results in

very unstable running of the engine and serious drivability problems of the vehicle [39].

This parameter will be assessed and evaluated when it comes to dual-fuel operation of

the engine, as discussed in the following chapters.
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5 Combustion Process in Methane-Diesel Dual-Fuel Engines at Light

Load Conditions

5.1 Introduction

In this chapter, experimental results for dual fuelling of the engine with high-pressure

common rail (HPCR) injection, at light load conditions are presented and analyzed. The

area of interest is the change of heat release characteristics with methane substitution

for diesel fuel, and what gives rise to these changes. The purpose is to provide a better

understanding of combustion process in methane-diesel dual-fuel engines, and how the

variation of gas substitution ratio would affect the rates and mechanisms of the energy

release. Following the knowledge gained from heat release analysis of diesel operation

in Chapter 4, the work in this chapter identifies the different stages of combustion in

methane-diesel DF engines. A wide range up to 80% of methane substitution for diesel

fuel was examined at quarter load (25%) conditions for engine speed of 1600 rpm. The

maximum possible methane substitution for diesel fuel is then investigated at near-idle

low-load (5%) conditions. The amount of minimum diesel fuel injected by the FIE was

also investigated. Any other restrictions on methane substitution were also examined.

Combustion characteristics were assessed and evaluated throughout.

5.2 Overview and Method

In port injected gas-diesel DF engines, the use of two independent fuelling systems for

the diesel pilot and the gaseous fuel provides a high level of control over cylinder charge

preparation and the subsequent combustion process. Varying the relative quantities of

the two fuels and altering the injection strategy can yield a wide spectrum of mixture

conditions in DF engines. Accordingly, different combustion mechanisms are expected

to dominate the ensuing fuel conversion processes [228].

An overall classic examination of the combustion process in a DE engine can be made

through the apparent heat release rate (HRR) variation; derived from the corresponding

cylinder pressure variation with time [229]. The process of fuel oxidation is considered

to be made up of three overlapping major energy release processes; combustion of the

diesel fuel pilot, combustion of the gaseous fuel in the immediate vicinity of the ignition
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and combustion centers of the pilot, and any pre-ignition reaction activity and ensuing

turbulent flame propagation within the overall lean mixture of mainly gaseous fuel and

air [229]. The characteristics of each identified combustion stage depend on the relative

quantities of the two fuels, and on the total equivalence ratio; defined as [58]:

f
௧௢௧

=
஺ிோ಴ಹర

ೞ೟೚೔೎×�௠̇ ಴ಹరା�஺ிோವ
ೞ೟೚೔೎×�௠ ̇ ವ

௠ ̇ ೌ೔ೝ
(5.1)

where (ܴܨܣ஼ுସ
௦௧௢௜௖) and ஽ܴܨܣ�)

௦௧௢௜௖) are the stoichiometric air-fuel ratios of methane and

diesel, and(݉ሶ஼ுସ), (݉ሶ஽), and (݉ሶ௔௜௥) are the mass flow rates of methane, diesel, and

intake air; respectively. The resulting combustion mechanism in any particular stage is

mainly governed by the dominant fuel in this stage. The general features of combustion

process, HRR, and emissions formation are expected to changes with the change of

substitution ratio of methane for diesel fuel; defined on energy basis as [71]:

%CHସ =
௠ ̇ ಴ಹర×௅ு௏಴ಹర

௠ ̇ ವ×௅ு௏ವ�ା�௠̇ ಴ಹర×௅ு௏಴ಹర
(5.2)

where ܪܮ) ஼ܸுସ) and ܪܮ) ஽ܸ) are the lower heating values of methane and diesel. This

parameter is also known as the percentage of energy substitution (PES) [230].

For a given test condition, the HRR data for dual-fuel operation is obtained from the

recorded in-cylinder pressure data, as per the procedure outlined in Chapter 4. After DF

data was recorded, the engine was switched into conventional diesel mode via cutting

the methane supply to the engine, while keeping other parameters unchanged. Diesel-

only measurements were then recorded, and from that, the corresponding HRR values

were obtained via the same procedure.

The apparent HRR data for the CH4-only condition was calculated as the arithmetic

difference between dual-fuel HRR and diesel-only HRR, at any given crank angle; i.e.:

HRR஼ுସ,௔௣௣௔௥௘௡௧|ఏ = HRRௗ௨௔௟ି ௙௨௘௟|ఏ − HRR஽௜௘௦௘௟|ఏ (5.3)
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5.3 Influence of Methane Substitution Ratio on DF Engine Combustion

The variation of HRR data was analyzed for three different %CH4 ratios; 30%, 60%,

and 80%, at quarter load (25%) conditions for engine speed of 1600 rpm. For each case

examined, the HRR data were constructed for DF operation, diesel-only operation, and

apparent CH4-only as described in Section 5.2. Figures 5.1, 5.2, and 5.3 demonstrates

the data corresponding to the three test cases; respectively. The first derivative of HRR

data for DF operation was also found to be of a valuable assist in the determination of

combustion stages, and thus it is also presented (as a normalized value) on a secondary

axis of each figure.
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Figure 5.3 Net HRR data for different components of DF combustion (Apparent w/ CH4)
with 80% CH4 substitution ratio. Data is for 25% engine load @ 1600 rpm.



5 COMBUSTION PROCESS IN METHANE-DIESEL DUAL-FUEL ENGINES AT LIGHT LOAD

129

The figures indicate that the net HRR data for DF operation is similar to those of diesel-

only operation in the early stages prior to combustion. As discussed in Chapter 4, the

net HRR data demonstrates a slight drop below zero at the late stages of compression

before diesel fuel injection, where this is attributed to the heat transfer to cylinder walls

as the charge temperature increases during the polytropic compression process. The

start of injection (SOI) of the diesel pilot, set to 10 BTDC in the test cases presented,

is succeeded by a further drop in the net HRR, due to diesel fuel evaporation and heat

up. It could be seen from the figures that this drop becomes less concave as the %CH4

is increased; unambiguously due to the reduced diesel fuel amounts at these conditions.

Like diesel-only operating conditions, ignition delay (ID) period of dual-fuel operation

is identified as the period between the SOI and the start of combustion (SOC); identified

in the present work as the point at which the net HRR reaches 2 Joule/CAD. As noticed

in Figures 5.1, 5.2, and 5.3, and further illustrated by Fig. 5.4, the increase in %CH4

substitution elongates the ignition delay (denoted D) of DF operation in the test cases

examined. This is attributed to several interrelating effects; including, reduced oxygen

partial pressure (due to air displacement by CH4), as well as reduced temperature and

pressure during the initiation of ignition as methane has a higher heat capacity than air

(aka cooling effect of CH4 admission) [231]. Also, the incidence of pre-ignition reaction

activities between CH4 and air may affect those between diesel and air (i.e. competition

of active radicals between diesel fuel and CH4 [232]); increasing the ignition delay.
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Advancing the classical definition of DF combustion process outlined in Section 5.2, a

more expressive description could be inferred from observing the development of the

process with the increase of %CH4, as illustrated by Figs. 5.1, 5.2, and 5.3. Combustion

process is considered to be formed of two main distinctive stages (denoted 1 and 2),

separated by a transient stage (denoted T). SOC defines the commencement of stage-1

combustion. This stage is characterized by a sharp rise in the HRR curve as a result of

the combustion of a large amount of fuel after the ignition delay ends. Regardless of

the amount of CH4 used, stage-1 is dominated by the ignition and rapid combustion of

the premixed part of the pilot, where this part (relative to the total size of the diesel fuel

used) is increased with the increase of the %CH4, because of the relatively long ignition

delays at these conditions. Figure 5.5 illustrates the diesel pilot premixed burn fraction,

relative to the total diesel fuel amount; as estimated from the corresponding cumulative

net HR profiles. With %CH4 as high as 80%, it could be seen that almost three-quarters

of the pilot diesel fuel burns in a premixed combustion (PMC); due to the long mixing

period between the end of injection and the start of combustion.

In contrast with the description given in [233], the present work demonstrates that the

combustion of the gaseous fuel in the immediate vicinity of the ignition sources of the

pilot is not sequential to the pilot combustion. Instead, there is an evident entrainment
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of some of the gaseous fuel into the pilot combustion, and the contribution of CH4 to

stage-1 combustion is clearly visible on Figs. 5.1, 5.2, and 5.3. The level of entrainment

of CH4 into the premixed combustion increases with the increase of %CH4 on the

account of diesel injection size; indicating that this entrainment is more affected by the

mixture strength than by the jet properties. Figure 5.6 illustrates the percentage of CH4

contribution to stage-1 combustion as estimated from the corresponding cumulative net

HR profiles. It could be seen from the figure that with %CH4 as high as 80%, almost

one-third of the HR in the premixed combustion comes from the gaseous fuel. The peak

value of HRR rate is therefore considerably influenced by the gaseous fuel combustion,

and accordingly, it is believed that it is not only the diesel pilot that most influences

NOx emissions formation at these conditions; gaseous fuel also plays a notable role.

Stage-1 combustion terminates as a minimum local value of the derivative of the HRR

(dHRR/d) occurs after the peak value of HRR is attained; that is:

q��ாଵ = q |
୫ ୧୬�(

೏ಹೃೃ

೏q
)

(5.4)

where ( E1) is the crank angle at which stage-1 combustion terminates. The increase in

the reaction rate past this value is interpreted as the onset of a new, different combustion

mechanism. For that reason, this point was identified as the end of stage-1 combustion.
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Following stage-1 comes a new stage of combustion that presents the transition from

the auto-ignition of premixed diesel vapor along with the entrained gaseous fuel, into

the regime in which the majority of the gaseous fuel is expected to burn. This transient

stage (denoted T) lasts for a very short interval and is not characterized by the presence

of a certain dominate combustion mechanism. Instead, it is composed of the combustion

of the premixed diesel fraction left after stage-1 terminates, along with a corresponding

small part of methane that is responsible for the increase in the reaction rate illustrated

by the (dHRR/d) diagram. The transient stage terminates when the DF HRR starts to

increase again following the drop that takes place after the first peak. This is identified

as the crank angle at which the first derivative of the net HRR (dHRR/d) equals zero;

q��ா் = q |
ቀ
೏ಹೃೃ

೏q
ቁୀ଴

(5.5)

where ( ET) is the crank angle at which transient combustion stage terminates.

The termination of the transient stage indicates the beginning of stage-2 combustion, in

which the bulk of gaseous fuel-air mixture away from the influence of diesel pilot zone

is expected to burn; mostly in a turbulent flame propagation event [233]. Nevertheless,

the dominant combustion mechanism in this stage is largely determined by the relative

magnitudes of the diesel pilot and gaseous fuel available for combustion at this stage.

Figure 5.7 shows the contribution of turbulent flame propagation ensuing from gaseous

fuel combustion to the total heat release during stage-2 combustion; as estimated from

the corresponding cumulative HR profiles. Similar to the results presented in [228], a

linear correlation between the gaseous fuel amount and the incidence of turbulent flame

propagation in stage-2 combustion is established. Mixtures with methane equivalence

ratio (CH4) greater than 0.35 are capable of sustaining a stable flame-propagation. With

low %CH4 ratios, the mixing-controlled combustion of the diesel pilot rules over the

flame propagation of the gaseous fuel, as shown in Fig. 5.1. As the %CH4 increases,

the contribution of gaseous fuel combustion to stage-2 becomes prominent, and flame

propagation mechanism starts to dominate, as illustrated by Fig. 5.2. With high %CH4

as in Fig. 5.3, stage-2 combustion becomes almost entirely composed of turbulent flame

propagation of the gaseous fuel (provided that a bulk auto-ignition or knock does not

take place). In view of that, it is expected that the dominant combustion mechanism in

this stage will affect the formation of CO and HC emissions more substantially. It is to
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the point here to highlight that with some other research work [228], a low-intensity tail

on the HRR was observed to extend far into the expansion stroke, with no additional

HRR peak visible. This stage of combustion is characterized by much lower HRR levels

as well as longer combustion durations than the previous stages of combustion. While

this was not encountered in the present work, it is believed that the low-intensity stage

could be associated with a large amount of HC emissions; especially when considering

the inherent nature of diesel engines converted to dual-fuel operation to emit large HC

emissions at part load, owing to their large crevices volume [234]. This stage could be

thought of as a late burn-out of the remaining fuel in the cylinder, in keeping with the

classic description of premixed charge combustion [40].

It should be taken into consideration that the experimental results were obtained using

methane as the gaseous fuel. If NG is used instead, the variation of the gas composition

will alter engine combustion and emissions characteristics. As discussed in Chapter 2,

the presence of heavy hydrocarbons (e.g. ethane, propane) in NG enhances the mixture

ignitability and increases flame propagation rate, relative to pure methane [80]. Ignition

delay becomes shorter, relative to pure methane operation, and hence pilot fuel injection

timing has to be slightly retarded. Lean combustion limit is extended and HC emissions

are reduced with NG, compared with methane combustion, yet NOx emissions increase

as Tad increases [77]. In opposition, NG with large CO2 content will dilute the mixture
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and slows the reaction rates, yet reduces NOx [19]. In all cases, the lower LHV of NG

compared with methane means larger amount of the gaseous fuel is required to supply

the engine with the same energy level [19]. This involves a corresponding change in

the pilot fuel amount as well. To conclude, pilot fuel mass and its injection timing may

require readjusting should the gaseous fuel used changes from methane to NG [80].

5.4 Investigating Maximum Possible Methane Substitution for Diesel Fuel

The most challenging operating conditions for gas-diesel DF engines are those at very

low loads with high gaseous fuel substitution ratios. Using very lean mixtures and small

amounts of liquid fuel at these conditions, the engine suffers slow flame propagation

and even quenching. The flames originated from the pilot ignition regions cannot fully

propagate far enough within the time available to consume the entire fuel-lean mixture

[235]. This will leave some of the gaseous fuel unconverted or only partially oxidized;

as revealed by the increased CO emissions and unconverted methane in the exhaust gas

[236]. Although a notable feature of engine operation at these conditions is its inferior

performance, as demonstrated by the increased specific energy consumption, the engine

could still operate and produce consistent firing cycles. However, this lasts only until a

certain value of gaseous fuel substitution is met where a severe combustion instability,

misfiring, and excessive COVIMEP levels are encountered [237].

To investigate the value of maximum possible methane substitution for diesel fuel at

near-idle conditions, the engine was first run on conventional diesel operation at 5% of

its rated load at the particular speed. Methane was then introduced on the account of

diesel fuel and gradually increased until the first engine misfire/uncontrollable running

takes place, as noticed by the engine operator. Methane substitution ratio (%CH4) was

continuously monitored and recorded throughout; where the tests were conducted at

four engine speeds of 1600, 1500, 1400, and 1300 rpm. It is to the point here to mention

that for the current experimental setup, the test case 5% load @ 1300 rpm was the lowest

achievable conditions (load-speed) for a steady running, free of undesirable vibrations

and/or load fluctuation.

The trends of different parameters investigated at different speeds demonstrated a high

degree of analogy. In view of that and for space convenience, only the test results with

an engine speed of 1600 rpm are individually discussed, then the results with all speeds



5 COMBUSTION PROCESS IN METHANE-DIESEL DUAL-FUEL ENGINES AT LIGHT LOAD

135

will be collectively presented. Figure 5.8 shows the HRR data for the entire range of

methane substitution ratios for diesel fuel up to the maximum achievable value, at 5%

engine load and 1600 rpm.

At low load operating conditions where the amount of fuel is effectively small, stage-1

combustion is always dominated by the ignition and rapid combustion of the premixed

part of the diesel pilot. Following a very narrow transient stage, gaseous fuel conversion

in stage-2 combustion takes place in a non-flame propagation combustion event, as the

low CH4 (below 0.3) at these conditions is not sufficient enough to propagate a stable

flame [228]. The absence of a profound correlation between the mean value of the heat

released during stage-2 combustion (as an indirect measure of the turbulent flame speed

[228]) and the value of CH4 supports this theory. Gaseous fuel conversion process under

these conditions is, therefore, expected to follow a different mechanism other than the

flame propagation [228]. Stage-2 combustion here is categorized as “pilot-dominant”,

owing to the major contribution of the pilot (particularly at low-to-intermediate %CH4

levels); despite any involvement of the gaseous fuel.
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An approximation of the pilot contribution to DF combustion process could be inferred

from Fig. 5.9 that shows HRR trends for diesel-only operation using the same amount

of diesel fuel used as a pilot in the DF mode, at different %CH4 substitution ratios. It

could be seen that most of diesel combustion is characteristically a premixed, while the

second stage of combustion gradually declines as the injected fuel mass is reduced (as

discussed in Chapter 4). The trend of stage-2 combustion under dual-fuel operation is

the opposite, where the increased methane admission on the account of diesel increases

the heat release, but at slower rates, as shown in Fig. 5.8. The low-intensity combustion

of methane is expected to strongly contribute to the unburned HC emissions; especially

at high %CH4 ratios where the small pilot amount is mostly consumed during the early

stage of combustion [236]. Figure 5.8 shows that increasing methane on the account of

diesel fuel slows down the reaction rate and shifts the whole combustion process further

down in the expansion stroke. This should not be confused with the change in ignition

delay behavior observed in Fig. 5.9, as the latter is explicitly due to the change in load

conditions as diesel fuel quantity changes, as discussed in Chapter 4.
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At high %CH4 substitution levels, it could be seen from Fig. 5.8 that there is a threshold

point at which the net HRR pattern drastically changes; indicating a definite change in

combustion mechanism. In this case (5% load @1600rpm), this phenomenon occurred

at about 80% CH4 substitution and was characterized, on top of the notable change of

the HRR pattern, by the occurrence of pre-ignition reactions and reduced ignition delay.

The incident pre-ignition reactions are evident in Fig. 5.8 as a small release of energy

after the SOI (@ 10BTDC) and before the SOC (net HRR reaches 2 J/). Figure 5.10

shows a magnification of the inset outlined in Fig. 5.8, where the direct proportionality

of the ignition delay with %CH4 before the threshold and the reverse after the threshold

are clearly visible. The figure also shows the diminishment of the negative HR as %CH4

increases, since the increased substitution level means there is a lesser amount of diesel

fuel to be evaporated and heated up. The values of ignition delay (in milliseconds) with

different %CH4 substitution ratios are presented in Fig. 5.11.
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At low load with high %CH4 substitution ratios, the pilot injection mass is sufficiently

small that it could possibly evaporate completely [238], then locally intermix with the

very lean gaseous fuel-air mixture. It was found in some study [239] that the presence

of small concentrations of n-heptane vapor (to an extent of a fraction of 1%) can bring

about a substantial acceleration of the oxidation reaction of methane in air. Therefore,

it is believed that the presence of a small amount of higher hydrocarbon vapor, such as

the vapor produced from the diesel fuel pilot, can significantly enhance the combustion

initiation in dual-fuel engines, even without necessarily making a substantial change in

temperature or composition. Based on the phenomenological model for the combustion

of successive pilot-injections in diesel-only combustion [238], the ensuing combustion

mechanism following the threshold is an oxidation reaction of a diesel vapor-methane-

air mixture surrounding the ignition sites and predominantly governed by the chemical

kinetics [239]. This resembles the reactivity controlled compression ignition (RCCI)

combustion with methane as the low reactivity fuel and diesel fuel as the high reactivity

one [240]. The change in mechanism principally targets stage-2 combustion, although

it also influences stage-1 combustion. This could be inferred from comparing the values

of the first peak of the HRR data in Figs. 5.8 and 5.9 following the threshold. As shown

in Fig. 5.10, the pre-ignition reactions become more visible at the highest %CH4 where

minimal pilot mass used is likely to experience a complete evaporation. The resulting

enhanced combustion is reflected as a notable reduction in the ignition delay, as shown
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Data is for 5% engine load @ 1600 rpm. Injection timing is set @ 10BTDC.
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in Fig. 5.11, and also as a reduction in the duration of combustion (DOC) following the

threshold point (≈ 80% CH4 substitution), as shown in Fig. 5.12. While the changes in

the combustion mechanism and HRR pattern following the threshold are evident, the

change in combustion phasing, as represented by the center of heat release (COHR), or

the CA50, is relatively small; despite the large change in the ignition delay. This is due

to the increased HR in stage-2 combustion, while the HR in stage-1 becomes smaller.

However, CA50 shifts back towards the TDC after reaching its farthest position at the

threshold point; Fig. 5.13 shows the absolute positions of CA50 in crank angle degrees.
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The maximum possible methane substitution for diesel fuel in the current setup was as

high as 95%; as demonstrated above. This value largely exceeds that of 86% achieved

in another study using gaseous fuel induction into the intake manifold [58]. This proves

that the use of gaseous fuel injection into the intake, rather than induction using simple

venturis or gas mixers, is an effective way to extend gaseous fuel substitution limits in

dual-fuel engines. The pilot diesel injected mass corresponding to the 95% substitution

level at this operating condition was as low as 0.8 mg/stroke. In the current setup, this

is the minimum limiting value of the FIE used, below which the piezoelectric injectors

no longer delivers any fuel, as the engine ECU drops the signal automatically. That is,

the limiting factor in this condition is a system-limitation. Yet, at this point, the engine

is likely to be on the verge of uncontrollable running, where a high degree of instability

was encountered. The high level of cyclic variability (as represented by COVIMEPgross)

at high %CH4 ratios is shown in Fig. 5.14. The engine potentially experiences misfiring

cycles beyond this limiting point. The increased engine instability, combined with the

lower cylinder pressure and slow burning rate result in a retarded engine performance;

as indicated by the very low break thermal efficiency shown in Fig. 5.15. This indicates

that large part of the weak gaseous fuel-air mixture escapes the combustion process;

emitting significant HC emissions.
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While these detailed results were obtained at an engine speed of 1600 rpm, very similar

trends were obtained at the same load level (5% of the engine rated load) at other speeds

investigated. Figures 5.16, 5.17, and 5.18 show the HRR data for the entire range of

achievable %CH4 substitution ratios at 1500, 1400, and 1300 rpm; respectively. It could

be seen that the phenomena regarding the changes in HRR pattern and ignition delay

behavior are consistently encountered at different speeds. This supports the theory of

undergoing a change in the combustion mechanism at some specific %CH4 substitution

value; depending on the fuelling settings. As illustrated by Fig. 5.19, ignition delay (in

milliseconds) increases at all speeds as the %CH4 increases, but only up to the specific

threshold values, then decreases afterward. This reveals the incident change from the

low intensity-pilot dominant mechanism into a combustion of diesel vapor-methane-air

mixture that resembles the RCCI. At any given %CH4, ignition delay increases as the

engine speed decrease; only in the pilot-dominant regime where the physical parameters

(i.e. temperature and pressure) inside the cylinder are the governing factors. This agrees

with the behavior of diesel-only operation as discussed in Chapter 4. %CH4 substitution

ratio of 40% is an example of this case, as shown in Fig. 5.19.
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Figure 5.17 Net HRR data for DF operation with different % CH4 substitution ratios.
Data is for 5% engine load @ 1400 rpm. Injection timing is set @ 10BTDC.
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The two distinctive combustion mechanisms are revealed by the change in trend.
Data is for 5% engine load, SOI @ 10BTDC.
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As the combustion mechanism change, chemical kinetics of the oxidation reactions of

the fuel vapor-gaseous fuel-air mixture plays the key role [229]. Since the transition

takes place at less %CH4 substitution levels as the engine speed decreases; lower speeds

demonstrate shorter ignition delay following their transition, as higher speeds are yet to

undergo a complete transition into the RCCI-like mechanism. 80% CH4 is an example

of this condition; as shown in Fig. 5.19. The decisive criterion that discloses the change

in combustion mechanism is, therefore, considered to be the ignition delay behavior,

even if the change is yet to be visible on HRR trends. Figure 5.20 illustrates a simplified

two-dimensional map for the %CH4 substitution threshold values at which the transition

of combustion mechanism takes place, at different engine speeds. It could be seen that

this value drops from ≈80% at 1600 rpm to ≈70%, ≈65%, and ≈60% at 1500, 1400, and 

1300 rpm respectively. Reduced CH4-air mixture strength as the engine speed decreases

requires more concentration of higher hydrocarbon vapor [239], and hence larger pilot

quantities are required to initiate the transition at lower speeds. The dotted curved lines

represent the constant speed contours on which other operating conditions for different

%CH4 ratios should appear on the ṁdiesel -CH4 space; but they were omitted from the

figure for clarity. It is evident that the threshold values strongly depend on both ṁdiesel

and CH4, where a relationship between the two parameters is established throughout

the range of speeds examined. At any given engine speed, the points above the line of

transition are characterized as pilot-dominate combustion regime, where ṁdiesel rules.

Alternatively, the points below the line experience the RCCI-like combustion that is

largely affected by CH4. It should be noted that this correlation is valid only for the

current setup as obtained from the test cases examined, and any other fuel combinations

or operating conditions (different load, EGR, injection timing, etc) might be subjected

to a different boundary. The linear trend of the boundary in this test condition could be

attributed to the close range of speeds investigated.
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The increased in-cylinder reactivity as the higher hydrocarbon vapor participates in the

oxidation process, following the transition threshold, is also reflected as an accelerated

combustion at a shorter duration. Figure 5.21 shows the duration of combustion (DOC)

at different %CH4 substitution ratios; for different engine speeds. It could be seen that

DOC increases with the %CH4, but only up to the threshold, then decreases afterward.

The dotted line illustrates the trend for the 1300 rpm data. Contrasting the case with the

ignition delay, DOC is always shorter with higher engine speeds at any given %CH4;

regardless of the dominant combustion mechanism. This is attributed to the increased

degree of turbulence inside the engine cylinder that enhances the combustion process

under these conditions [58]. The absolute position of the center of heat release (CA50)

observes the opposite trend, as it largely depends on the amount of the fuel. Figure 5.22

shows that at any given %CH4, CA50 position at higher engine speeds is always further

in the expansion stroke relative to that at the lower speed. At all speeds, however, CA50

shifts back towards the TDC after reaching its farthest position at the threshold point.
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Figure 5.22 Center of heat release (CA50) at different speeds with different %CH4 substitution
ratios. The two distinctive combustion mechanisms are revealed by the change in
trend. Line of transition is not to scale and used for graphical representation only.
Data is for 5% engine load, SOI @10BTDC.
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The maximum possible methane substitution for diesel fuel in the test cases examined

drops from ≈95% at 1600 rpm to ≈93%, ≈89%, and ≈84% at 1500, 1400, and 1300 rpm; 

respectively. The corresponding values of diesel pilot injection mass at these last three

points were 0.9, 1.1, and 1.4 mg/stroke, respectively, which are greater than the limiting

minimum value of the FIE used (0.8 mg/stroke). Larger pilot masses imply an increased

degree of the in-cylinder reactivity; this is revealed by a larger amount of pre-ignition

heat release as illustrated in Fig. 5.23.

The fact that pilot masses exceed the FIE limiting value suggests that the restriction on

methane substitution under these conditions is not caused by a system-limitation. Figure

5.24 shows a two-dimensional map of the maximum possible methane substitution, in

ṁdiesel - CH4 space. Constant speed contours (on which other fuelling settings should be

plot) are partially represented by the dotted curves. At a given speed, any %CH4 value

higher than the upper limit, i.e. below the line, sets the engine at high level of instability,

uncontrollable running, and misfiring. This is evident by the elevated levels of engine

cyclic variability (represented by COVIMEPgross), as shown by Fig. 5.25. The restriction

on methane substitution at these conditions is considered as an operation-limitation.
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In opposition, the engine stability at any lower %CH4 substitution levels, i.e. above the

line, remains in the range with a COVIMEPgross value less than 8%. The engine observes

a stable RCCI-like combustion in diesel vapor-CH4-air mixture in this region, but only

within a certain boundary beyond which the combustion mechanism change into pilot-

dominant, as presented in Fig. 5.20. Figure 5.24 shows a linear correlation governing

the ṁdiesel - CH4 relationship at the maximum %CH4 substitution, for different engine

speeds investigated. This linear trend is observed until the line of the minimum diesel

injection amount is met. Any further increase in CH4 after this point takes place at the

minimum ṁdiesel amount, until the engine operation is limited by the COVIMEPgross value.

This supports the earlier observation found with engine speed of 1600 rpm, where a

combination of FIE limitation on fuel injection mass and high COVIMEPgross was met.

Once more, this correlation is valid only for this setup and test conditions, and might

change with different configuration.
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It could be seen from Fig. 5.25 that for the same power level (speed and load), engine

stability deteriorates as the gas substitution ratio increases. This is mainly attributed to

the variation of the burning rate of methane in the weak mixture (CH40.3). Partial burn

cycles appear more frequently as the substitution ratio increases until complete misfire

takes place at the ultimate COVIMEPgross value (~9%). The criterion on acceptable engine

stability levels under DF operation is usually considered as COVIMEPgross ≈5% [19]. This 

value is attained at higher substitution ratios as the engine power increases. The use of

larger pilot size enables the use of larger amount of gaseous fuel at higher substitution

ratio, where the engine load increases while the stability is maintained. Table 5.1 lists

the numeric values of two tests cases maintaining COVIMEPgross ≈3%, at constant engine 

speed of 1600 rpm. Engine load increases as a consequence of increasing both fuels.

Pilot size

(mg/stroke)

Gas admission @ COVIMEP≈ 3% 

(m3n/hr)

Substitution

ratio (%CH4)

Engine load

(% rated load)

5.8 0.9 40% 5%

6.7 3.4 70% 25%
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Figure 5.25 COV of gross IMEP at different engine speeds with different %CH4 substitution
ratios. Data is for 5% load. Injection timing is set @ 10BTDC.

Table 5.1 Impact of pilot fuel size on gaseous fuel amount and substitution ratio at the
same engine stability level (COVIMEPgross ≈3%), at constant speed of 1600 rpm.  
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The operation of dual-fuel engines at low load conditions is characterized by poor fuel

conversion efficiency. While lower engine speeds exhibit a slightly better fuel economy

as they encounter less friction, DF operation remains much inferior to conventional

diesel one; especially at high %CH4 substitution ratios. The diminished performance is

attributed to the poor fuel utilization as large part of the weak CH4-air mixture escapes

the combustion process, the slow burning rates, the lower cylinder pressure values, and

the increased engine instability. Figure 5.26 shows the brake thermal efficiency trends

for dual-fuel operation at different engine speeds, throughout the entire range of %CH4

substitution ratio investigated.
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5.5 Conclusions

In this chapter, combustion process in methane-diesel DF engines was experimentally

studied at light load (25%) with different substitution ratios (up to 80%). The maximum

substitution ratio of methane for diesel fuel at near-idle low-load conditions (5% of the

rated load) was investigated. The focus of the study was the heat release characteristics.

Some of the key findings are:

 Typical heat release diagram for gaseous fuel-diesel dual-fuel engines is made of

the following stages:

o Ignition delay: the period between the start of injection (SOI) of the diesel fuel

into the cylinder, and the start of combustion (SOC); identified in the present

work as the point at which the net HRR reaches 2 Joule/CAD.

o Stage-1 combustion: this stage is characterized by a sharp rise in the HRR curve

due to the combustion of a large amount of diesel fuel after the ignition delay

ends. There is an evident entrainment of some of the gaseous fuel into this stage;

particularly the part in the immediate vicinity of the pilot ignition sources.

o Transient stage: a very shorts stage presents the transition from the auto-ignition

of premixed diesel vapor along with the entrained gaseous fuel, into the regime

in which the majority of gaseous fuel is expected to burn.

o Stage-2 combustion: in which the bulk of the gaseous fuel-air mixture distant

from the influence of diesel pilot zone is expected to burn; mostly in a turbulent

flame propagation event (for gaseous fuel equivalence ratio CH4  0.35).

 Stage-1 combustion is always dominated by the ignition and rapid combustion of

the premixed part of the diesel pilot; regardless of the amount of gaseous fuel used.

However, the level of gaseous fuel entrainment increase with the substitution ratio;

indicating that it is more affected by the mixture strength than by the jet properties.

 The dominant combustion mechanism in stage-2 combustion is largely determined

by the relative magnitudes of diesel pilot and gaseous fuel available for combustion

at this stage. At low gaseous fuel concentration (CH4  0.3), the ensuing combustion

is categorized as a “pilot-dominant”, where the gaseous fuel conversion takes place

in a low-intensity non-flame propagation event.
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 At very low load and high substitution ratios, the pilot injection mass is sufficiently

small that it can evaporate then locally intermix with the very lean gaseous fuel-air

mixture; increasing the charge reactivity. This yields an RCCI-like combustion in

diesel vapor-methane-air mixture surrounding ignition sites. Complete evaporation

occurs at pilot masses as low as 1.6 mg/stroke, however, the combustion mechanism

starts to change at as much as twice this value.

 The substitution ratio threshold at which the combustion mechanism changes from

the low intensity-pilot dominant into the RCCI-like combustion reduces from ≈80% 

at 1600 rpm to ≈70%, ≈65%, and ≈60% at 1500, 1400, and 1300 rpm; respectively. 

The reason behind this is the need for a larger pilot mass (i.e. more diesel vapor) to

initiate the transition with weaker methane-air mixtures.

 At all speeds, ignition delay period increases with the increase of substitution ratio;

but only up to the threshold. The behavior is reversed following the threshold due

to the increased degree of reactivity inside the cylinder.

 The minimum amount of pilot injection mass with the current FIE used is 0.8 mg/

stroke. This presents a system-limitation on maximum achievable substitution ratio.

 The maximum gas substitution ratio achieved was as high as 95% at 1600 rpm. This

value decreases to 93%, 89% and 84% at 1500, 1400, and 1300 rpm; respectively.

Methane substitution beyond these limits is restricted by the ultimate value of the

COVIMEPgross value for a stable running (≈8% − 9%); i.e operation-limitation. 

 The use of larger diesel pilot injected mass allows for the use of a larger amount of

the gaseous fuel; without exceeding the stability criterion (COVIMEPgross ~ 5%).
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6 Effect of Pilot Pre-Injection on Dual-Fuel Engines Combustion

6.1 Introduction

In Chapter 4, it was proven that the use of split injection (i.e. pre-injection followed by

main injection) in HPCR diesel engines improves fuel economy and reduces the rates

of pressure rise. Chapter 5 revealed that the evaporation and mixing of a small diesel

fuel amount in the lean gaseous fuel-air mixture improves the combustion initiation and

changes the combustion mode. These findings complement the outcome of Chapter 3,

where it was shown that the use of pilot-split injection in dual-fuel engines changes the

combustion mode from the conventional diesel dual fuel (DDF) combustion to a novel

two-stage partially premixed dual fuel (PPDF) combustion that has several advantages

to engine combustion and emissions.

The aim of this chapter is to investigate the effect of pilot pre-injection on DF engines

combustion. The optimum injection strategy to attain PPDF combustion is determined,

and the influence of pilot pre-injection mass on the combustion process is examined.

The focus of the work is the light load operating conditions (25% of rated load), at wide

ranges of engine speeds and substitution ratios of methane for diesel fuel.

6.2 Overview and Method

As discussed in Chapter 3, the key to combustion mode change in dual-fuel engines is

the pilot fuel injection strategy [37]. Table 6.1 summarizes the differences in the pilot

injection strategy between DDF, HCCI-DF, and PPDF combustion modes.

Combustion Mode Pilot Injection Strategy Theory

Conventional DDF Single injection; late in the

compression stroke.

To act as an ignition source for the

premixed CH4-air mixture.

HCCI-DF Single injection; early in the

intake stroke.

To form a lean homogeneous mixture

of diesel with the CH4-air mixture.

PPDF Two injections; an early pre-

injection part (small size),

followed by a late injection

of the main part of the pilot.

The pre-injection part acts as an

ignition improver; the main pilot

injection then initiates the combustion

that further propagates throughout.

Table 6.1 Summary of the pilot injection strategy in different DF combustion modes.
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To approach PPDF combustion, the pre-injection part of the pilot should be optimized

in timing and quantity. With regard to timing, it should be noted that too early injection

will cause spray impingement and poor atomization of fuel, while too late injection will

lead to the incidence of classical diesel ignition [241]. To assess the optimum timing

with the current setup, a sweep of different pre-injection timings (ranging from 20 to

80 BTDC) was investigated under conventional diesel operation at 1600 rpm and 25%

load, with the main injection fixed at 10 BTDC. Any significant changes in the diesel

combustion mode would essentially be reflected on the subsequent combustion of the

gaseous fuel-air mixture [64]. To avoid any possible high rates of pressure rise with the

early injection timings, the pre-injection quantity was kept at 10% of the total diesel

fuel supplied to the engine. The resulting HRR curves when pre-injection is used were

compared with that obtained from the single injection of diesel fuel (set at 10 BTDC).

Figure 6.1 (a-d) show the resulting HRR curves for some selective test cases.
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It can be seen from Fig. 6.1 (b) that the relatively late injection timing @ 25 BTDC of

the pre-injection will result in the characteristic CI spray combustion mode (i.e. that

distinguishes diesel engines) of that pilot. This is attributed to the elevated high pressure

and temperature inside the engine cylinder upon injection, and hence as soon as the

ignition delay (ID) of that part of injection ends, it burns immediately. Nevertheless, in

contrast with the classical diesel combustion that is characterized by the presence of

two phases; premixed combustion (PMC) and mixing-controlled combustion (MCC) as

shown in Fig. 6.1 (a) and described in Chapter 4, the combustion of the relatively late

pre-injection will take place over only one stage, due to its limited quantity. This stage

(referred to as HTR-1) is predominantly a high-temperature reaction that increases the
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cylinder temperature significantly. Accordingly, the main part of the fuel subsequently

injected experiences a very short ID, after which it will burn in a second HTR (referred

to as HTR-2) with much less premixed fraction and lower noise levels; as discussed in

Chapter 4.

When the pre-injection timing is advanced, its ignition mode changes from the classical

diesel combustion mode into a two-stage combustion mode. As shown in Figs. 6.1 (c)

and (d), this mode is characterized by the presence of a low-temperature reaction (LTR),

or a cool flame zone, that has a high degree of reactivity due to a high level of radicals

[67]. In an ideal HCCI two-stage combustion, a negative temperature coefficient (NTC)

zone separates the LTR and the HTR regimes without any other heat release processes

[67]. Nevertheless, with an average advance of the pre-injection timing, e.g. 40 BTDC

as shown in Fig. 6.1 (c), in-cylinder conditions (pressure and temperature) are relatively

high and favor combustion. As a result, the LTR at these conditions could be followed

by a HTR of some part of the pre-injection (referred to as HTR-1), and the NTC is not

realized. Any unburned fraction of the pilot pre-injection will then burn in the main

combustion event (HTR-2) that takes place after the auto-ignition of the main injection.

With further advance of the pre-injection timing, e.g. 70 BTDC as illustrated in Fig.

6.1 (d), the NTC zone becomes recognizable after the LTR zone, while the HTR-1 no

longer exists. Instead, a combined HTR regime for the pre-injection along with the main

injection occurs, with a larger premixed part compared with the retarded per-injection

timings, and at higher rates of heat release. But in both cases, as long as the two-stage

ignition mode is attained, the LTR zone always occurs at a specific position; about 20-

25BTDC [67].

In view of that, it was concluded that an optimum pre-injection timing for the current

setup would be around 50 BTDC with the main injection timing set to 10 BTDC. This

would bring about a two-stage ignition mode of the pilot that promotes the combustion

of the main injection that subsequently burns at acceptable rates of heat release.

As far as the optimum quantity of the pre-injection part of the pilot is considered, it is

noted that too large pre-injections may cause high rates of pressure rise (ROPR) beyond

the acceptable levels. Too small quantities, on the other hand, might not be capable of

producing the desired cool flame reactions and active radicals. Another critical factor
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that has to be considered is the limitation on the minimum amount of fuel that could be

injected through a given FIE, as discussed in Chapter 5. In conventional diesel engines

with split injection strategy, the pre-injection part is usually set to a certain percentage

of the total diesel fuel used at the particular operating condition. This procedure was

preliminary used in the current work, to quantify the size of the pre-injection part of the

pilot; i.e.:

% FR௉௥௘ =
௠̇ ುೝ೐

௠̇ ವ
× 100% (6.1)

where (%FRPre) is the size of the pre-injection, as a fixed ratio (percentage) of the total

diesel fuel supplied to the engine (inclusive of the pre-injection),(݉ሶ௉௥௘) is the mass

flow rate of the pre-injection, and (݉ሶ஽) is the total mass flow of the diesel fuel.

To set a solid base of comparison, the value of %FRPre should be kept constant for all

test cases examined. To assess the value that could be maintained throughout the entire

range, a sweep of different pre-injection masses (ranging from 5% to 25% FRPre) was

investigated under conventional diesel operation at 1600 rpm and 25% load. The sweep

tests were conducted at the optimum pre-injection timing of 50BTDC (as determined

earlier) and main injection timing of 10BTDC. Figure 6.2 shows the Net HRR data for

pre-injection masses of 10% and 20%FRPre. It could be seen from the figure that the

quantity of pre-injection does not affect the position of the LTR zone (it appears at 20-

25 BTDC as highlighted above), but it slightly affects its magnitude. This is attributed

to the availability of large amount of fuel with larger pre-injection masses to go through

the cool flame reactions. It is the relative magnitudes of the HTR zones that experience

the more apparent change, where the larger %FRPre leads to the release of larger amount

of active radicals that promotes the combustion of some of the pre-injection part; owing

to the relatively high cylinder temperature at these conditions. For that reason, the HTR-

1 zone becomes more distinguished in Fig. 6.2 (b) as more fuel experiences combustion.

The HTR-2 at these conditions exhibits a smaller premixed part, because of the reduced

contribution of the pre-injection from one side, in addition to the reduced ID of the main

injection from the other side (shorter ID reduces the premixed fraction, as discussed in

Chapter 4). It should be taken into consideration that the designated %FRPre has to be

achievable at all %CH4 substitution ratios investigated, to solidify a base of comparison.
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As the current work involves CH4 substitution ratios as high as 80%, it was found that

a value of 20% FRPre would be the optimum pre-injection ratio that could consistently

be realized without compromising the cool flame effect or the ROPR.
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6.3 PPDF Combustion vs. Conventional DDF Combustion

The outcome of the sweep tests reveals that the sought-after change in the pilot ignition

mode could be achieved by employing a pilot pre-injection quantity of 20% of the total

diesel fuel (i.e. 20%FRPre) injected at 50 BTDC, while the main injection is kept at 10

BTDC. This injection strategy will be employed in dual fuel operation in an attempt to

attain the PPDF combustion modes. The results of PPDF tests are then compared with

those obtained from conventional DDF operation (with single injection @10BTDC),

at the same operating conditions. The focus of the study is the light load conditions that

prevail in city traffic. Therefore, the experiments were conducted at 25% of the engine

rated load at a wide range of speed from 2000 rpm down to 1400 rpm, with different

substitution ratios of methane for the diesel fuel (from 20 to 80% on energy basis).

Figure 6.3 (a) and (b) show the in-cylinder pressure traces and the associated values of

maximum ROPR for DDF and PPDF combustion modes at different CH4 substitution

ratios. From the figure, it can be seen that PPDF mode exhibits higher cylinder pressure

values compared with conventional DDF mode; particularly at high %CH4. The reason

behind this is the earlier start of combustion associated with the use of pre-injection in

PPDF, as the presence of active radicals from the LTR zone promotes the combustion

process. The earlier start of the intensified combustion yields higher cylinder pressure

values [242]. The effect is more voluminous at high %CH4, as DDF combustion itself

at these conditions exhibits prolonged combustion duration, as discussed in Chapter 5,

which results in lower cylinder pressure values. Above and beyond, the use of pilot pre-

injection in PPDF means that the combustion process will start with an auto-ignition of

a less amount of the diesel fuel, and hence the maximum ROPR values are much less

compared with DDF. The average reduction in maximum ROPR with PPDF is as high

as 17%. This is advantageous to engine combustion noise, fuel economy, and NOx and

PM emissions [40].
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Figure 6.4 (a) and (b) show the net HRR traces, along with the corresponding positions

of the occurrence of CA50; for both DDF and PPDF modes at different CH4 substitution

ratios. The LTR zone could be observed with PPDF combustion as already discussed,

although its magnitude notably decreases with the increase of % CH4. This is the natural

consequence of the decrease in the pre-injection mass, as the total diesel fuel injected
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decreases according to Equation (6.1) above. However, it is believed that the small pre-

injection is still capable of increasing the degree of reactivity inside the engine cylinder

and promoting combustion. This is evident by the enhanced burning rates and reduced

combustion duration at all %CH4 ratios; in contrast with DDF [89]. Yet, HTR-1 zone

decreases as the %CH4 increases; owing to the reduced pre-injection quantity.

-10

10

30

50

70

90

320 340 360 380 400 420 440

N
e

t
H

R
R

(J
/

)

CAD ()

Net HRR for DDF

20%

40%

60%

80%

%CH4

2000 rpm; 25% load

(a)

-10

10

30

50

70

90

320 340 360 380 400 420 440

N
e

t
H

R
R

(J
/

)

CAD ()

Net HRR for PPDF

20%

40%

60%

80%

%CH4

2000 rpm; 25% load

(b)

LTR
HTR-1

HTR-2

Figure 6.4 Net HRR data and the corresponding positions of the occurrence of CA50 (inset),
for (a) conventional DDF operation with single pilot injection @10 BTDC, and
(b) PPDF operation with 20%FRPre @50 BTDC and main injection @10 BTDC.
Data is for 25% load at 2000 rpm, for 20, 40, 60 and 80% CH4 substitution ratio.

368.49
369.36

371.40

374.49

368

370

372

374

376

0% 20% 40% 60% 80% 100%

% CH4

Center of heat release (COHR) - CA50

363.95
363.31

363.99

365.49

362

364

366

368

370

0% 20% 40% 60% 80% 100%

%CH4

Center of heat release (COHR) - CA50



6 EFFECT OF PILOT PRE-INJECTION ON DUAL-FUEL ENGINES COMBUSTION

163

Combustion phasing, as represented by CA50, is much improved with PPDF, where

the major part of the heat release takes place closer to the TDC; producing a more useful

work [243]. The late stages of heat release with PPDF are also free of any ringing visible

(unlike DDF); demonstrating the reduction of combustion noise.

The effect of pre-injection on engine stability and performance is illustrated in Figs. 6.5

and 6.6, respectively. It could be noticed from Fig. 6.5 that the use of pre-injection in

PPDF mode maintains the engine cyclic variability (as represented by COVIMEPgross) at

acceptable levels (2-3%) throughout the entire range of %CH4. This is attributed to the

intensified combustion in the PPDF mode that provides better engine stability [242].

With DDF, on the contrary, the use of high %CH4 ratios is always associated with high

cyclic variability, particularly at part load, owing to flame propagation problems [244].

This has been demonstrated in Chapter 5, where the increased COVIMEP was even found

to set and operating-limit on the conventional DDF operation at high %CH4 substitution

ratios. Above and beyond, Fig. 6.6 shows that more than 5% improvement in the engine

performance, as represented by the brake thermal efficiency, could be achieved when

the engine is switched from DDF to PPDF operation. This improved performance is the

consequence of the combination of many factors; including increased cylinder pressure,

reduced ROPR, enhanced combustion intensity, faster burning rate, better combustion

phasing, and increased engine stability.
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The improved fuel economy with PPDF mode means that the engine will work at lower

total equivalence ratio (tot) compared with DDF; as illustrated by Fig. 6.7. The reduced

total equivalence ratio involves the reduction of both fuels; (݉ሶ஽)and(݉ሶ஼ுସ), as implied

by Equation (5.1). That is, the lean operating limit of the engine could be extended. In

addition, the reduced (݉ሶ஽) with PPDF, as shown by Fig. 6.8, implies a corresponding

reduction in the PM emissions originated from the diesel fuel pilot. This effect is more

influential at low % CH4 substitution ratio where the diesel pilot size is more significant,

and hence the reduction in the PM emissions becomes more tangible.
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6.4 Influence of Pre-Injection Mass on PPDF Combustion

The quantification of the pre-injection part of the pilot as a fixed ratio (FR) of the total

diesel fuel supplied to the engine, as per Equation (6.1), does not present any hurdle to

the mono-fuel operation of diesel engines with split injection. Nevertheless, it could be

challenging to dual-fuel operation, where the relative proportions of gaseous fuel and

diesel could change at the same power level produced. With high levels of gaseous fuel

substitution, the total diesel fuel mass becomes considerably small, and as a result, the

mass of the pre-injection part of the pilot could substantially drop; potentially losing its

effect. To examine the influence of pilot pre-injection mass on PPDF combustion, an

alternative way of quantifying the size of the pre-injection was developed. In this new

approach, referred to as fixed mass (FM) strategy, the mass of the pre-injection is held

constant at a certain value, and any gaseous fuel addition will take place on the account

of the main injection part of the pilot. As already discussed in Section 6.2, the optimum

value of the %FR that was achievable with the current fuel injection equipment (FIE)

system throughout the range of test cases, without substantially affecting the cool flame

reactions or the ROPR, was found to be 20%. In view of that, it was decided to set the

base value of fixed mass strategy (%FM) to be 20% of the total mass of the diesel fuel

used to operate the engine under conventional diesel operation at the specified operating

conditions. This value (3.2 mg/stroke) was held constant throughout all the %CH4 used,
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and any change in the total diesel fuel quantity (as a result of a corresponding change

in gaseous fuel) was solely addressed by changing the main injection part of the pilot.

It is to the point here to highlight that fuel flow rates were measured on a global basis;

i.e. as a total amount supplied to the engine rather than to each individual cylinder. As

discussed in Chapter 4, this could possibly lead to some errors due to the potential lag

in the electrical signal to the injector from cycle-to-cycle, and any difference to valve

timing. Again, these errors are difficult to account for but they remain marginal.

The impact of pilot pre-injection mass on PPDF combustion becomes more voluminous

at the operating conditions where limited quantity of diesel fuel is used. In view of that,

it was decided to deliver a comparative study between PPDF with FR pre-injection (will

be referred to as FR-PPDF) and with FM pre-injection (will be referred to as FM-PPDF)

at the lowest test speed of 1400 rpm; at 25% engine load. For both strategies, the timings

of the pre-injection and the main injection were kept @ 50 and 10 BTDC respectively,

in keeping with the results of the sweep tests as concluded in Section 6.2 above. Figure

6.9 (a) and (b) show the cylinder pressure traces and the associated values of maximum

ROPR at each combustion mode; for different CH4 substitution ratios. It can be seen

from Fig. 6.9 (a) that the in-cylinder pressure with FR-PPDF combustion considerably

drops as the %CH4 increases; while FM-PPDF combustion always maintains the high

levels of cylinder pressure as shown in Fig. 6.9 (b). This could reveal that with FR pre-

injection, the decrease of the pre-injection mass as the %CH4 substitution ratio increases

eventually causes the pre-injection to lose its effect in promoting the combustion. As a

consequence, the ignition delay (ID) of the main part of the diesel gets prolonged as the

%CH4 increases [51]. The late start of combustion (SOC) means that the peak cylinder

pressure will be attained at a later position relative to the TDC; i.e. at lower value. With

FM pre-injection, on the other hand, the presence of active radicals from the LTR zone

promote the combustion process. The earlier start of that intensified combustion yields

higher cylinder pressure values [242]. In addition, since the increase in the %CH4 takes

place on the account of the main injection, the main combustion event will start with

the auto-ignition of a less amount of diesel fuel, and hence the maximum ROPR values

become much less; the average reduction in the maximum ROPR exceeds 8%. This is

advantageous to combustion noise, fuel economy, and NOx and PM emissions [40].
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Figure 6.9 In-cylinder pressure and the associated maximum ROPR (in the inset); for (a)
20% fixed ratio (FR) PPDF combustion, and (b) 20% fixed mass (FM) PPDF
combustion. For both cases, pre-injection and main injection timings are kept
@50 BTDC and @10 BTDC, respectively. Data is for 25% load at 1400 rpm,
for 20, 40, 50 and 60% CH4 substitution ratio.
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Figure 6.10 (a) and (b) show the net HRR traces, along with the corresponding positions

of the occurrence of CA50 for FR-PPDF and FM-PPDF combustion modes; at different

CH4 substitution ratios. The influence of the reduction of the FR pre-injection mass as

the %CH4 is increased could be clearly noticed in Fig. 6.10 (a), where the reduction in

the pre-injection mass results in a decay in the LTR zone; reducing the amount of active

radicals that promote the combustion. Consequently, the ability of the pre-injection to

sustain a reaction (HTR-1) that leads to the entrainment of some of the methane in this

stage becomes very limited; especially with high substitution ratios. The resulting main

combustion (HTR-2) therefore much resembles that of conventional DDF, where the

ignition delay and combustion duration both increase with the increase of %CH4. With

FM pre-injection, it is evident from Fig. 6.10 (b) that the magnitude of the LTR zone is

almost the same, while it shows a slight shift towards the TDC as %CH4 increases. This

could be attributed to the incidence of some chemical interactions between the methane

and the diesel fuel vapor [51]. In general, the increased reactivity due to the cool flame

reactions leads to the entrainment of some of the methane in the combustion of the pre-

injection part of the pilot. This is demonstrated by the increased magnitude of the HTR-

1 stage prior to the commencement of the main combustion (identified as the sharp rise

of the HRR curve) and the subsequent increase in the cylinder temperature and pressure

[245].

The distinctive aspect of the process with FM-PPDF combustion at these conditions is

the ignition delay behavior. The value of ID almost remains unchanged with all %CH4

employed; in contrast with FR-PPDF. Similarly, the duration of combustion is almost

unchanged for all %CH4 ratios. In view of that, it could be postulated that the effects of

the increase of %CH4 on elongating the ignition delay and combustion duration could

be excluded if a certain degree of charge reactivity is attained through using a sufficient

per-injection mass. The ensuing intensified combustion takes place very rapidly during

a few CADs [89], with the improved flame propagation at high %CH4 brings the CA50

closer to the TDC. The case was reversed with the FR-PPDF, where the increased

substitution ratio leads to the occurrence of the CA50 further away from the TDC; again

due to the decay of the influence of the pre-injection as its mass get significantly small.

It is to the point here to highlight that for adiabatic engines, the optimal CA50 is attained

just right at the TDC [243].
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As far as the engine stability and fuel economy are considered, it could be seen from

Fig. 6.11 that FM-PPDF exhibits a slightly better engine stability (represented by the

lower value of COVIMEPgross), while Fig. 6.12 demonstrates that this mode also yields a

slightly higher brake thermal efficiency compared with FR-PPDF combustion mode.
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This slight improvement in BTE could be attributed to the higher in-cylinder pressure

levels at the early stages of the expansion stroke, along with the reduced ROPR levels.

Nevertheless, the values obtained with FR-PPDF are still very comparable.

The slight improvement in engine performance could be further demonstrated by Figs.

6.13 and 6.14 that present the values of the total equivalence ratio (tot) and the total

diesel fuel mass, respectively, for both injection strategies. The figures reveal that only

minor reductions in both the (tot) and the total fuel mass are attained with FM-PPDF
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Figure 6.11 Coefficient of variation (COVIMEPgross); for both FR-PPDF and FM-PPDF modes.

Figure 6.12 Brake thermal efficiency (%); for both FR-PPDF and FM-PPDF modes.



6 EFFECT OF PILOT PRE-INJECTION ON DUAL-FUEL ENGINES COMBUSTION

171

strategy compared with FR-PPDF strategy. In view of that, it is expected to experience

a corresponding minor change in the PM emissions; yet the larger pre-injection mass is

expected to increase the global mixture strength and reduce CO and HC emissions [37].

The reduced size of the main injection part implies a corresponding reduction in the

spray-cone rich mixture zone; potentially reducing NOx emissions in some measure

[39]. Any elimination of the hot and rich zones inside the cylinder with less diffusion

flame is effective in reducing NOx [246].
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6.5 Conclusions

In this chapter, the effect of pilot pre-injection, as well as the influence of its mass on

DF engine combustion were investigated and analyzed. The study covered a wide range

of engine speeds (from 1400 to 2000 rpm) at 25% load, with different substitution ratios

of methane for diesel fuel (ranging from 20 to 80% on energy basis). Some of the key

findings are:

 The use of pilot pre-injection changes the combustion mode from the conventional

diesel dual fuel (DDF) combustion into the two-stage partially premixed dual fuel

(PPDF); if the pre-injection timing and quantity are optimized.

 PPDF combustion is attained with pre-injection timings between 40 and 80 BTDC,

and quantities between 10% and 20% of the total diesel fuel. In this work, the values

of 50 BTDC and 20% gave the optimum results, with the main injection timing set

at 10 BTDC.

 The high level of active radicals with PPDF combustion results in a more intensified

yet smoother combustion, with faster burning rate and better combustion phasing.

 About 17% reduction in the maximum ROPR and 5% increase in the brake thermal

efficiency could be obtained with PPDF combustion, while maintaining the engine

stability at acceptable levels (2-3%); even with high %CH4 substitution levels.

 The total equivalence ratio with PPDF is less than that with DDF, meaning that the

engine lean operating limit could be extended; increasing the practicality.

 The pre-injection mass has to be kept a certain level to remain capable of changing

the combustion mode. This approach is referred to as the fixed mass (FM) PPDF,

as opposed to the fixed ratio (FR) PPDF. This value is 3.2 mg/stroke for this work.

 FM-PPDF strategy maintains high cylinder pressure values with high %CH4 levels,

and at the same time provides about 8% reduction in the maximum ROPR. It also

offers a slight improvement in engine stability and performance.

 Unlike conventional DDF or FR-PPDF modes, the commencement and duration of

the main combustion event in FM-PPDF mode are both not influenced by the level

of %CH4 substitution. It is the degree of charge reactivity that plays the key role.
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7 Discussion and Conclusions

7.1 Introduction

The work presented in this thesis has been undertaken to provide a better understanding

of combustion initiation and development in light-duty common rail diesel engines dual

fuelled with methane. The aim was to establish how the heat release characteristic and

work output of these engines depend on the pilot injection strategy and the percentage

of energy substitution of methane. The focus of the study was the light load operating

conditions. This chapter serves to provide the overall discussion of the work presented

in the thesis as well as the key findings. The suggestions of future work that complement

the present contribution are also highlighted. Finally, the main conclusions of the thesis

are presented.

7.2 Discussion

The research on gas-diesel dual fuel (DDF) engines is derived by the imperative need

to reduce the dependence on diesel fuel as a finite energy source and reduce the harmful

pollutant emissions from diesel engines [247]. In DDF engines with gas port-injection,

the use of two independent fuelling systems for diesel pilot and gaseous fuel provides

a high level of control over the charge preparation and hence on the ensuing combustion

process [228].

To obtain a better insight into the combustion process in DFF engines, the present work

has developed a simple yet very effective technique through the resolving the HRR data

of DF operation into its component; i.e. diesel and methane contributions to the energy

release process. The study covered a wide range of methane substitution for diesel fuel;

ranging from 30% up to 80%, at quarter load (25%) conditions for engine speed of 1600

rpm. The diesel contribution in each case has been estimated from the conversion of the

engine into the diesel-only operation using the exact amount of diesel fuel used as a

pilot in the specific DF operating condition. The apparent contribution of methane has

been approximated as the arithmetic difference between dual-fuel HRR and diesel-only

HRR at any given crank angle as per Equation (5.3). Data analysis has revealed that the

main fuel conversion processes in DF operation take place over two stages, referred to
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in the present work as Stage-1 and Stage-2, where the dominant combustion mechanism

in each stage is essentially determined by the relative quantities of the two fuels.

Stage-1 is always dominated by the ignition and rapid combustion of the premixed part

of the diesel pilot; regardless of the amount of methane used. Contrasting what has been

reported in other studies [233], the present work has demonstrated that the combustion

of the gaseous fuel in the immediate vicinity of the ignition sources of the pilot is not

sequential to the pilot combustion itself. There has been an evident entrainment of some

of the gaseous fuel into the pilot combustion in this stage, where this part increases with

the increase of the gas substitution ratio. This behavior indicates that this entrainment

is more affected by the mixture strength than by the jet properties. With %CH4 as high

as 80%, almost one-third the HR in Stage-1 combustion has been produced from CH4

combustion. The premixed peak of HRR rate is considerably influenced by the presence

of methane; revealing that it is not only the diesel pilot that influences NOx emissions

formation at these conditions [236].

Unlike the classical diesel combustion where the MCC commences immediately after

the PMC, DDF combustion is characterized by the presence of a transient stage between

the diesel auto ignition and the gas bulk combustion. This stage lasts for a very limited

time and is not characterized by any dominate combustion mechanism. The role of this

stage in emissions formation is ambiguous and difficult to expect. Stage-2 experiences

the combustion of the bulk of gaseous fuel-air mixture away from the influence of diesel

pilot zone. It is therefore responsible for the formation of HC (mostly composed of CH4

in this condition; that is why the phenomenon is usually referred to as “methane-slip”

[37]) and CO more substantially [228]. The dominant combustion mechanism in Stage-

2 is largely determined by the relative magnitudes of diesel pilot and methane available

for combustion. For high CH4 concentrations (CH4  0.35), this stage is characterized

by the incidence of turbulent flame propagation event, while for weak mixture strength

(CH4  0.3), gaseous fuel conversion occurs in a low-intensity non-flame propagation

event, categorized as a “pilot-dominant” combustion. This slow combustion reaction is

expected to produce a large amount of unburned products [228].
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The increased substitution ratio also results in an increase in the ignition delay; in most

operating conditions. This is the consequence of combined factors; comprising reduced

oxygen partial pressure (as methane replaces some of the air), reduced temperature (due

to the increased specific heat of the mixture; aka cooling effect of methane admission)

[231], and the competition for active radicals between diesel fuel and methane [232].

This has been found to be the case in all test conditions examined; unless there has been

a global change in the combustion mode. As discussed in Chapter 5, this change could

take place if the pilot mass is sufficiently small that it could fully evaporate then locally

intermix with the very lean methane-air mixture. The presence of a small concentration

of the higher-hydrocarbon vapor enhances the combustion initiation in DDF engines

and reduces the ignition delay. The ensuing combustion mechanism is predominantly

governed by the chemical kinetics, and it can be described as an RCCI-like combustion

with methane as the low reactivity fuel and diesel fuel as the high reactivity one [240].

This phenomenon has been encountered in the present study at the very low loads (5%)

with high substitution ratios. It has been proved that the degree of cylinder reactivity

increases with the increased amount of diesel fuel vapor. Complete evaporation of the

diesel pilot has taken place at injection masses as low as 1.6 mg/stroke; despite the fact

that the combustion mechanism may start to change at as much as twice this value. The

substitution ratio at which the combustion mechanism changes (referred to as threshold

value) essentially varies with fuelling conditions (as governed by engine power level).

It has been found that weaker methane-air mixture requires more concentration of the

higher-hydrocarbon vapor, i.e. larger pilot, to create a combustion mode change. The

duration of combustion (DOC) follows the same trend as the ignition delay; it increases

with methane substitution up to the threshold value, and then decreases afterward. All

in all, it could be concluded that employing novel combustion modes in DDF engines

has the potential to speed up the slow combustion process under light load conditions.

Whilst the RCCI-like combustion in the present work has been encountered at the very

low load conditions, its potential benefits could be more realized under a wide range of

operating conditions if the change in combustion mechanism has been attained through

employing advanced injection strategy. This is further discussed later in this section.
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There have been several factors affecting the maximum possible methane substitution

for diesel fuel; some of them are identified as “system-limitations” while the others are

viewed as “operation-limitations”. The most prominent system-limitation is one related

to the minimum limiting value of the FIE used, as this value determines the maximum

substitution ratio attainable at a given power level. In the current setup, this value has

been found to be 0.8 mg/stroke, where it has yielded a maximum substitution ratio of

95%. With recent development of FIEs, this value has been pushed further down to as

low as 0.3 mg/stroke [248], where some studies achieved a substitution ratio as high as

97% to 98% [249]. Regardless of the FIE of diesel fuel used, the use of gaseous fuel

injection into the intake, rather than induction using simple venturis or gas mixers, is

an effective way to extend the gaseous fuel substitution limits in DDF engines. Another

limitation on the maximum possible methane substitution for diesel fuel has been found

to be the limiting value of the COVIMEP for engine stable running. This value has been

experimentally identified in the present work as 8% – 9%. Beyond this level, the engine

has suffered high degree of instability, uncontrollable running, and even misfiring. For

that reason, no further admissions of CH4 were possible if this operation-limitation have

been reached.

There are some other operation-limitations on the maximum possible %CH4 that have

not been investigated in the present work; yet they do exist. For instance, the maximum

allowable cylinder pressure values, as well as the maximum ROPR, put constraints on

the amount of gaseous fuel used at high loads where the burning rate becomes very fast

[247]. The maximum permissible exhaust gas temperature is another limitation at these

conditions (exhaust manifold and turbocharger material constraint) [54]. The requested

reduction in NOx emissions might also be compromised with high %CH4 at high load

conditions [247]. Elevated HC and CO emissions, on the other hand, as well as retarded

engine performance characterize high %CH4 ratios at low load conditions, even if the

limiting COVIMEPgross is yet to be met [19].

It has been found possible to tackle many of the negative aspects accompanying light

load operation of DDF engines through the use of pilot split-injection strategy. This has

been proven effective to change the combustion mode into a novel two-stage partially-

premixed dual fuel (PPDF) combustion [250]. In this mode, the diesel pilot is split into
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two injections; an early pre-injection of a comparatively small part of the pilot, followed

by a late injection of the main pilot. The pre-injection part acts as an ignition improver

in a low-temperature reaction (LTR) regime of high degree of reactivity, while the main

injection then initiates the high-temperature reaction (HTR) combustion throughout the

cylinder charge [87]. That is, the combustion mode change is attained in a controllable

manner through the pre-injection, and combustion initiation is accurately timed by the

main injection and not ultimately governed by the chemical kinetics (unlike DF-HCCI

combustion) [88].

For a successful application of PPDF combustion in DF engines, the pre-injection part

of the pilot should be optimized in timing and quantity. Too early injection timing must

be avoided not to cause spray impingement, while too late timings will not be effective

in changing the combustion mode. Also, large pre-injections may result in unacceptable

ROPR values, while too small injections might not be capable of producing the desired

cool flame reactions and active radicals. In the present study, the desirable change in

the pilot ignition (and subsequent combustion) mode has been achieved by employing

a pilot pre-injection quantity of 20% of the total diesel fuel injected at 50 BTDC, while

the main injection is kept at 10 BTDC (for 25% load at wide range of speeds).

The results of the comparative study between conventional DDF combustion and PPDF

mode have demonstrated that PPDF exhibits higher cylinder pressure values compared

with conventional DDF mode; at all %CH4 ratios. This has been attributed to the effect

of active radicals in promoting the combustion process [242]. The implication of that

is the ability of the engine to produce more useful power output, should the combustion

phasing has been carefully adjusted. Also, up to 17% reduction in the maximum ROPR

has been attained with PPDF as the main combustion event begins with less amount of

diesel fuel, compared with DDF. This is advantageous to engine combustion noise, fuel

economy, and NOx and PM emissions [40]. PPDF combustion has also demonstrated

a better combustion phasing, as represented by CA50, and a better engine stability, as

represented by COVIMEPgross, compared with DDF. With PPDF, it has been possible to

have the major part of the heat release takes place closer to the TDC while keeping the

COVIMEPgross at acceptable levels (2-3%) throughout the entire range of %CH4. PPDF

is therefore believed to be a very successful strategy to maintain a stable engine running

with high methane substitution at light load condition.
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The combined influence of higher cylinder pressure with low ROPR, faster burning rate

with better phasing, and increased stability with reduced noise produces as high as 5%

improvement in the engine brake thermal efficiency under PPDF mode; compared with

conventional DDF operation. The improved fuel economy means that the engine works

at lower total equivalence ratio; i.e. the lean operating limit has been extended [251].

The lower total equivalence ratio also implies a reduction in the diesel fuel pilot mass;

resulting in a reduction in the PM emissions.

The mass of the pre-injection part of the pilot has been found to be very influential on

PPDF combustion mode; particularly at light load operation with high levels of methane

substitution [252]. In these circumstances where the total pilot size becomes small, the

quantification of the pre-injection part as a ratio of the pilot is perhaps inadequate as its

mass could be too small to cause the desired change in the combustion mode. A detailed

analysis of the influence of pre-injection mass on PPDF combustion has been presented

in Chapter 6. Contrasting the fixed ratio (FR) quantification of the pilot, an alternative

way has been introduced in which the pre-injection size was set as a fixed mass (FM),

while any gaseous fuel addition takes place on the account of the pilot main injection.

The optimum value of the fixed mass pre-injection has been found as 20% of the total

mass of the diesel fuel used to run the engine at the specified operating conditions under

conventional diesel operation. It has been found that FM-PPDF operation maintains the

high cylinder pressure values at high %CH4 ratios where FR-PPDF has failed to do so;

indicating that the small pre-injection mass with the latter has potentially lost its effect

in promoting combustion. Also, the maximum ROPR with FM-PPDF has exhibited 8%

reduction compared with FR-PPDF, since the main combustion event with the former

starts with less amount of diesel fuel. Once more, this is beneficial to engine noise level,

fuel economy, and emissions [40].

Under the test cases examined, it has been found that the values of ignition delay and

duration of combustion remain unchanged with all %CH4 levels under FM-PPDF mode.

This reveals that the influence of increased gaseous fuel concentration on these two

parameters could be excluded if a certain degree of charge reactivity is attained through

using a sufficient per-injection mass. More intense study of this phenomenon could lead

to developing a method for an accurate control over the commencement and duration
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of combustion process in DF engines regardless of the level of gaseous fuel substitution.

There has been only slight improvement in engine stability and fuel economy with FM-

PPDF compared with FR-PPDF mode. Also, FM-PPDF is expected to have lower levels

of CO and HC emissions owing to the increased mixture strength with using larger pre-

injection, and less NOx emissions due to the reduced spray size of the main injection

[37, 39].

7.3 Further Work to Complement This Thesis

The work presented in this thesis has provided important information with regard to the

combustion and performance of methane-diesel DF engines at light load operation, and

answered some critical questions on the topic. It could be complemented by some other

additional efforts:

7.3.1 Exhaust emissions analysis

While dual-fuelling of diesel engines with methane is an effective way to reduce CO2

and PM emissions, owing to the low carbon-to-hydrogen ratio of methane and its simple

molecular structure, NOx and HC emissions remain an issue regardless of engine load

conditions. Based on the detailed HRR analysis presented in Chapter 5, it is understood

that formation of NOx emissions largely takes place in the first stage of DF combustion,

while HC emission formation dominates the second stage. NOx formation is primarily

associated with the pilot combustion zone, where the local temperature is very high and

there is a sufficient time for the oxygen-nitrogen reactions to proceed [30]. This will be

amalgamated with further NOx formation (to a lesser degree) from the heated mixture

zone entrained in pilot combustion and in its immediate vicinity; it has been established

in Chapter 5 that there is an evident entrainment of the gaseous fuel in the first stage of

combustion. Only marginal NOx formation is expected afterward from the combustion

of the overall lean mixture, while flame propagation plays a large role in NOx formation

from richer mixtures [253]. Generally, NOx formation in DDF engines largely depends

on both the pilot fuel size and the total equivalence ratio [19]. The relationship is very

complex where several mechanisms do exist [37], and it needs more investigation. HC

emissions in DDF engines are predominantly composed of methane, where there are
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two major sources contribute to HC formation; combustion chamber crevices and flame

quenching [254]. It has been found that with very lean operation of DDF engines, flame

quenching is the major source of HC emissions, while the contribution of crevices, in

particular from the top land, as a source of HC formation, becomes more influential as

the mixture strength increases [37]. It has been found that the top land crevice remains

the major source of HC emissions as long as the combustion of the bulk gas is efficient

[254]. In view of that, a modification to the standard piston could be made so as to attain

a less top land crevice volume, where a possible, simple yet efficient, way to achieve

that is via machining a 45 chamfer around the top edge of the piston [37].

As deliberated in Chapter 6, PPDF combustion mode is expected to provide improved

emissions characteristics relative to the conventional DDF mode; especially with large

pre-injections. The pre-injection part of the pilot will intermix with the gaseous fuel-air

mixture; increasing its strength and reactivity. The enhanced combustion process will

result in less HC emissions. Additionally, the reduced size of the main pilot injection

will reduce the size of the high-temperature zone; effectively reducing NOx emissions.

It has not been possible to perform the exhaust emissions tests during the present work,

but these are highly recommended to be part of any complementary study that follows

the lead of this thesis.

7.3.2 Test rig development

The experimental setup used in the present work have fulfilled the aims and objectives

of this thesis to a high degree of completion. However, some suggestions for a further

development of the test rig are highlighted herein below:

 The diesel fuel system was not equipped with a liquid fuel flow meter. The quantity

of fuel used at any particular test case has been identified to be equal to the demand

value, set by the user, as processed by the ECU. This has been considered acceptable

given the fact that the original OEM fuel calibration maps have been kept without

any change, while the engine has been calibrated by the supplier before the project

commenced. The fuel chemical energy was also compared to the cumulative value

of the heat release, and the results were comparable (taking into account the crevices

loss and combustion inefficiency). Repeatability tests were done at regular intervals



7 DISCUSSION AND CONCLUSIONS

182

during the work to ensure that there was no drift. While this has been sufficient, a

highly recommended upgrade of the test rig is the inclusion of a liquid fuel flow

meter to measure the actual flow rate independently of the ECU and engine original

calibration. This will also allow for a full control over the fuel injection parameters

regardless of the fuelling quantity; providing an extra degree of freedom.

 The gaseous fuel system comprised two manually-controlled pressure regulators, to

bring down the gaseous fuel pressure from the supply bottle pressure to the injectors

working pressure. The use of manual regulator means that the gaseous fuel injection

pressure would be the same regardless of the intake manifold pressure. Whereas the

level of boost noticeably changes with the operating condition owing to the use of

VGT turbocharger, fixing the injection pressure while the intake manifold pressure

change means that the effective injection pressure will not be constant. In view of

that, it is suggested to use an automatic pressure regulator to maintain the gaseous

fuel injection pressure at a certain level above the intake manifold pressure. This

will facilitate the study of the influence of gaseous fuel manifold injection pressure

on charge stratification if the timing is optimized, as discussed in Chapter 2.

 If the exhaust emissions analysis is to be done, the phenomenon of “methane-slip”

would be at the core of this investigation. As discussed in Section 7.3.1, the top land

crevices are the main source of HC emissions, and hence it is recommended to have

a special set of engine pistons machined with a 45 chamfer around the top edge of

the piston, to evaluate the effectiveness of this technique in reducing HC emissions.

 As discussed in Section 7.4.2, a prospective topic of future research is the influence

of injector tip temperature on the phenomenon of nozzle hole coking. If this is to be

investigated, a special set of injectors has to be manufactured, such that they allow

for the inclusion of a Type-K thermocouple as close as possible to the injector tip.

Another set of injectors manufactured as above is also required to be fitted with a

copper sleeve enclosing the tip as a measure of cooling, so the influence of nozzle

tip temperature could be assessed.
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7.4 Suggestions for Future Research

7.4.1 Improving light load operation

The main focus of the present work has been the light load operation of DF engines,

where the weak mixture strength and the associated slow flame propagation bring about

several problems to engine combustion, performance, and emissions. In this study, the

use of pilot split-injection strategy has been proven successful in improving DF engine

operation under these conditions. Some other remedial measures could also be proposed

for future investigation:

 Increasing the overall fuel reactivity. This will yield improved combustion initiation

and development [240]. There are three approaches to apply this concept; the most

classical one is the use of a larger amount of the high reactivity fuel; i.e. the pilot.

The use of relatively larger pilot fuel sizes with optimum injection parameters; i.e.

lower injection pressure (to avoid spray wall-impingement) and advanced injection

timing (to provide longer mixing period) is considered remedial [255]. Larger pilot

size can offer higher ignition energy and shorter ignition delay, while the larger

diffusivity of the higher-hydrocarbon vapor throughout the weak gaseous fuel-air

mixture provides better oxidation process and enhanced flame propagation [239].

Increasing the pilot size has been proven more effective in reducing the incomplete

combustion products than the increase of gaseous fuel-air mixture strength [228],

but possibly on the expense of NOx emissions. Another way to increase the overall

fuel reactivity is the addition of a small amount (less than 1% vol.) of cetane number

(CN) improver to the diesel fuel pilot. This has been found a very effective way to

increase the fuel reactivity and reduce the ignition delay [256], hence overcoming

the slow burning rate of the weak gaseous fuel-air mixture. The use of CN improver

has been proven effective in increasing the cylinder pressure and fuel economy

while reducing CO and HC emissions; with no significant effect on NOx emissions

[257]. Finally, the use of alternative high-cetane pilot fuels also results in improved

fuel reactivity, and it could yield improved engine combustion and emissions [258].

Nevertheless, this approach could have some implications over the engine hardware

and FIE, as discussed in Chapter 3.
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 Intake charge preheating. While only a slight increase in the temperature is required,

this could be done through the use of a simple gas-to-gas heat exchanger with the

exhaust, or a liquid-to-gas heat exchanger with the water jacket. The increased inlet

temperature brings about higher mixture temperature at the end of the compression

stroke and during the pilot injection period; enhancing the flame propagation and

reducing the HC emissions [37]. The increased temperature reduces the minimum

ignition energy from one side [25], while it widens the flammability limits from the

other side [259]; meaning that the mixture becomes more capable of maintaining a

sustainable flame at the same equivalence ratio. However, excessive increase of the

inlet temperature increases the tendency to knock and pre-ignition [253].

 Partial reduction of the amount of the intake air supplied to the engine, to produce

an effectively richer mixture. This can be implemented either by applying a physical

restriction to the intake air flow; i.e. the use of throttling, or by reducing the effective

mass of air charge through using a large amount of external EGR, or by trapping a

large amount of combustion products inside the engine cylinder through the use of

large negative valve overlap. The use of throttling is a simple procedure that needs

a slight modification to the intake system so as to restrict only the air flow (before

the induction/injection of the gaseous fuel. This approach has been proven effective

in improving combustion process, reducing HC and CO emissions, and providing a

better specific energy consumption [260]. The downsides of this procedure are the

increased pumping losses and the possibility of undermining pilot ignition process

if the throttling was excessive; unless an accurate lambda-control, similar to the one

used with modern SI engines, is used [37]. Using a large amount of EGR, instead,

is a potent strategy to approach near stoichiometric conditions while minimizing the

throttling loss. It is also very beneficial in reducing NOx emissions while enabling

a very cost-effective aftertreatment system using three-way-catalysts [261]. While

the EGR tolerance in CI engines is much large compared with SI engines due to the

strong ignition source, the use of high EGR levels might cause a deterioration in the

combustion process, due to the large dilution of the charge. This could be mitigated

by the use of a suitable auxiliary fuel as an additive, such as hydrogen, as discussed

in Chapter 3. The use of internal EGR through employing a negative valve overlap

(NVO) is also an effective way of increasing the effective mixture strength without
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large pumping loss [262]. The increased temperature promotes the combustion and

partial oxidation of methane and largely reduces HC emissions [263]. However, the

variable valve timing (VVT) technique is yet to make its way into production diesel

engines, which could limit the application of this strategy in DDF engines.

 The implementation of cylinder deactivation (CDA) in multi-cylinder engines. This

technique has been established as an effective way to provide a better fuel economy

and reduced emissions in throttled engines due to the reduced pumping loss and the

lower heat transfer [264]. It could be accomplished either through fuel cut-off to the

particular cylinder, or valves cut-off (keeping the intake and exhaust valves of the

particular cylinder closed) [265]. The former approach is used with DF engines with

HPDI of the gaseous fuel, while the second is used with gas port-injection engines.

This technique in its ultimate form is referred to as dynamic skip fire (DSF), and it

could vary the firings and skips continuously with the load demand [266]. The use

of this technique at light loads mean that the engine cylinders other than the

deactivated one operate with effectively richer gaseous fuel-air mixture, as the total

amount of fuel is distributed over a less number of cylinders. The increased mixture

strength results in improved engine combustion and emissions. DSF technique has

the capacity to improve noise, vibration, and harshness (NVH) levels [267], but it

requires a very accurate control of the operating variables; adding more complexity

to the system.

 The attainment of a proper degree of stratification between the gaseous fuel and the

air inside the engine cylinder. As discussed in Chapter 3, this could be achieved by

keeping the gaseous fuel supply separated from the air until very close to the intake

valve; especially using injection rather than induction [93]. This could improve light

load operation as the formation of a stratified rich mixture in the vicinity of the pilot

injection results in a more satiable flame that could propagate further through much

of the remaining leaner mixture. The use of HPDI of gaseous fuel inside the engine

cylinder has been proven much effective in achieving a stratified combustion with

very lean burn capability [247]. Yet again, this system is complex is expensive, and

it potentially reduces the degree of fuel flexibility compared with conventional DDF

engines with manifold injection [37].
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 Exhaust gas fuel reforming. In this technique, part of the fuel is catalytically reacted

with hot engine exhaust gas to produce a hydrogen-rich combustible gas that is then

fed to the engine [268]. The presence of a small amount of H2 is proven effective at

increasing the reactivity of the gaseous fuel and accelerating the combustion rates

[81]. The application of exhaust gas reforming in diesel and homogeneous charge

compression ignition (HCCI) engines improves the fuel economy and reduces NOx

levels [269]. This technique has the advantage of producing the high-octane fuel on

board with no need to include additional fuelling system [270]. One recent study

[271] on the use of exhaust gas fuel reforming with biogas-diesel dual-fuel engines

demonstrated the effectiveness of this technique in improving the fuel economy and

reducing CO and HC emissions, relative to the DF operation without reforming

[271]. Researches on the use of exhaust fuel reforming to improve methane-diesel

dual-fuel engine light load operation where the conditions are not favourable for an

efficient gaseous fuel oxidation are in need for further effort.

7.4.2 Limitations on methane substitution at high loads

The present work has examined the various limitations on maximum possible methane

substitution for diesel fuel at light loads. Limitations under high loads are expected to

result from totally different reasons than those encountered at light loads. These could

be proposed for a future study.

With recent development in FIEs, nozzle hole diameter of modern diesel fuel injectors

has become smaller. While this is beneficial to spray characteristics, it means the nozzle

becomes more susceptible to the formation of deposits within and around its holes. This

phenomenon, known as “nozzle coking”, results in spray deterioration and flow loss as

a result of the reduction in the hydraulic diameter [272]. In view of that, the lower-than-

demanded injection quantity brings about power loss, increased emissions, and even

misfire. The case is aggravated at low injection pressures as the reduced shear forces

and cavitation in the nozzle holes limit the process of deposit removal [272]. Injector

nozzle coking is a critical issue potentially facing DDF engines under medium and high

load operation with large methane substitution (i.e. small diesel fuel pilot). Under these

conditions, the injection pressure is low, and the amount of diesel fuel flowing through

the nozzle is considerably small that it could not be sufficient enough to cool down the
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nozzle tip. High nozzle tip temperature is very influential on deposit formation through

the thermal condensation and cracking reactions [273]. It has been found that a nozzle

tip temperatures exceeding 300° C may produce substantial coking [274]. This could

imply a restriction on the maximum possible methane substitution at high power levels

where a certain amount of diesel fuel would be required to cool down the nozzle below

the limiting temperature. This value fundamentally varies with the fuel composition and

the nozzle hole geometry, and it has to be assessed for the particular test setup.

One possible way to cool down the nozzle tip, thereby extending the substitution ratio

range, without imposing a limitation on the engine operation, is through encapsulating

the nozzle tip with copper sleeve [275]. This will increase the thermal conductivity and

enhance the heat transfer through the tip to the rest of the injector and the cylinder head;

eventually to the water jacket.

The studies with regard to the role of nozzle tip temperature and the risk of coking on

setting a limit on the maximum methane substitution for diesel fuel in DDF engines are

very limited. This topic is therefore suggested to supplement the present contribution.

Another limitation of substitution ratio at high load conditions is due to the incidence

of knock. This has been deliberated lengthy in the literature, as discussed in Chapter 2.

It could be, however, an integral part of any future work considering high load operation

of DDF engines.
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7.5 Conclusions

This study has considered the combustion process of a methane-diesel dual-fuel engine

under light load operating conditions, and how heat release characteristics and engine

stability depend on the ratio of the two fuels and the pilot injection strategy. The main

conclusions of this thesis are:

7.5.1 Dual-fuel operation at light load

 Fuel conversion process under dual-fuel operation takes place over two main stages,

where the dominant combustion mechanism in each stage is dictated by the relative

quantities of the two fuels. Only the mixtures with methane equivalence ratio (CH4)

greater than 0.35 are capable of sustaining flame-propagation.

 Pilot combustion dominates in weaker mixtures (CH4 below 0.3). The mechanism

changes to an RCCI-like combustion in diesel vapor-methane-air mixture if the pilot

mass is small enough to evaporate and locally intermix in the charge.

 The limits of FIE on the injection quantity dictate the minimum pilot fuel size used

under dual-fuel operation. This value is 0.8 mg/stroke for the test engine used.

 The maximum possible methane substitution under fully-warm near-idle low-load

operating condition is 95%. The value of COVIMEPgross at this condition exceeds 8%,

and the engine becomes on the verge of uncontrollable running.

 For a constant power level (speed and load), engine stability deteriorates as the gas

substitution ratio increases. Increasing diesel pilot injected mass allows for the use

of a larger amount of gaseous fuel without exceeding the engine stability criterion

(COVIMEPgross ~ 5%).

 Dual-fuel operation at light load conditions exhibits poor fuel economy, especially

with high substitution ratio of gaseous fuel. The use of sufficiently large pilot size

is a remedial measure, although the brake thermal efficiency remains inferior to that

under 100% diesel operation.
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7.5.2 Pilot injection strategy

 Pilot injection strategy dictates the combustion mode under DF operation. Splitting

the pilot into a small pre-injection (~20% of the total diesel fuel used) followed by

the main injection could change the combustion mode from the conventional diesel

dual fuel (DDF) combustion into the two-stage partially premixed dual fuel (PPDF)

combustion, depending on the injection timing.

 The pilot main injection should be injected close to the TDC for best fuel economy.

The pre-injection timing should be in the range between 80 and 40 BTDC. Later

pre-injection timings lead to the incidence of a single-stage diesel combustion.

 At the same operating conditions (speed, load, and gaseous fuel substitution ratio),

PPDF combustion mode provides 17% reduction in the maximum ROPR and 5%

increase in the brake thermal efficiency relative to conventional DDF combustion,

while maintain the engine stability at acceptable levels (COVIMEPgross ~ 2-3%).

 The total equivalence ratio with PPDF combustion is less than that with DDF at the

same power levels, meaning the engine lean operating limit can be extended.

 The mass of the pre-injection has to be kept at a certain level not to lose its capability

of changing the combustion mode. This value is 3.2 mg/stroke in the present work.

 The commencement and duration of the main combustion event in PPDF mode are

more influenced by the pre-injection mass than by the gas substitution ratio.
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APPENDICES

Appendix A: Combustion Characteristics of DP-Engine vs. CR-Engines

In this appendix, heat release data and key combustion characteristics are compared for

DP-Engine and CR-Engine at different engine speeds, loads, and injection timings. The

effect of each of these parameters on the combustion process is discussed in the context

of comparing the two different FIEs; the mechanical injection vs. the common rail, to

help visualizing how this variation could alter engine combustion.

 Effect of engine speed

Figure A.1 shows the net HRR profiles at three different speeds of 1500, 2000 and 2500

rpm at 3 bar BMEP and 12º BTDC with no EGR, for the DP-Engine and the CR-Engine.
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Figure A.1 Net HRR profile at different engine speeds; 1500, 2000 and 2500 rpm, at 3 bar
BMEP and injection timing of 12º BTDC; for both DP-Engine and CR-Engine.
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It can be seen that for both engines, the increase in the engine speed at constant load

results in an increase in the ignition delay in crank angle degrees [276]. When measured

in milliseconds, the ignition delay decreases with the increase of the engine speed, as

illustrated in Fig. A.2. This is attributed to the increased degree of turbulence inside the

cylinder as the speed increases, which improves the fuel/air mixing process, shortening

the delay period. Also, the increased speed reduces the heat loss during the late stages

of the compression stroke as noticed in Fig. A.1, raising the temperatures and pressures

inside the cylinder, which improve fuel atomization and vaporization [39]. CR-Engine

exhibits shorter ignition delay periods compared with the DP-Engine at all speeds; as

demonstrated by Fig. A2. This is due to the high fuel injection pressure levels with the

CR system as shown in Fig. A.3. While mechanical injection FIE exhibits a little change

in injection pressure with engine speed, CR system involves an increased rail pressure

as the fuelling quantity increases, as per the Original Equipment Manufacturer (OEM)

fuel calibration map. Higher fuel injection pressure provides better fuel atomization and

jet penetration; reducing the ignition delay [39].

In addition, the variable geometry turbine (VGT) turbocharger of the CR-Engine used

in the present work generates higher boost levels, compared with the fixed geometry

waste-gated turbocharger mounted on the DP-Engine [277]. This is shown by Fig. A.4
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where the high boost levels and the associated turbulence created inside the cylinder

enhances fuel-air mixing rates and contributes to the reduction in ignition delay [278].

The reduced ignition delay means less premixed combustion, as clearly evident in Fig.

A.1. That is, MCC phase dominates over the PMC phase as the engine speed increases;

where the premixed fraction of the DP-Engine decreases from ≈ 54% at 1500 rpm to ≈ 

35% at 2000 rpm and further to ≈ 25% at 2500 rpm. The corresponding values with the 

CR-Engine are less; owing to the inherent reduction in the ignition delay at all speeds.

Figure A.5 shows the premixed burn fraction, as estimated from the cumulative net HR

profiles, for both engines. The less premixed fraction and lower heat release rate peak

with CR-Engine are expected to generate less NOx emissions [279]. One earlier study

on a HPCR engine of the same series (Ford Puma) concluded a profound correlation

(direct proportionality) between the cumulative net heat release in the first 15 degrees

of combustion and the level of NOx produced [224].

As far as the duration of combustion (DOC) is considered, it was found that the absolute

value of DOC (in milliseconds; not in CAD) reduces as the engine speed is increased.

This could be attributed to the increased degree of turbulence inside the engine cylinder

as the engine speed increases; where higher boost levels and improved mixing promote

the combustion process. Figure A.6 shows the variation of DOC with engine speed, for
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both engines. Interestingly, it can be seen that the CR-Engine experiences longer DOC

than the DP-Engine at all engine speeds, despite having higher boost levels. This may

suggest that the CR-Engine has a medium swirl, bowl-in-piston combustion system,

compared with the DP-Engine that enjoys high swirl and deep bowl-in-piston [39]. The

lower compression ratio of the CR-Engine (15.7) compared with the DP-Engine (18.4)

satisfies this combustion system classification [39]. The burning rate therefore becomes

slower with the more quiescent system in the CR-Engine, and hence the DOC elongates.

The slower burning rate along with the reduced PMC and increased MCC mean that

the center of heat release (COHR), or the CA50, with the CR-Engine is attained further

away from the TDC; relative to that with DP-Engine. This is consistent throughout the

entire range of speeds investigated, as demonstrated by Fig. A.7. The retardation of the

COHR away from the TDC down in the expansion stroke is expected to increase both

CO and HC emissions in some measure, owing to cylinder temperature decline [279].

For both engines, the percentage of net HR to the total energy supplied increases as the

engine speed increases, owing to the reduced heat loss to the wall [280]. The improved

fuel conversion is reflected as a better gross indicated specific fuel consumption (ISFC)

as the speed increases; as shown in Fig. A.8. The figure also demonstrates that the CR-

Engine exhibits lower gross ISFC values compared with the DP-Engine; where this is
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attributed to the higher in-cylinder pressure values over the compression and expansion

strokes owing to higher boost levels. On the other hand, brake thermal efficiency (BTE)

decreases for both engines as the engine speed increase as shown by Fig. A.9, where

this is attributed to the increased friction as the speed increases, which reduces the brake

power output. The CR-Engine suffers lower BTE values at these conditions as it works

only at ≈15% of its rated power, while these conditions correspond to ≈30% of the DP-

rated power; according to the characteristic maps of the two engines.

 Effect of engine load

Figure A.10 shows the net HRR profiles at three different loads of 3, 6, and 8 bar BMEP

at 1500 rpm and injection timing of 12º BTDC, for the DP-Engine and the CR-Engine.

It could be seen that for both engines, ignition delay period decreases as the engine load

increases. This reflects the influence of engine load change on the conditions inside the

cylinder prior to injection. For one thing, as the engine load increases, the residual gas

temperature, and the wall temperature increase; resulting in a higher charge temperature

(and pressure, to a lesser extent), and hence ignition delay is reduced [39]. In addition,

the turbocharging boost level increases as the load is increased; and consequently, inlet

temperature and pressure increase; shortening the ignition delay.
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Figure A.11 shows the effect of engine load on ignition delay for both engines. It could

be seen that the CR-Engine always exhibits shorter ignition delay periods compared

with the DP-Engine; at all load conditions. This is attributed to the higher fuel injection

pressure with the CR system which improves fuel atomization, and also to the higher

boost levels with the VGT turbocharger used that provide better mixing [39]. Figure

A.12 presents the values of fuel injection pressure for both engines at different load

conditions, while Fig. A.13 illustrates the corresponding boost pressure levels. For both

engines, the shortened ignition delay and the elevated boost levels as the load increases

reduce the PMC phase; from the one hand [39]. At the same time, the MCC phase itself

increases since larger amount of fuel is used to attain high load conditions; where the

shorter ignition delay results in the majority of the fuel to be burned in the MCC phase.

As a result, the premixed fraction of the DP-Engine decreases from ≈ 54% at 3 bar 

BMEP to ≈ 22% at 6 bar BMEP and further to ≈ 17% at 8 bar BMEP. Once again, the 

corresponding values with CR-Engine are less as it experiences shorter ignition delay

at all loads. Figure A.14 illustrates the premixed burn fraction, as estimated from the

cumulative net HR profiles.
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Duration of combustion (DOC) for both engines elongates with the increase of engine

load; understandably due to the use of larger amount of diesel fuel that requires more

time to be consumed. Figure A.15 presents the variation of DOC with engine load; for

both engines. It could also be seen from the figure that the CR-Engine exhibits longer

DOC than the DP-Engine at all loads. As discussed earlier, this could suggest that the

CR-Engine has a more quiescent system compared with the DP-Engine.
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Figure A.11 Variation of ignition delay with
engine load, at 1500 rpm and injection timing
of 12º BTDC; for DP-Engine and CR-Engine.

Figure A.13 Variation of boost pressure with
engine load, at constant speed of 1500 rpm
and fixed injection timing of 12º BTDC; for
DP-Engine and CR-Engine.
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The slow burning rates are more visible in the late stages of combustion, as noticed in

Fig. A.10. However, the figure also shows that the second peak that present the MCC

combustion tends to drop in faster rates with the CR-Engine as the load is increased. A

possible explanation for this could be a local improvement in the burning rate at this

stage due to the increased pressure and temperature inside the engine cylinder as the

load increases. As a result, the centre of heat release (COHR), or the CA50, with the

CR-Engine is attained after that with DP-Engine only at low load (3 bar BMEP). The

case is revered at 8 bar BMEP, while both engines exhibit almost the same position of

the CA50 at 6 bar BMEP. Figure A.16 shows the variation of the CA50 position with

engine load, for both engines.

As the load increases, the in-cylinder temperature increases and hence the heat transfer

to the wall increases. Accordingly, the percentage of net HR to the total energy supplied

to the engine decreases. The deterioration of fuel conversion into useful heat is reflected

as an increased level of gross indicated specific fuel consumption (ISFC); as illustrated

in Fig. A.17. The lower values of gross ISFC with the CR-Engine compared with the

DP-Engine are attributed to the higher in-cylinder pressure values over the compression

and expansion strokes owing to higher boost levels. Nevertheless, the reduced friction

losses as the load is increased results in an improvement in the brake thermal efficiency
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(BTE) [39] as illustrated by Fig. A.18. The figure also shows that the CR-Engine suffers

lower values of BTE at the points investigated compared with the DP-Engine, as these

points lie outside the high-performance region of its characteristic map. While the loads

of 3, 6, and 8 bar BMEP at 1500 rpm stand for ≈ 30%, 60%, and 80% of the DP-Engine 

rated power at that speed, they only present ≈ 15%, 30%, and 40% of the CR-Engine 

rated power. Accordingly, higher BSFC values, or lower BTE values, are encountered.

 Effect of injection timing

Figure A.19 shows the net HRR profiles at three different injection timings of 20, 12,

and 4 BTDC, at 1500 rpm and 3 bar BMEP with no EGR, for the DP-Engine and the

CR-Engine. It could be seen that for both engines, the variation of injection timing has

a remarkable effect, not only on the SOC but also on the heat release profile and

combustion phasing. With advanced injection timing (20BTDC), ignition delay period

increases as the temperature and pressure at the SOI are still comparatively low. As a

consequence of the prolonged ignition delay, most of the fuel is injected before ignition

occurs, which results in very rapid burning rates once the combustion commences. This

is demonstrated by the high spike of the PMC phase, with high rates of pressure rise

and high peak pressure values [39].
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The combustion at these conditions is therefore predominantly premixed; with a

premixed fraction exceeds 70% for the DP-Engine. With the retarded injection timing

(4 BTDC), in contrast, ignition delay is shortened as the fuel is injected during the high

temperature and pressure near the end on the compression stroke. As a result, a smaller

amount of fuel is injected before the combustion commences; and hence PMC spike

becomes lower and the burning rate is slower. The premixed fraction at these conditions

goes down below 50%, for the DP-Engine. As shown in Fig. A.20, the corresponding

values with the CR-Engine are less, since it experiences a shorter ignition delay at all

injection timings. Figure A.21 shows the variation of the ignition delay with injection

timing for both engines. Once again, the shorter ignition delay with the CR-Engine is

attributed to the higher fuel injection pressure and elevated boost levels, compared with

the DP-Engine, as illustrated by Figs. A.22 and A.23, respectively. For the same power

levels (speed-load), the change in injection timing does not influence injection pressure

or boost level.
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The developed high pressure and temperature with the advanced injection timing bring

about an increase in the heat transfer to the wall; reducing the percentage of the net HR

to the total energy supplied to the engine. On the other hand, retarded injection timing

results in lower pressure and temperature, and hence the heat transfer to the cylinder

wall is reduced. In view of that, indicated specific fuel consumption (ISFC) for both

engines increases with advanced injection timing and decreases with retarded injection
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timing, as shown in Fig. A.24. The reduced ISFC values with the CR-Engine, compared

with the DP-Engine are attributed to the higher gross indicated work owing to the higher

cylinder pressure value.

Also, the advanced injection timing means the majority of fuel is burned and the peak

in-cylinder pressure is attained before the TDC. Accordingly, a considerable portion of

the power developed is wasted during the compression stroke; reducing the useful brake

power output (and brake thermal efficiency; in consequence). Yet, the retarded injection

timing and the associated late SOC after the TDC results in having the earlier stage of

expansion stroke spent at just about motoring pressure. This diminishes the useful brake

power and thermal efficiency. As shown in Fig. A.25, optimized engine performance is

attained at normal injection timing; where the combustion process is completed in the

appropriate crank angle interval close to the TDC [39]. It could also be seen that the

CR-Engine experiences lower brake thermal efficiency (BTE) values, compared with

the DP-Engine; at all injection timings. This is because the power level (speed and load)

at these conditions present only ≈15% of the CR-Engine rated power; contrasting ≈30% 

of the DP-Engine rated power. This means higher friction losses and less useful power,

and hence retarded BTE values [39].
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The developed high pressure and temperature with the advanced injection timing (20

BTDC) also brings about shorter duration of combustion (DOC); compared with normal

(12BTDC) and retarded (8BDTC) injection timings. This applies to both engines; as

demonstrated by Fig. A.26. It could also be seen that the CR-Engine always exhibits

longer DOC; at all injection timings. Again; this could suggest it has a more quiescent

system compared with the DP-Engine. The effect is more voluminous at the retarded

injection timing as it is characterized with larger, slow, MCC combustion; as evident in

Fig. A.19. Figure A.27 present the positions of the center of heat release (COHR), or

the CA50, at different injection timings; for both engines. Although the CR-Engine has

an earlier SOC, the increased MCC on the account of PMC counterparts the reduction

in ignition delay. CA50 position with the CR-Engine is therefore attained after that with

the DP-Engine; at all injection timings. The difference increases as the injection timing

is retarded; owing to the increased MCC with the CR-Engine. This could be observed

from the HRR curves in Fig. A.19, and also inferred from Fig. A.20.

1.530
1.722

2.027

2.808
3.064

3.616

1

2

3

4

5

20 12 4D
u

ra
ti

o
n

o
f

co
m

b
u

st
io

n
(m

ill
is

e
co

n
d

s)

Injection Timing ( BTDC)

Variation of Duration of Combustion
with Injection Timing

▧ DP-Engine

■ CR-Engine

Figure A.26 Variation of DOC with injection
timing, at 1500 rpm and 3 bar BMEP; for DP-
Engine and CR-Engine.

351.20

359.58

368.82

352.05

360.99

370.99

350

356

362

368

374

0 10 20 30

C
A

at
C

O
H

R

Injection Timing ( BTDC)

Variation of COHR (CA50) with
Injection Timing

■ CR-Engine

▧ DP-Engine

20 12 4

Figure A.27 Variation of COHR (CA50) with
injection timing, at 1500 rpm and 3 bar BMEP;
for DP-Engine and CR-Engine.



APPENDICES

225

 Conclusions

In this appendix, the influence of fuel injection equipment (FIE) type on combustion

and HR characteristics of CI engines has been investigated. The tests were performed

using two engines; one has a mechanical injection distributor pump (DP) and the other

has a high-pressure common rail (CR). The key conclusions of the comparison between

the two engines are:

 At any given test condition, the CR-Engine always exhibits shorter ignition delay

than the DP-Engine. This is attributed to the higher fuel injection pressure with the

CR system which improves the fuel atomization, and also to the higher boost levels

with the VGT turbocharger used that provide a better mixing.

 Reduced ignition delay with the CR-Engine results in less premixed combustion in

which the MCC phase dominates over the PMC phase; at all test cases investigated.

The average reduction in the premixed faction is ≈40%. 

 The CR-Engine always exhibits a longer duration of combustion (DOC), compared

with the DP-Engine at any given test condition, despite having higher boost levels.

This suggests that the CR-Engine has a more quiescent system compared with the

DP-Engine. The lower compression ratio of the CR-Engine (15.7) compared with

the DP-Engine (18.4) satisfies this classification.

 The center of heat release (CA50) with the CR-Engine is attained further away from

the TDC; relative to that with DP-Engine. This is attributed to the slower burning

rate and increased MCC on the account of PMC. This is consistent throughout the

entire range of results, except at high load conditions where the high pressure and

temperature notably improve the burning rate of the MCC phase.
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Appendix B: Analysis of Engine Performance Parameters

Understanding of the relationships between different performance parameters of ICEs

is the key factor for guiding the research and development in that field; with regard to

engine design and technology as well as the use of alternative fuels. Steady-state engine

performance is governed by a set of equations; derived from the principles [39]. The

engine brake thermal efficiency (th) is defined as the shaft output power (ܹ̇ ) divided

by the rate of the energy supplied to the engine through the combustion of fuel:

h
௧௛

=
ௐ̇

௠̇ ೑.௅ு௏೑
(B.1)

where (ṁf) and (LHVf) are the fuel’s mass flow rate and lower heating value;

respectively.

Incorporating the fuel-to-air ratio (FARact), which represents the actual fuel mass flow

rate (ṁf) to the air mass flow rate (ṁa) used, the engine power output may be expressed

as:

ܹ̇ = h
௧௛

.݉ሶ௔.ܴܣܨ௔௖௧.ܪܮ ௙ܸ (B.2)

For the purpose of comparison between different fuels as well as different mixture

composition conditions, it becomes more representative to express the actual FAR in

terms of the equivalence ratio () and stoichiometric FAR. Hence, from the definition

of the equivalence ratio:

f =
ி஺ோೌ೎೟

ி஺ோೞ೟೚೔೎
(B.3)

where (FARstoic) is the actual and stoichiometric fuel-to-air ratio; the engine power

output may be expressed as:

ܹ̇ = h
௧௛

.݉ሶ௔. f.ܴܣܨ௦௧௢௜௖.ܪܮ ௙ܸ (B.4)
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To take into account engine design effectiveness, intake system performance, and inlet

air conditions, air mass flow may be expressed in terms of volumetric efficiency, where

the latter stands for the ratio of the actual air pumped into the intake system to the

maximum possible mass flow rate of air that the engine geometry would allow:

h
௩

=
௠̇ ೌ

rೌ .௏೏ .௞.ே
(B.5)

where (a) is air density at the engine inlet, (Vd) is the engine displacement, (k) is the

number of suction strokes per engine revolution (that is; k=1/2 for four-stroke engine),

and (N) is the engine rotational speed. Substituting Equation (B.5) in Equation (B.4);

yields:

ܹ̇ = h
௧௛

.൫h
௩

. r
௔

. ௗܸ. .݇ܰ൯. f.ܴܣܨ௦௧௢௜௖.ܪܮ ௙ܸ (B.6)

This series of basic equations highlights the importance to engine performance of the

several encountered parameters, each of which is discussed briefly herein below in the

context of its relationships with some others; where this guides the vast majority of

engine research work for optimized performance and exhaust emissions.

The maximum possible theoretical thermal efficiency of a particular engine is function

of its compression ratio; that is, fuel conversion efficiency improves with the increase

of compression ratio [39]. Nevertheless, increased compression ratio and the associated

higher cylinder temperature result in increased NOx emission. The value of maximum

(th) is a function of engine technology as well as geometry (principally; physical size).

Decreasing the surface-to-volume ratio with large engines results in reduced relative

importance of friction and heat loss per cycle; increasing the efficiency [39]. Compared

with the thermal efficiency of small lawn-mower SI engine that is as low as 5%, large

slow-speed marine CI engine attains efficiencies over 50%; thanks to the reduced losses

[21, 39]. Increasing the engine displacement volume (Vd) not only increases the power

directly but it is also advantageous in reducing losses. While engine power is directly

proportional to the rotational speed (N), the latter is limited by the mean piston speed,

friction, lubrication effectiveness, stress and material consideration, on top of the inertia

of moving parts; basically with large engines [39]. NOx emission concentrations also

increase moderately with the increasing speed. However, CO and HC emissions will be

enhanced by the increase of speed if sufficient amount of oxygen is available [39].
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Engine power output is also directly proportional to the air mass flow rate (ṁa) as well

as the volumetric efficiency (v). The latter is largely affected by combustion chamber

shape, the manifold design, and the degree of swirl [39]. Polishing the inlet and outlet

manifolds, along with variable manifold geometry are used to optimize the volumetric

efficiency [21]. It is preferred to introduce the fuel to the engine cylinder through direct

injection rather than the induction in the intake manifold, to maximize the amount of

the air mass flow and, consequently, the power. This issue is critical for most engines

working on dual-fuelling strategy with gaseous fuel. The density of the inlet air to the

engine (a) determines the amount of charge introduced into the engine, and it can be

elevated through the use of supercharging and turbocharging. This has a significant

effect upon engine torque and BMEP. For DI diesel engine of equivalent sizes, the use

of turbocharger increases the maximum BMEP by 29%, and additional increase of 22%

can be attained by using after-cooler along with turbocharger [39]. Still, turbocharged

engines output is constrained by the stress levels in the critical mechanical components;

where those levels limit the maximum cylinder pressure permissible under continuous

operation. High temperatures and the resulting thermal loadings are limiting factors too.

Therefore, it is a common practice to lower the compression ratio of turbocharged diesel

engines (relative to naturally-aspirated engines) to keep the peak pressure and thermal

loading levels within the permissible limits [39]. Smoke and NOx emission regulations

are additional constraints. While increased compression ratio lowers engine resistance

to knock, charge dilution may be used to damp the pressure rise rates as well as the

temperature and hence the thermal NOx formation. Exhaust gas recirculation (EGR) is

used frequently, although it negatively affects the air mass flow and engine volumetric

efficiency.

Some researches have considered increasing the number of power strokes per crank

revolution (k), to increase the engine power output. These include studies on prototype

nutating disk engine with two power stroke per revolution; that is, four-times the ratio

of conventional 4-stroke engines [281]. The researches on the utilization of alternative

fuels in ICEs are on continuous ongoing; where fuel type is very influential on power

output as per Equation (A.6), since it affects the heating value (LHVf) the stoichiometric

fuel-to-air ratio (FARstoic) and the equivalence ratio (). Fuels with higher heating values

and/or higher FARstoic (relative to gasoline and diesel fuel) are desirable. Methane has
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13.6% higher LHVf yet 15.3% lower FARstoic than gasoline, and 17.6% higher LHVf yet

15.9% lower FARstoic than diesel fuel [39]. Equivalence ratio largely influences engine

operation. While lean-fuel operation (  1) results in lower NOx emissions and better

fuel economy, it negatively affects the power output. Peak MEP is attained with slightly

rich mixture; with  value between 1 and 1.1. However, over rich-fuel operation (1)

is not desirable because of the economic and environmental considerations (higher fuel

consumption and excessive emissions) while increased power level is not realized since

there will not be sufficient amount of oxygen to combust the fuel.
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Appendix C: Project Safety Documents
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