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ABSTRACT

ABSTRACT

An experimental investigation has been carried out to examine the combustion process
in methane-diesel dual-fuel engines under light load conditions, with different ratios of
the two fuels and different injection strategies of the diesel pilot. The study has used a
2.2L turbocharged common rail compression ignition (CI) engine, converted for dual-
fuel (DF) operation while retaining the ability to run on diesel fuel only. The main area
of interest has been the change of heat release characteristics with methane substitution
for diesel fuel, and what givesrise to these changes. The focus has been put on the light
load operating conditions, where the engine suffers poor fuel economy and increased
instability owing to the very weak mixture strength of the gaseousfuel and air. An effort
has been made to identify the minimum size of the diesel pilot required for theignition

of the very lean methane-air mixture at near-idle low-load operating conditions.

The experiments have been carried out at fully-warm steady-state conditions, at awide
range of engine speeds from 1400 to 2000 rpm at 25% engine load, with a wide range
of methane substitution for diesel fuel up to 80% (energy basis). The influence of pilot
injection strategy has been assessed via comparing the results of dual-fuel operation
using a single pilot injection, to those obtained using pilot split-injection strategy. The
maximum possible substitution ratio of methane for diesel fuel has been investigated at
5% engine load for a speed range from 1300 to 1600 rpm, and the different limitations
on thisratio have been assessed.

The results have demonstrated that the dominant combustion mechanism in the region
away from the pilot effect is determined by the relative magnitudes of diesel pilot and
gaseousfuel. Gaseousfuel equivalenceratio (¢cHa) hasto be greater than 0.35 to sustain
aflame-propagation event. For ¢cra below 0.3, pilot combustion dominates. Small pilot
masses (~1.6 mg/stroke) evaporate and locally intermix with the very lean gaseous fuel-
air mixture, where the ensuing combustion is governed by the chemical kinetics. The
minimum diesel injection mass was 0.8 mg/stroke in the test engine used. This presents
asystem-limitation on the maximum achievabl e substitution ratio of methane for diesel
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fuel. The maximum substitution ratio achieved was as high as 95% at 1600 rpm, but it
decreased at lower engine speeds. M ethane substitution beyond these limitsisrestricted
by the operation-limitation on engine stability, asthe value of coefficient of variance of
the gross indicated mean effective pressure (COV mergross) @ this point exceeds 8%.
Using larger pilot masses allows for the utilization of larger quantities of the gaseous

fuel without exceeding the engine stability criterion (COV imergross ~ 5%0).

Theuse of pilot-split injection in DF engines has the capacity to change the combustion
mode from the conventional diesel dual fuel (DDF) combustion into anovel two-stage
partially premixed dual fuel (PPDF) combustion if the timing and quantity of the pilot
pre-injection are optimized. Researches on this field are still in the early stages and in
need for further development. The present work has developed an optimum pilot-split
injection strategy to approach PPDF combustion mode. The results demonstrated a17%
reduction in the maximum rate of pressure rise (ROPR) and a 5% increase in the brake
thermal efficiency (BTE) relative to conventiona DDF, while maintaining the engine
stability at appropriate levels (COV imepgross ~2-3%). The effect of pilot pre-injection
mass on PPDF combustion was studied for thefirst timein thiswork. It has been found
that the pre-injection mass has to be kept above a certain limit (3.2 mg/stroke) to bring
about the desirable change of the combustion mode.
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1 Introduction

1.1 Overview

The investigation reported in thisthesisis focused on providing a better understanding
of combustion initiation and devel opment in modern light-duty CI engines dual fuelled
with diesel fuel and methane. The operation of these engines at part |oad conditions that
prevail inthecity traffic is of particular interest and pose questions as rel ative to engine
combustion, fuel economy, and limitations on methane substitution for diesel fuel. The
experimental studies described in the present contribution were directed towards these
operating conditions, with afocus on several combustion and heat rel ease characteristic
comprising ignition delay, combustion phasing, ROPR, and engine stability.

Thework started with investigating the influence of diesel fuel injection strategy on ClI
engine combustion. Thetestswere carried out using two versions of modern automotive
Cl engines with different fuel injection equipment (FIE) configurations. Thefirst hasa
mechanical injection with distributor pump (DP), while the second has a common rail
(CR) system. The comparative study between the two test engines was performed using
diesel mono-fuel operation. Only the CR engine was modified to operate in the dual-
fuel mode, where the influences of pilot injection strategy and the ratio of diesel fuel to
methane on combustion and heat release were assessed and eval uated.

The experimental study reported here was preceded by an assessment and development
of the test facility to accommodate the necessary hardware and test measures following
the rig overhauling, as the two engines were tested on the same rig; one after the other.
Thework carried out in thisthesis entailed, in the lead, steering adetailed review of the
prevalent literature with regard to NG-diesel dual-fuel engines, to provide an overview
of the progress that has been made in recent years and identify the requirement for and
the potential of further research. This presented an integrated part of the thesis, to guide
the current work and also to lead the path ahead of future contributionsin the field.

The overall background of the subject, the significance of the present contribution, and
the structure of the thesis are given in the following sections.
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1.2 Background
1.2.1 Global energy outlook and transport sector demand

Energy demand worldwide continuesto rise as a consequence of the population growth
along with the improvement in the standard of living. The last 10-year average rate of
growth in world primary energy consumption is 1.8%, although the year 2016 exhibited
abelow-average growth of just 1.0%; dlightly higher than the 0.9% growth recorded in
2015 [1]. Thisrecent slowdown is attributable, in some measure, due to the rebalancing
of the Chinese economy away from the energy intensive sectors[1]. While consumption
and production reached record levelsfor every fuel type (except nuclear power), energy
consumption will see more increase in the foreseeable future as the world populationis
expected to grow by morethan 2 billion peoplein the next 30 yearsto surpass 9.8 billion
by 2050 [2]. Figure 1.1 illustratesthe total world energy consumption by fuel typefrom
1990 to 2040 (history/projections). At present, fossil fuels continue to supply morethan
75% of total energy consumption [3]. The increased energy demand dictates increased
fuel production; draining current fossil fuel reserve levels at afaster rate.

250 2015

petroleum and other liquids

200
natural gas

150

100

50 nuclear

World energy consumption (10*° Btu)

0 L) T T T T L] T T T T I
1990 1995 2000 2005 2010 2015 2020 2025 2030 2035 2040

Figurel.l1  World energy consumption by fuel type, 1990-2040 (quadrillion Btu).
Adapted from [3].
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While oil remains the world' s leading fuel at 33% of global energy consumption, more
than 60% of the world’s current oil reserves are in regions that suffer frequent political
turmoil; as demonstrated by Fig. 1.2, which considerably affects the stability of supply
distributions [1]. Asinternal combustion engines (ICEs), fuelled mostly by petroleum-
derived liquid fuels, have been the main source of transport power over the past century
and expected to continue service into the present century, the road transport sector, in

particular, needs more secure and sustainable fuel sources.

B Middie East
W 5. & Cent. America
B North America
B Europe & Eurasia
B Africa

Asia Pacific

2016
Total 1706.7
thousand million
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Total 1388.3
thousand mllian
barrals
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Total 1148.8

thousand million
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Figurel.2 Distribution of proven reservesof oil in 1996, 2006 and 2016 — (%). Ref. [1].

World demand for transport fuels accounts for almost 60% of the total oil consumption
[4], and it isexpected to grow rapidly asthe number of vehiclesincreases. Asfor overall
energy demand, the growth of transport fuels demand is almost entirely from countries
outside the Organization for Economic Cooperation and Development (OECD) [3, 4].
Regardless of the fact that the number of personal vehiclesis expected to rise to about
1.7 billion in 2040 compared with approximately 825 million at 2010, the fuel demand
from this sector is expected to rise only slightly [5]. Thisis attributed to the prospective
reduction in the average vehicle size and the miles driven (compared to today’ s average
vehicle), on top of theimprovement in efficiencies and hybridization [5, 6]. Conversely,
energy demand for the commercial transport sector, which includes heavy-duty trucks
and marine, is expected to increase by about 75% over the same period in spite of some

gainsin efficiency. Hence, the demand for diesel fuel, the most popular fuel for heavy-
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duty vehicles, will rise by 85%, while gasoline demand will fall by about 10% over this
period between 2010 and 2040 [6]. That is, the increasing demand for transport energy
is strongly skewed towards the heavier fuels (predominantly; middle distillates such as
diesel and jet fuels) [7]. Recently, there has been a slight improvement in oil refinery
processes with regard to the amounts of heavy fuelsyield compared with gasolineyield.
For instance, the U.S. refinery yield of “Didtillate Fuel Qil” (general classification for
one of the petroleum fractionsincludes diesel fuels and fuel 0ils[8]) hasincreased from
23.9% at 2004 to 29.8% at 2014, whilethe yield of Finished Motor Gasoline during the
same period fell from 46.8% to 44.9% [9]. Despite the increased yield in distillate fuel
oil, thisis probably insufficient to meet the growing demand for diesel fuel. The likely
shortfall will stimulate more investments in the current refinery courses to yield more
diesel and jet fuels at acost to gasoline [6].

The legislated reduction of exhaust gas emissions is another critical challenge facing
the IC engines that use fossil fuels. For instance, Euro 5 emission standards that came
into force in 2009 demanded gasoline and diesel engines to reduce their NOx emissions
by 25% and 28%, respectively, relative to the previous emissions standards. Further
reduction of diesel engines NOx emissions by 55.5% was called for by Euro 6 standards
in 2014 [10]. Yet, carbon emissions from fossil fuel use in transport sector account for
almost 25% of globa energy-related CO» emissions [11]. While there are continuous
efforts to develop more energy-efficient and environmentally friendly ICEs [12, 13],
significant achievements are considered far from being sustainable in terms of its well-
to-whed efficiency or CO2 emissions[14]. In the short term, however, the use of light-
duty vehicleswith improved energy efficiency presentsthe most cost-effective and thus

sustainable mean of reducing oil consumption [14].

Despite their high NOx and PM emissions, which are difficult to control by the after-
treatment of the oxygen-rich exhaust through the use of catalysts, the market share of
diesel vehicles hasbeenrising, especially in Europe. In countries such as Spain, France,
and Belgium, the market share of diesel fuelled passenger carsis closeto 60%; as shown
in Fig. 1.3[16]. The recent decline in the number of light-duty diesel vehiclesisdriven
by theincreasing concern over their contribution to inner city poor air quality. However,
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the use of diesel enginesin heavy-duty vehicles and commercial transport continues to
grow. The increasing demand for diesel engines (including off-highway equipment) is
illustrated by Table 1.1 [15].
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Figure1.3 Passenger cars market share of diesel vehicles (%) in Europe.
Adapted from Ref. [16].

Table1.1 Global diesel enginesdemand (billion dollars). Adapted from Ref [15].

Region 2012 2017

North America 23.2 32.3
Western Europe 43.3 57.2
Asia Pacific 74.3 1135
South America 94 14.2
Eastern Europe 13.2 18.7
Africa & Middle East 8.2 12.7
TOTAL 171.6 248.6
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The transition into the use of low-carbon fuels, along with hybridization, is regarded a
medium-term strategy to approach amore sustainable transport and reducesthereliance
on conventional ICEs fuels (diesel and gasoline) [14]. The production costs of a range
of aternative fuels and energy carriers, at varying oil price assumptions and technology
maturation levels, have been investigated [17]. The potential benefits of using some of
these fuelsin transport sector have aso been studied [18]. The emerging pictureisvery
complex and influenced by socio-economic, political, and environmental factors on top
of many direct technical challenges. At present, natural gas (NG) appears to be avery
promising candidate fuel that will play abigger rolein transport sector in the near future
[5]. The concept of dual-fuelling diesel engines with NG stands as an attractive option
to reduce the dependence on diesel fuel and lessen the harmful emissions. With the high
market share of diesel-fuelled vehicles in severa areas worldwide, dual-fuelling of
diesel engineswith NG will likely deliver abreakthrough in the existing vehicle market
if sometechnical aswell asoperational issues are addressed. Theseincludefuel storage,
safety measures, and engine modification (intake system for port injection or cylinder

head for direct in-cylinder injection).

1.2.2 NG asan alternativefuel for 1C engines

NG isthe volatile portion of the crude petroleum, which normally occupies, under high
pressures, the porous rocks of oil reservoirs above the liquid fuel zone. In addition, it
can be found in dry form or non-associated with oil gasfields[19]. The composition of
raw NG varies considerably depending on its source, but its main constituent is methane
(with an average concentration of 90%). The remainder is composed of various heavier
hydrocarbons (ethane, propane, and butane), along with some diluent gases such as N,
CO», ontop of traces of other components. The properties of NG and the concentrations
of its main constituents are presented in Table 1.2 [20]. However, the detailed nature of
different constituents of NG has vital implications on its use as an alternative fuel for
ICEs. For instance, the percentages of higher hydrocarbon are significantly influential
on engine combustion and emissions [19]. Table 1.3 lists some of the magjor properties

of higher hydrocarbon fuel gasesin comparison with methane [19].
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Tablel1.2

Properties of natural gas. Adapted from Ref. [20].

Value

Property

Relative molar mass 17-20
Carbon content, weight % 733
Hydrogen content, weight % 239
Oxygen content, weight % 04
Relative density, 15°C 0.72-0.81
Boiling point, °C -162
Autoignition temperature, °C 540-560
Octane number 120-130
M ethane number 69-99
Stoichiometric air/fuel ratio, weight 17.2
Vapor flammability limits, volume % 5-15
Lower heating/calorific value, MJ/kg 38-50
M ethane concentration, volume % 80-99
Ethane concentration, volume % 2.7-4.6
Nitrogen concentration, volume % 0.1-15
Carbon dioxide concentration, volume % 1-5
Sulfur content, weight % ppm <5

Table1.3 Properties of main hydrocarbon fuel gases. Adapted from Ref. [19].
Property Methane Ethane Propane Propene Butane Butene
Energy content LHV (MJ/kg)  50.01 4748  46.35 4578 4574 4532
Liquid density (kg/L) 0.466 0572 0501 0519 0601  0.607
Liquid energy density (MJ/L)  23.30 2716 2322 2376 2749 2751
Boiling point (°C) -164 -89 -42 -47 -0.5 -6.3
Gasenergy density (MJ/m?) 326 584  84.4 79.4 1114 1130

NG isfound in several areas worldwide, either together with other fossil fuels or on its
own, and it has larger proven reserves than crude oil; the current known reserves-to-
production (R/P) ratio for NG approaches 53% [1]. Also, the proven reservedistribution
of NG isbetter than that of oil, with respect to the political stability of the regionswhere
the reserves are found; as shown in Fig. 1.4 [1]. Besides, methane, the main constituent
of NG, can be produced in a renewable way from landfill and biomass decomposition.
The produced gas from that process is usualy referred to as landfill gas or biogas, and
itisusually composed of at least 50% methane and up to 50% CO», with trace amounts
of hydrogen, nitrogen, and hydrogen sulfide [21-23].
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Figurel.4 Distribution of proven reservesof NG in 1996, 2006 and 2016 — (% ). Ref. [1].

As afuel, NG has a clean nature of combustion, compared with conventional fuels. It
can reduce the engine exhaust emissions by about 50% in non-methane hydrocarbons
(HC), 50-87% in NOx, 20-30% in CO», 70-95% in CO, while it produces amost zero
smoke and PM [24]. NG has a higher combustion enthal py per unit mass (lower heating
value) than gasoline or diesel fuel and a very high octane rating that exceeds 120 [ 25,
26]. As aresult, the engine can work at high compression ratios without experiencing
the “knock” phenomenon, and thus NG is suitable for CIEs if a high-energy ignition
source isavailable. It also can be utilized in SIEs under higher compression ratios than
those with conventional gasoline; producing higher thermal efficiency [27, 28].

From the economic perspective, NG as afuel is cheaper than conventional motor fuels
such asgasolineand diesel (on energy equivalent basis), and thusit offerslower running
cost [29]. In addition, the use of NG provides several benefitsto the engine components,
and effectively reduces the maintenance requirements. NG does not mix with or dilute
the lubricating oil, and will not cause depositsin the combustion chambers and on spark
plugslike petrol does; thereby extends the piston ring and spark plug life. In diesel dual-
fuel operation, evidence of reduced engine wear is reported, leading to longer engine
life[15, 24]. Asfar asthe safety is considered, NG seems to be safer than conventional
fuels. Thelow density of NG, coupled with its high auto-ignition temperature and high
flammability limits givesit ahigh dispersal rate and makesthe likelihood of ignitionin
the event of a gas |eakage much less than gasoline or diesel [20, 24]. With regard to the
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applicability, NG can be easily employed in SIEs and CIEs. The technology of engine
conversion is well-known and can be directly applied through several options, where

suitable conversion equipment is readily available [30].

1.2.3 NG usagein transport sector

Although NG has a higher energy density per unit mass than gasoline and diesel fuel,
the volumetric energy density of NG is much lower; asillustrated by Fig. 1.5 [31]. For
that reason, it is unfeasible to use NG as a transportation fuel at ambient temperature
and pressure; it must be either compressed or liquefied to increase its volumetric energy
density [32]. Despite thefact that liquefied natural gas (LNG) is superior to compressed
natural gas (CNG) interms of energy density, it has worse environmental impact as the
gas has to be liquefied and transported. LNG usage in transportation sector is therefore
still marginal, although it has begun in recent years to penetrate the fuel market for both
marine and long-distance road transportation [33]. In LNG vehicles, NG is stored in the
liquid phase at avery low temperature of the order of —162°C and avolume of 1/600 of
itsoriginal volume. In advance of being introduced to the engine, LNG must be heated
and vaporized; and therefore a distinctive technology isrequired. Yet, LNG can aso be
used to refuel CNG vehicles. Inthiscase, an L-CNG filling station isrequired, in which
NG isstored asLNG but sold as CNG, by flowing first through alow-temperature high-
pressure pump, then through a gasification device, and finally through the CNG sales
machine [34]. In CNG vehicles, NG is compressed to |ess than 1% of the volume under
atmospheric pressure; such avolumeisattained at 200 bar. In view of that, conventional
liquid fueling systems are no longer usable; where this concerns both the onboard fuel
storage and fuel delivery systems. A high-pressure CNG cylinder is required to replace
the conventional liquid fuel tank, while amodified fuel delivery systemis prerequisite.
Regardless of these modifications, the driving range of natura gas vehicles (NGVS) is
generdly lessthan that of comparable vehicles running on conventional fuels, owing to
the lower energy density of natural gas. Typical CNG cylinder used in onboard carries
lessfuel energy (in MJ) than a gasoline or diesel fuel tank of the same volume[19, 21].
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Figurel5 Volumetric energy density (lower heating values) for different energy carriers,
gasoline, diesel fuel, and methane; M J/ Liters. Ref. [31].

The number of NG-fuelled vehicles has significantly raised in recent years. At present,
the total number of NGV s over the world exceeds 22 million, which represents around
2% of thetotal vehicles population. Asian and Latin America countriestake thelead in
NGV s population with expectations of further growth, despite the fact that thereis still
less attention to this alternative in most European countries. Table 1.4 lists the top 10
countries in NGV's population and their share to the total NGV's worldwide [35], and
Fig. 1.6 shows the top 10 countriesin NGVs share to the local vehicle market [36].

Tablel1.4 Top 10 countriesin NGVs population.
Adapted from Ref. [35].

Total NGVs % of total NGVs
Country
population worldwide
Iran 4,000,000 17.91
China 3,994,350 17.88
Pakistan 3,700,000 16.57
Argentina 2,487,349 11.14
India 1,800,000 8.06
Brazil 1,781,102 7.97
Italy 885,300 3.96
Colombia 500,000 2.24
Thailand 462,454 2.07
Uzbekistan 450,000 201

11
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Figure1l.6  Top 10 countriesin NGVsshareto thelocal vehicle market.
Adapted from Ref. [36].

In recent years, gas-fueled Sl engines have fallen increasingly out of favor to dual-fuel
engines as the latter display several positive features [19]. The high compression ratios
and torgue of the diesel engines can be retained in the dual-fuel operation; leading to
improvementsin power output and efficiency. DDF engines have less cyclic variability
even at light load conditions, owing to the reliable source of the energetic pilot ignition.
A wider spectrum of gaseous fuels can be used in DDF engines with aless tendency to
knock, while the robust construction of the retrofitted diesel engine used can withstand
the high in-cylinder pressure values and any incident shocks. Power output in DDF
enginesis controlled by changing the fuel concentration rather than through throttling,
and hence the engine can operate over a wider overall range of mixture equivalence
ratios and turbocharging intensity.

Although the concept of dual-fuelling is not new and has been deliberated lengthily in
the past two decades, several uncertainties still exist with regard to engine combustion,
emissions, and the rates and mechanisms of heat release. Thereis aneed to promote the
understanding of how the fuel oxidation processes take place in DF engines, what the
stages of combustion are, and how to identify the boundaries between these. The effects

of pilot injection strategy and gaseous fuel substitution levels also need to be examined.
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Light load operation of DDF enginesisthe most challenging owing to the small amount
of gaseousfuel used, where the resulting weak mixture of the gaseousfuel and air bring
many negative outcomes to engine combustion, emissions, stability, and fuel economy
[19, 21]. To make the use of these engines more practical at urban driving conditions,
light load operation has to be improved. The optimization of the pilot injection strategy
could yield novel combustion modes in DF engines that have the capacity to improve
light load operation [37]. The use of pilot split-injection strategy is one potent solution
to achieve that, but researches on this strategy are still in the early stages and in need
for further development. The influence of pilot pre-injection massis yet to be studied.

The present work addresses the above mentioned topics.

1.3 Present Contribution
1.3.1 Aim and objectives

The aim of the investigations described in this thesis has been to establish how the heat
rel ease characteristics of amethane-diesel dual-fuel engine depend on the pilot injection
strategy and the substitution ratio of methane for diesel fuel, under light load operating
conditions.

To attain this aim, the following objectives were identified:

e |Investigate how thetrending change of thefuel injection equipment (FIE) in modern
Cl engines from the mechanical injection to the common rail system alters engine
combustion and heat rel ease characteristics.

e Examinethe practicability of converting modern automotive Cl enginesto work on
dual-fuel (DF) mode using methane as the main fuel and diesel fuel as a pilot.

e Explore the combustion initiation and devel opment in a methane-diesel DF engine,
how it compares to classical diesel combustion, and how it would be influenced by
the change of fuel injection equipment (FIE) and pilot injection strategy.

e Consider the influence of methane substitution ratio for diesel fuel on the rates and
mechanisms of energy release, and assess the different limitations on the maximum
possible substitution ratio at light load operating conditions.

e Investigatethe effect of using pilot pre-injection in methane-diesel DF engines, how

it could change the combustion mode and what the potential benefits are.
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1.3.2 Experimental approach

At the timethe present work commenced, the Engine Research Group at the University
of Nottingham was lacking atest rig for a Cl engine dual-fuelled with gaseous fuel. In
view of that, it was decided to modify and rebuild an existing test rig. The author of the
present contribution was responsible for the design and commissioning of the new test
facility. A modern turbocharged diesel common rail (CR) injection (TDCi) engine, by
Ford motor company, was allocated for the project. This engine, referred to as the CR-
Engine, belongs to the category used in Ford Transit vans, and hence the results of the
project could be applied to many large fleets worldwide. The test bed allocated to the
project was occupied by a Cl engine from the same manufacturer and series of engines
(Ford Puma) but with adistributor pump (DP) mechanical injection system. Thisengine
will bereferred to in thiswork as the DP-Engine.

The work started with evaluating the test bed components, auxiliary systems, controls,
and data acquisition equipment. The purpose was to investigate the possibility of using
any of the rig components when rebuilding it to accommodate the CR-Engine. Thisjob
was practically achieved by conducting a baseline testing for the DP-Engine, firstly to
evauate the system, and at the same time to solidify the base of comparison between
different FIEs, following the commissioning of the CR-Engine. The comparative study
covered the effects of engine speed, load, and injection timing on the heat release rate
(HRR) and combustion characteristics under conventional diesel operation (CDO). The
detailed results and analysis of the study are presented in Appendix A.

After the test rig was assessed and the data required for the comparison was collected,
the process of rig overhauling took place. Special attention was paid to the gaseous fuel
system design, selection of components, and safety measures. Thetarget wasto execute
apractical system that iscompact yet efficient aswell as safe, so it can be easily applied
to vehicular applications with least modifications. Dual-fuel experimentswere done on
the CR-Engine only, using methane asthe main fuel and diesel fuel asapilot. The study
began with investigating combustion initiation and development in dual-fuel engines,
then examined the different limitations on methane substitution for diesel fuel. Finaly,
the effect of pilot pre-injection on methane-diesel dual-fuel combustion was studied.

14
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1.4 ThesisLayout

The research undertaken in thisthesis is presented in seven chapters. The objective of

each is described briefly in what follows:

Chapter 1istheintroduction. It givesan overview of the present work and a descriptive
background of the topic, including the outlook for global energy and transport section
demand, aswell asthe potentialsof NG asafuel and its current usein ICEs. The present
contribution respecting the aim, objectives, and approach is then highlighted, followed
by outlining the thesis layout.

A critical review of the relevant literature regarding the progress and recent trends in
NG-diesel DF enginesisgivenin chapter 2. The concept and challenges are highlighted,
and the effects of injection parameters and fuel composition on engine combustion and
emissions areinvestigated. These comprise pilot fuel size, injection timing and pressure

of the two fuels, and NG composition.

Chapter 3 builds of the review presented in chapter 2, to categorize the future directions
of researchinthefield, and highlights sometopicsthat need further investigation. These
include pilot split-injection strategy, direct injection of NG inside the engine cylinder,
using aternative high-cetane pilot fuels (e.g. biodiesel fuels and emulsified fuels), and
employing different charge additives (H2, EGR, and O5).

A detailed description of the experimental facilities used in this work is presented in
Chapter 4. Thisincludesthe two test engines used, the test bed, and the data acquisition
system and instrumentation. Data collection and post-processing procedures are aso

explained in this chapter.

In Chapter 5, combustion process in methane-diesel DF engine at light load conditions
isdiscussed through a detailed analysis of the heat release characteristics. Theinfluence
of methane substitution ratio for diesel fuel and the limitations on its maximum value
are also investigated.

15



1 INTRODUCTION

The use of pilot pre-injection in DF engines, how it affects the combustion mode, and
the reflections of combustion mode change on the engine combustion and heat release
characteristics are examined in Chapter 6. The influence of pilot pre-injection massis
also studied and quantified.

Chapter 7 presentsthe overall discussion of the work undertaken, together with thefinal
conclusions. Further efforts to complement the present work and suggestions for future
research are also highlighted.

1.5 Contribution to Knowledge

The thesis provides a roadmap for future research directions on dual-fuelling of diesel
engineswith NG. The map outlines a categorization of the new technol ogies of research
in the field, where the diversity of topics discussed and evaluated is unprecedented in a
single work. The outcome has been published in “Renewable and Sustainable Energy
Reviews’ in 2016, while some additional efforts have been presented in the “Energy
and Materials Research Conference EMR2017”, Lisbon, Portugal; 2017.

Insight to the combustion processin diesel dual fuel (DFF) engines has been established
through experimental studies and analysis of the results without using complex imaging
techniques. Most of the research efforts on traditional al-metal engines serveto discuss
the general trends of DDF operation yet the detailed analysis of the heat release datais
the areathat requires further research effort. This has been addressed in thiswork where
the DDF combustion stages, the boundaries between these stages, and the dominant
combustion mechanism in each stage have been identified. A wide range of substitution
ratios of methane for diesel fuel has been covered, while the limitations on maximum
possible substitution ratio have been examined. The study has revealed some important
gualitativeinformation and quantitative resultsthat will be submitted for the publication
in the “Energy Conversion and Management”.

The present work also bridges some gaps in the knowledge with regard to the influence
of pilot injection strategy on DF engine combustion mode. The accurate control of fuel
injection parameters could help attaining novel combustion modes that bring severa
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benefits to engine combustion, emissions, stability and fuel economy. The present work
has devel oped an optimum pilot-split injection strategy to attain partially premixed dual
fuel (PPDF) combustion mode. The test results under the novel PPDF mode have been
compared to those from conventional DDF operation and presented in the“ International
Conference on Combustion Science and Processes CSP 177, Barcelona, Spain; 2017.
The influence of pilot pre-injection mass on PPDF combustion is studied for the first
timein the present contribution. The results have been conveyed in another contribution

presented in the same conference.
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2 Literature Review

2.1 Introduction

This chapter provides areview of previous studies of NG-diesel dual-fuel engines, on
the topics that have been well-devel oped. Following a general overview of the concept
of dual-fuelling and its different configurations, the chapter is separated into two parts.
The first part covers the research efforts on combustion and emissions characteristics
of NG-diesel DF engines, with an effort to fill any voids and explain any discrepancies
in the results. In the second part, the effects of injection parameters and gaseous fuel
composition on combustion and emissions are considered. The outcomes of thisreview
will help to identify the future directions of research on the topic that require further
devel opment, but these will be discussed in Chapter 3 as they present the foundation of
the excremental study presented in later chapters of thisthesis.

2.2 Overview

The most common natural gas-diesel dual-fuel engine operating mode is referred to as
“Pilot Ignited Natural Gas Diesel Engine — PINGDE” [38]; where most of the engine
power output is provided by the gaseous fuel while a pilot amount of the diesel fuel is
injected near the end of the compression stroke to act as an ignition source of the NG-
air mixture. The engine power output is controlled by changing the amount of the main
gaseous fuel, while the pilot diesel fuel quantity is kept constant [38].

In most applications to date, NG isinducted or injected into the intake manifold to mix
uniformly with the air, and the homogenous NG-air mixture is then introduced into the
cylinder to be compressed; like in the conventional diesel mode. In some applications
in recent years, NG is directly injected into the cylinder shortly before the end of the
compression stroke. This technique provides better fuel economy and more efficient
combustion and maintains the power output and the brake thermal efficiency of an
equivalently-sized conventional diesel engine. It also enables the use of |ess pilot mass
asit is electronically controlled, in contrast to the relatively large pilot fuel mass with
mechanical control systems[19]. Yet, direct injection of NG requires the devel opment
of specia high pressure gaseous injectors; adding cost and complexity to the process.

19



2 LITERATURE REVIEW

Regardless of the way of introducing NG into the engine cylinder, the pilot diesel fuel
isintroduced into the cylinder through the conventional diesel injection system [21].
Combustion processes of fuels currently used in ICEs depend on the octane number (a
measure of knocking resistance, used with Sl engines fuels) and the cetane number (a
measure of ignition delay characteristics, used with ClI engines fuels) [39, 40]. For any
given fuel, there is an inverse but not a proportional relationship between octane and
cetane numbers. M ethane, the main constituent of NG, has a higher octane number than
gasoline and a lower cetane number than diesel fuel. Thus, regardless of the way of
introducing NG into the combustion chamber in Cl engines, NG does not spontaneously
ignite under CI compression ratios (and the corresponding temperatures) like diesel.
Instead, it does need a source of controlled ignition, and from here the necessity of the
utilization of pilot diesel fuel emerges. The injection of the pilot fuel into such a hot
environment results in the auto-ignition of the diesel fuel droplets; affecting the part of
the gaseous charge entrained into the pilot jet and initsvicinity. Then, flame propagates
throughout the combustible gas-air mixture [41, 42].

Thefollowing sections review the recent research efforts on PINGDES combustion and

emissions, and the influences of different engine parameters on these characteristics.

2.3 Combustion and Exhaust Emissions Char acteristics of PINGDEs

Papagi annakis and Hountal as [43] studied the combustion and emissions characteristics
of a DI diesel engine dual-fuelled with NG. They compared the conventional diesel
operation (CDO) and dual-fuel operation (DFO), wherethe pilot fuel amount with CDO
was kept constant, while the power output of the engine is adjusted by controlling the
amount of gaseous fuel. The percentage of NG substitution (z) was expressed on mass
basis used; as:

z= % x 100(%) (2.1)
where (mne) and (ri1p) are the mass flow rates for NG and diesdl fuel; respectively.
Theresultsindicated that DFO resultsin lower peak cylinder pressure compared to the
one under CDO. The authors pointed out that reduced in-cylinder pressure during the
compression stroke under DFO is lower due to the higher specific heat capacity of the

natural gas-air mixture [44]. At low load, the combustion duration under DFO islonger
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compared to CDO, because of the slow combustion rate due to lower temperature and
fuel-air ratio. At high load, it is shorter due to the improved mixture strength. The heat
releaserate (HRR) islower under DFO than CDF during thefirst phase of combustion,
while the case is reversed during the second phase of combustion; revealing a late
combustion of the gaseous fuel.

Thetotal brake specific fuel consumption (BSFC) for CDO and DFO reported by [43]
isshowninFig. 2.1. It can be seen that BSFC is higher under DFO compared to the one
under CDO at the same engine operating conditions; where thisis attributed to the poor
utilization of the gaseous fuel due mainly to the lower temperature and fuel-air ratio
inside the combustion chamber. At high load, however, the values of total BSFC under
DFO tend to converge to the ones under CDO, mainly because of the improvement of

gaseous fuel utilization, but it remains higher.
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Figure2.1 BSFC for both conventional diesel and dual fuel modesreported by [43].

BSFC results reported were estimated from the brake power output and the measured
mass flow rates of both fuels, without accounting for the differencein thelower heating
value (LHV) between NG and Diesdl fuel. This datatherefore does not actually provide
aclear-cut comparison for the brake thermal efficiency. Certainly, the total BSFC under
DFO would be even higher if it was corrected to the heating value of Diesel fuel, and
hence the brake thermal efficiency will consequently suffer afurther reduction. Thisis
demonstrated by Fig. 2.2 that shows aplot of the dataretrieved (using aset of digitizing
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programs) from the original work for BSFC for CDO and DFO, aswell asthe corrected
values for DFO based on the actual consumptions and LHV s of both fuels reported.
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Figure2.2 BSFC for CDO and DFO - retrieved from the values reported by
[43] and re-plotted — and for corrected valuesfor DFO based on the
actual consumptionsand LHVsof both fuelsreported in the original
work. Data isfor engine speed of 1500 rpm.

The use of NG was proven successful in reducing NOx emissions. That the reduction
was dlight at low loads but considerable at high loads dueto the lessintense combustion,
the lower temperature, and the lower concentration of oxygen due to the utilization of
alarge amount of gaseous fuel which replaces an equal amount of air. There was also
adrastic reduction in soot emissions under DFO regardless of the operating conditions
since NG hasavery small tendency to produce soot. Conversely, CO and HC emissions
were considerably higher relative to the CDO, especidly at low loads due to the low
cylinder temperature and the slower burning where a considerable part of the gaseous
fuel escapes the combustion process. At high load, the improvement in fuel utilization
and the increase of burned gas temperature improves the oxidation process, especialy
at low engine speeds where there is more time to compl ete combustion, but CO and HC
emissions remain much higher than the case with CDO. Reported CO and HC emission
traces reflected the quality of the combustion process [39] and demonstrated a good
consistency. Thiscould be observed in Fig. 2.3, where the data presented by the authors
areretrieved, and then combined and plotted on a single graph.
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Figure2.3 CO and HC emissionsfor CDO and DFO —retrieved from thevaluesreported
by [43] and re-plotted. Plot shows good consistency of emission traces. Data is
for engine speed of 1500 rpm.

Lounici et al [45] investigated the influence of DFO on combustion characteristics,
performance, and exhaust emissions of aDlI diesel engine. Thediesel pilot quantity was
kept constant at 10% of its rated value (i.e. the value corresponds to the engine rated
power), while the engine power was increased by augmenting the NG flow rate. They
found that the in-cylinder pressure at low load conditions was dlightly lower with DFO
than with CDO, owing to the larger specific heat capacity of the NG-air mixtures, the
later ignition, and the slower combustion rate. At high loads, in contrast with the results
reported by Papagiannakis et al [43], the peak cylinder pressure was higher with DFO.
The conflict between the two results could be due to the use of a smaller pilot fuel
quantity (10%) in [45], and hence the very fast burning rate of the larger amount of the
gaseous fuel brings about higher pressure levels. This observation is more evident at
high engine speed, where the in-cylinder mixture iswell prepared and the cylinder wall
iswarmer. Thisresult is supported by Selim [46], who a so reported that the maximum
pressure is higher for DFO than CDO.

DFO demonstrated higher total BSFC than CDO at low load, but the case was reversed
a high loads. The higher BSFC at low load reveals a poor utilization of the gaseous

fuel due to the combination of low temperature and very poor NG-air mixture inside
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the combustion chamber. This result is in keeping with that reported in [43]. At high
loads, on the other hand, the improvement of the gaseous fuel utilization due to higher
temperatures and richer mixtures, led to arelevant improvement of the total BSFC, and
it became lower with DFO. Thisresult contradicts what was reported by Papagiannakis
et al [43] although they aswell reported an improvement of combustion conditions and
gaseous fuel utilization at high loads. Like the case with cylinder pressure, the reason
of that dissimilarity could be attributed to the utilization of smaller pilot diesel amount
in [45], so the burning rate of the mixture became faster and hence a larger amount of
the useful heat was released at earlier stages of the expansion stroke closer to the TDC;
generating more useful power and reducing the BSFC.

DFO was proven very effective at minimizing soot emissions, particularly at high load
conditions, due to the very low tendency of NG to produce soot [47]. DFO also reduced
NOx emissions at low and intermediate load, while the case was reversed at high load.
At low load, although they reported almost equal temperature inside the cylinder for
both CDO and DFO, they attributed the reduced NOx concentrations with the latter to
the reduced oxygen concentration. In contrast with Papagiannakis et al [43], Lounici et
al [45] reported higher NOx emissions with DFO compared with CDO. They attributed
that to the elevated cylinder temperature with DFO at high loads as a result of the
improvement in gaseous fuel combustion. In addition, they suggested that the increase
in NOx emissions was due to the increased oxygen concentration in the engine cylinder
with DFO at high load compared with CDO. This contradictswhat was reported in other
studies, including [43], but the authors [45] supported their argument by highlighting
that the larger amount of NG (alow carbon fuel) used at high load in the place of diesel
requires less quantity of oxygen to completely oxidize the carbon into CO, and hence
the amount oxygen remaining will be larger. However, a better interpretation of results
could be attained if NOx trends were anal yzed in conjunction with those of soot. Figure
2.4 presents the data retrieved from [45] with regard NOx and soot for both CDO and
DFO. At high loads with CFO, the presence of substantial amount of soot caused the
cooling effect of soot radiation (the heat dissipation to soot by radiation) to be sizeable
[48]. That is, the fraction of the chemical energy release lost to soot radiation became
significant and hence the flame temperature was depressed; reducing the amount of
thermal NOx produced [49].
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Figure2.4 NOx and Soot trendsfor CDO and DFO —retrieved from the valuesreported
by [45] and re-plotted. Dataisfor engine speed of 1500 rpm.

Figure 2.5 shows aplot of CO and THC dataretrieved from [45] for CDO and DFO. It
can be seen that CO emissions for DFO are higher at low and intermediate loads, but
lower at high loads where CDO reaches very high levels. The authors attributed the
elevated CO emission at low loadsto the very poor mixture. The declining trend of CO
under DFO as the load increases is attributed to the improvement in the gaseous fuel
utilization. The authors attributed the enormous increase of CO emissions under CDO
at high loads to the locally very rich mixture. Whereas this was not highlighted by the
authors, the ultimate CO emission with CDO at high loads suggests that the engine at
that point was in the smoke zone operation with an equivalence ratio higher than 0.8;
the smoke limit for diesel engines as identified by [39]. This analysis is supported by
the corresponding value of soot emissions reported in the same work, which clearly

demonstrated excessive soot levels as shown in Fig 2.4.
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Figure2.5 CO and THC trendsfor CDO and DFO —retrieved from the valuesreported
by [45] and re-plotted. Dataisfor engine speed of 1500 rpm.

Figure 2.5 also shows higher THC emission with DFO at al load conditions, and this
is consistent with the results reported by other researchers. For high loads, there is an
agreement among researchers that higher charge temperature and richer gaseous fuel
bring about further improvement in the combustion process, and as a consequence, a
decrease in unburned hydrocarbon emissions occurs. However, it can be seen from Fig.
2.5 that the results reported by Lounici et al [45] exhibit different pattern from those of
other researchers including Papaginakis et al [43] who conveyed a sequential decrease
in THC asthe gaseous fuel increases as shown in Fig. 2.3. In an attempt to interpret this
dome-shaped trend, Lounici et al [45] said that at low load, the unfavorable combustion
conditions for the gaseous fuel (low temperature, very lean mixture) are responsible for
the THC emissions, but since the gaseous fuel participation issmall THC emissionsare
relatively lower. Astheload increases, at first stage THC emissions will increase since
the gaseous fuel participation increases but the combustion quality is not sufficient to
reduce THC emissions. This result is not consistent with the reported CO emission
resultsthat reflected an improved combustion as the load increases through the increase
of NG. The authors reported lower CO, emissions at all load conditions, as expected

because of the lower carbon-to-hydrogen ratio (C/H) of NG.
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Shenghua et al [50] studied combustion and exhaust emissions characteristics of aNG-
diesel dual-fuel turbocharged Cl engine. The engine power was controlled by regulating
the natural gas flow rate, while the pilot diesel fuel quantity was kept constant at 20%
of the rated value under CDO. They found that DFO causes lower maximum cylinder
pressure and rate of pressure rise (ROPR); both at amore retarded CA position. Thisis
because the quantity of diesel premixed combustion ishigher in CDO, which makesthe
cylinder pressure higher and at higher rates than DFO. The authors attributed retarded
occurrence of peak pressure and ROPR to the prolonged ignition delay of the diesel
pilot with DFO relative to the CDO. This effect has been deliberated by Liu et al [51]
who explained that the introduction of the gaseous fuel to the cylinder changes both the
physical and the chemical processes of theignition delay. The extension to the physical
process is related to changes in the charge temperature, pressure, pre-ignition energy
release, heat transfer, on top of the effects of the residual gases, while the extension to
the chemical process results from the chemical interaction between the diesel fuel and
gaseous fuel [51].

A comparison between heat release characteristics of CDO and DFO in [50] is shown
in Fig. 2.6. Diesal combustion process encompasses four phases; ignition delay (01),
premixed combustion (62), mixing controlled combustion (63) and late combustion (64);
wherethetypical HRR curve of Cl diesel combustion isclassically characterized by the
presence of two peaks [39]. Combustion process in DF engines could also be divided
into four phases; ignition delay of diesel pilot (a1), premixed diesel combustion and
ignition of gaseousfud (o), fast burning of gaseousfuel (o3) and late combustion (o).
It isclearly identified that DFO exhibits alonger ignition delay. At the beginning of DF
combustion, HRR trend is steeper (compared with the subsequent stages). This can be
regarded as the premixed combustion of the diesel pilot; representing the second stage
of combustion (c2). Combustion of the gaseous fuel then takes place at very fast rates
since alarge amount of gaseous fuel is used at the high load, and hence the HHR curve
is characterized by the presence of asingle peak (unlike CI diesel combustion). Due to
the very fast burning rate of the gaseous fuel at these conditions, more than 90% of the
fuel is consumed before 40° CA ATDC, and thisis one of the reasons why the dual fuel
engine has a higher thermal efficiency at high loads.
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Figure 2.6 Heat release rate (HRR) curve showing combustion phases for both
CDO and DFO; reported by [50]. Data isfor engine speed of 1600 rpm
and load of 0.9 MPa BMEP. Zero CA standsfor the TDC.

Mittal et al [52] studied combustion and exhaust emissions characteristics of a multi-
cylinder 18.1 liter (18,100 cc) diesel engine converted to NG fuelling with diesel pilot.
The engine used M echani call y-actuated Electronically-controlled Unit Injection system
(MEUI) for direct injection of diesel fuel at a pressure of 200MPa. NG substitution
levels wererestricted at low load by factors like cyclic variability, cylinder-to-cylinder
variations, limited combustion efficiency, and elevated HC and CO emissions [53]. At
high loads, the exhaust gas temperature limits the percentage of gaseousfuel with DFO;
asimilar effect isstudied by Karnik et al [54]. In view of that, higher substitution ratios
were achievable only at mid-load conditions.

Fuel injection timing was relatively advanced under DFO relative to CDO at the same
load. This action was done automatically by the engine control module as aresponse to
the reduction of diesel fuel flow when the gaseous fuel is introduced into the cylinder.
The authors implied that largest amount of advance was 16 crank-angle-degree (CAD)
with largest NG substitution; i.e. largest reduction in diesel fuel, which was achieved at
50% load. This might mask the actual effect of NG induction on both theignition delay
and cylinder pressure, as the inevitable result of largely advanced injection isan earlier
start of combustion (SOC); irrespective of the possibility of having aprolonged ignition
delay due to the introduction of the gaseous fuel. Thisis demonstrated by Fig. 2.7 that
clearly shows an earlier start of combustion (SOC) with DFO compared with CDO as
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evident by the sudden rise of pressure and HRR traces. However, a careful 1ook at the
figuredisclosesthat CDO combustion commenced after that of DFO by few crank angle
degrees (about 5 CAD), as revealed by the sudden rise of the HRR traces; despite 16
CAD injection advance was experienced. That is, the net effect of NG admission is a
prolonged ignition delay (by =11 CAD), which is consistent with other results [43, 50].
Nevertheless, the influence of gaseous fuel induction on the cylinder pressure is still
ambiguous, asthe reported results cannot be fully interrupted with the effect of injection
advance strongly influential. The retarded injection with CDO results in a late SOC
considerably after the TDC as shown by the HRR traces, and hence the pressurerisein
this caseis moderated since the piston is moving down the expansion stroke away from
the TDC, and CDO exhibited alower peak in-cylinder pressure. It can be seen also from
Fig. 2.7 that the HRR pattern for DFO is still dual-peak characterized; unlike the results
reported by Shenghua et al [50]. The reason for that pattern could be the considerable
contribution of diesel fuel to the total energy supplied owing to the use of large pilot,
so the resulting HRR pattern still resembles that of the CDO.

DFO observed high CO and HC emissions, mainly dueto the larger piston land volume
that harbors arelatively large amount of unburned mixture, which is an inherent nature
of diesel engines converted to DFO [55]. Also, as the cylinder pressure decreases with
NG induction, the resultant lower environmental pressure supplies lessresistanceto the
fuel spray and thus increased spray tip penetration [56, 57]. The excessive penetration

led to more impingement hence generates more soot from the diesel pilot.
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Figure2.7 In-cylinder pressure and heat release rate (HRR) curve for both CDO (z=0%)
and DFO (z=63%) - adapted from [52]. Dataisfor 50% of enginefull load. Zero
CA standsfor the TDC.
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Mbarawa and Milton [58] investigated the maximum possible NG fuel substitution for
diesel fuel in aDlI diesel engine when converted to DFO with gaseous fuel induction.
The relative contribution of NG to the total fuel consumption was calculated on energy
basis considering the difference in calorific values between diesel fuel and NG,; as:

% NG = G XLHVNG x 100(%) (2.2)

myg XLHV g + mip XLHV p

where (LHVnG) and (LHVp) are the lower heating values for NG and diesel fuel. The
authors identified the criteria of the maximum NG substitution as the occurrence of a
severe diesel knock or end gas auto-ignition being evident, or as suffering combustion
loss; noticeable as misfire and inability to sustain a steady torque output. They found
that a stable engine operation could be maintained with as much as 86% NG substitution
for diesdl fuel. Figure 2.8 presents the engine map they produced for maximum NG
substitution at different engine operating conditions (speeds and loads).
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Figure2.8 Maximum NG substitution levels map (energy basis) at different
engine oper ation conditions (speeds and loads). Ref. [58].

At low engine speed (1200 rpm), a maximum substitution level of 86% was achievable
throughout the entire engine load range, and the engine at such speed was capable of
providing torque levels equivaent to those obtained under the CDO. Below the 86%
contour (i.e. larger NG substitution levels), neverthel ess, the engine experienced misfire

and unstable combustion. Beyond this contour, the ultimate NG substitution could be
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maintained at higher engine speeds only at lower torques. At 2400 rpm, for instance,
the 86% NG substitution level could only be employed below about 20% of the rated
engine load, as severe engine knock occurred above that level. That is, NG substitution
must be reduced if it isrequired to achieve high torque at high speeds. Thisis attributed
to the effect of engine speed on the degree of turbulence inside the engine cylinder.
While increasing engine speed increases the degree of turbulence and accelerates the
combustion, this is advantageous only at low loads where mixture strength is weak. At
high loads, the fast burning rates of NG as the mixture strength increases put the engine
on the verge of knocking conditions, and therefore high turbulence must be avoided.
Accordingly, higher speeds and loads are achievable with less NG substitution only.

From the data representing maximum NG substitution levels, the authors constructed
the engine maps for DFO at these conditions and compared that to the corresponding
CDO results obtained from the baseline testing; with regard to brake thermal efficiency
and equivalenceratio. Figure 2.9 shows the brake thermal efficiency map for CDO and

DFO at maximum NG substitution; at different operating conditions.
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Figure2.9 Brakethermal efficiency (%) map for CDO and DFO at maximum
NG substitution; at different operating conditions. Ref. [58].

It can be seen that CDO always exhibits higher brake thermal efficiency than DFO.
This is because introducing NG reduces the partial pressure of oxygen in the intake

charge, and reduces the temperature and pressure levels at the end of the compression
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stroke (due to the higher specific heat capacity of the mixture). As aresult, theignition
delay increases and hence a mgjor part of the combustion process takes place during
the expansion stroke; reducing the useful power output and the brake thermal efficient
consequently. Also, the poor gaseous fuel utilization and the associated slow burning
rate of the lean mixture at low load make the efficiency more deteriorated at these
conditions. Asthe engine torque increases, more NG isintroduced into the cylinder and
hence more effective rich mixture is produced, which improves the performance even
at low speeds where the degree of turbulence ismodest. At high-speed regions, the high
degree of turbulence limits the substitution of NG, and thus these regions involve the
utilization of larger diesel quantity.

Figure 2.10 shows the total equivalence ratio map for CDO and DFO at maximum NG
substitution; at different operating conditions. The equivalence ratio (¢), defined asthe
actual fuel/air ratio to stoichiometric fuel/air ratio (or alternatively; the stoichiometric
air/fuel ratio to the actual air/fuel ratio), is calculated for DFO that involves the use of
two fuels as:

_ AFRJIQ . myg + AFREC . 1

¢tot -

(23)

Mair

where (AFR3H) and (AFR3°¥) are the stoichiometric air-fuel ratios (mass basis) for
NG and diesel fuel; respectively.
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Figure2.10 Total equivalenceratio (¢) map for CDO and DFO at maximum NG
substitution; at different operating conditions. Ref. [58].
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From the figure, it is evident that for a given torque and speed (i.e. power) level, the
total equivalence ratio of DFO is always at a considerably higher level than CDO. For
agiven engine running on a particular fuel, equivalence ratio is inversely proportiona
to the product of thermal efficiency and airflow to the engine. That is;

W = n,,. ¢ FARS 1y, LHV; (2.4)

where (W) isthe engine brake power, (1) isthe brake thermal efficiency, (FARYC) is
the stoichiometric fuel/air ratio, and (LHV;) is the lower heating value of the fuel. The
equation is derived from the basicsin Appendix B.

Substitution of NG displaces some of the intake air; reducing the volumetric efficiency
and the air mass flow rate. Hence, engine power is reduced as a direct consequence of
thereduced air mass flow if the equivalence ratio remains the same. In other words, the
equivalence ratio must be increased to maintain the same level of power if the air mass
flow is reduced; as shown in the figure.

Figure 2.10 also demonstrates that for afixed equivalence ratio value, relatively higher
engine power is attained at high load-low speed conditions. The reason behind thisis
the increased mixture strength and the improved combustion of NG at such conditions,
and hence the resulting high thermal efficiency maintains good power levels even with
high NG substitution. For high-load-high-speed conditions, in turn, the maximum NG
substitution is limited because of the increased degree of turbulence inside the engine
cylinder as already discussed. Thisimpliesthe use of larger amount of diesel (and larger
air mass flow), and hence the total equivaence ratios of DFO converge towards their
counterparts of CDO. Fixed equivalence ratio contour at low |oad-mid speed conditions
exhibits modest power levels. Thisis dueto the deteriorated thermal efficiency at these
conditions on top of the reduced air mass flow, and hence power levels drop for afixed

equivaenceratio, as per equation (2.4).
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2.4 Influenceof Injection Parametersand Fuel Composition on Combustion and
Exhaust Emissions of PINGDEs

24.1 Quantity of diesel fuel pilot

The quantity of pilot injection has astrong effect on performance and exhaust emissions
of dual-fuel engines, especialy at light loads. Whereasit is desirable to replace alarger
amount of theliquid diesel fuel by the clean and economic gaseous fuel, the quantity of
the pilot fuel should be kept above a certain value to maintain a stable combustion of
the gaseous fuel. Inconveniently, most of the diesel fuel mechanical injection systems
experience poor atomization, and hence deteriorated combustion, when the amount of
fuel injected per cycleis reduced below 5-10% of the ultimate design level. Besides, it
should be ensured that the injector does not get overheated when small pilot fuel
guantities are injected while a significant energy is released through the combustion of
gaseous fuel [59]. Pilot fuel size, however, should be determined such that it keeps the
dual-fuel operating mode feasible. Also, large pilot masses might cause knock at high
loads. A compromise, therefore, must be made between the benefits and the drawbacks

of increasing pilot fuel size.

Abd-Allah et al [59] investigated the effect of pilot fuel quantity on performance and
emissions of an IDI diesel engine dual-fuelled with methane (or propane). They found
that at very light loads with small pilot quantities, CO and HC emissionswererelatively
high. This was attributed to the very lean mixture where the resulting flame originating
from the pilot ignition could not propagate throughout the whole combustion chamber,
and consequently, only partial oxidation occurred. With increasing the pilot quantity,
the volume of the charge that is affected by the combustion of the pilot fuel envelope
became larger, and hence the burned fraction of the gaseous fuel increased; reducing
the CO and HC emissionsas shown in Fig. 2.11. While the authors presented consistent
results as shown in the figure, they did not provide an explanation for the reason behind
those dome-shaped curves for CO and HC emissions (where this shape indicates that
CO and HC emissionsinitially increased although mixture strength wasincreased). One
reason behind this trend is that although the mixture strength was increased as a result

of increasing the gaseous fuel, it was still weak and suffered deteriorated combustion
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because of the flame propagation problem associated with the small pilot fuel quantity.
Thus, as the gaseous fuel amount became larger, CO and HC emissions tended to rise
until the mixture strength became nearly half stoichiometric, then both decreases due
to the improved combustion at higher mixture strength.
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Figure2.11 CO and HC emissionsfor different quantitiesof pilot fuel —retrieved fromthe
values reported by [59] and re-plotted. Data is for engine speed of 1000 rpm
and fixed pilot injection timing of 25° BTDC.

As shown in Fig. 2.12, the authors also found that for the same total equivalence ratio
(#), increasing the pilot fuel quantity increased the charge temperature which tends to
increase the production of NOx. For relatively high loads, however, the combustion of
gaseous fuel became more efficient and less affected by the pilot fuel quantity, and thus
the effect pilot fuel quantity became milder. This explains why the line converges at
higher equivalence ratios. The utilization of large pilot fuel quantity was also found to
produce higher power output. The increase of pilot fuel quantity leads to an improved
flame propagation and, consequently, results in increasing the output power. While the
authors did not highlight that, but for the same equivalence ratio the use of larger pilot
guantity shortens the ignition delay relative to the one with smaller pilot, and hence the

peak cylinder pressure is attained closer to the TDC at earlier stages of the expansion
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stroke; generating more useful power and increasing the efficiency. Figure 2.13 shows
the brake power and thermal efficiency; wherethe original datapresented by the authors
areretrieved, and then combined and re-plotted on asingle graph. Nevertheless, the use
of large pilot fuel quantities at high loads increases the tendency to knock [59].

4500

4000 kb  |@Pilot Fuei=0.15 kgih
OPilot Fuel=0.13 kg/h
3500 ! A Pillot Fuel=0.23 kg/h

3000 B

E 2500
2 Main Fuel : Methane
é 2000 | Inj. Timing=25 BTDC
1500 F Speed=1000 rpm
Intake Temp. =301 K
1000 |
500
0 A
02 0.3 0.4 05 06 0.7 0.8

TOTAL EQUIV. RATIO

Figure2.12 NOx emissionsfor different quantities of pilot fuel; reported by [59].
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Figure2.13 Brake power and brake thermal efficiency for different pilot fuel quantities
—retrieved from the valuesreported by [59] and re-plotted. Dataisfor engine
speed of 1000 rpm.
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Imran et al [60] investigated the effects of pilot fuel quantity on some combustion and
emissions characteristics of a DI diesel engine; dual-fuelled with NG (or hydrogen) as
the main fuel and diesel fuel (or rapeseed methyl ester -RME) as a pilot. They found
that the ignition delay was reduced as the quantity of pilot fuel was increased; where
this could be attributed to more ignition centers resulting from the injection of agreater
amount of pilot fuel and hence shortening the time between the fuel injection and the
start of the ignition process. Also, the specific heat capacity ratio (y) for the NG-air
mixture is considerably higher than the pure air. This higher specific heat capacity ratio
resultsin lower in-cylinder temperatures and hence an increased ignition delay. Figure
2.14 illustrates the in-cylinder pressure as well as the heat rel ease rate (HRR) for CDO
aswell as DFO for three different pilot settings; at the specified operating condition. It
can be seen that the inflection in both the in-cylinder pressure and the HRR, presenting
a sudden rise which indicates the start of combustion (SOC), was advanced with the
increase of the pilot fuel quantity; indicating a shorter ignition delay. The figure aso
demonstrates that the peak in-cylinder pressure was increased with the increase of pilot
fuel quantity; where this was areflection of theignition delay trends. While the authors
did not mention this, but the prolonged ignition delay with the larger amount of NG,
i.e. small amount of pilot fuel, causes the combustion to commence well-after the TDC,
and hence the combustion pressure is moderated as the piston is moving away down

the expansion stroke.
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Figure2.14 (@) In-cylinder pressure and (b) rate of heat release for CDO aswell as DFO
with threepilot fuel quantity settings; at engine speed of 1500 rpm and BM EP
of 0.503 M Pa. Adapted from [60].
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The peaks (P 0,1), (P0,2), and (P 0,3) on the figure point towards the first, second, and
third (if any) peaks of the HRR patterns for different fuelling settings. For most diesel
engineswith mechanical injection systems, combustion is characterized by the presence
of two peaks for premixed combustion and mixing-controlled combustion phases [39].
For dual-fuelling with larger pilot quantity, the curve still resembles the characteristics
of diesel combustion; only two peaks on HRR pattern are present, but both of them are
shifted down the expansion stroke as a direct consequence of the increased ignition
delay as already discussed. With a smaller amount of pilot fuel, i.e. alarger amount of
NG, a third peak occurs revealing late combustion of some of the gaseous fuel that
could not get oxidized in the earlier phase of combustion.

Specific NOx emissions (g/MJ) increases asthe pil ot fuel quantity wasincreased, where
this is attributed to the increase of multi-centered ignition points within the gaseous
fuel-air mixture. Therelatively higher in-cylinder temperature with larger pilot quantity
can ensure timely evaporation of the pilot fuel and hence better distribution of the
ignition centers across the charge. Specific HC emission was decreased, in general, as
the quantity of the pilot fuel was increased. This is a direct consequence of improved

combustion conditions.

Carlucci et al [61] examined the influence of pilot fuel quantity on combustion and
exhaust emissions of aDI dual-fuel NG-diesel engine. Similar to other results reported
here [59, 60], the authors found that introducing larger pilot quantity into the cylinder
will enhance the combustion process, as indicated by the observed higher cylinder
pressure and HRR. Also, CO and HC levels are decreased and NOx level isincreased.
Theinfluenceismorevisible at low speeds and loads where the quantity of NG isbarely
enough to sustain a stable combustion only in the proximity of combustion |ocations of
diesel pilot. On the contrary, the quantity of NG at high speeds and loadsisrich enough
to produce stable flame and thus the effect of pilot quantity is relatively insignificant.

Mousavi et al [62] numerically investigated the combustion process in a medium duty
turbocharged DI diesel engine, converted to work under DF mode using NG and diesel
pilot. The focus of the study was the part load operating conditions, due to poor engine
performance, retarded thermal efficiency and elevated CO and HC emissions. The work
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was done using KIVA-3V code at the closed part of the cycle, with a set of sub-models
of the code modified to simulate the fuel spray atomization, combustion and pollutant
emissions formation processes. The model has been validated using experimental data
previously obtained on the same engine and demonstrated good agreement for the entire
load range. In conformity with previous results as [43, 58], the authors found that the
methane-air mixture at part load is very lean and suffers slow burning rate. Combustion
process is drawn towards the |low-temperature profile in the expansion stroke, and less
fuel will burn [62]. In these conditions, a remarkable amount of the unburned methane
remainsin the most remote areas from diesel fuel spray, such asthe bottom of the piston
bowl. Moreover, it has been demonstrated that the flame structure is noticeably affected
by engine operating conditions. As shown in Fig. 2.15, at part load conditions only the
areas that are influenced by diesel diffusion flames could be ignited. The premixed
methane-air flame could only propagate in the direction of diesel spray and itsdiffusion
flame. At full load, on the contrary, the premixed methane-air flame could propagate
throughout the entire combustion chamber. Accordingly, it was concluded that the
development of diesel diffusion flame is required to burn lean NG-air mixture at part
load conditions. The authors examined the effect of increasing the pilot fuel quantity
on improving methane combustion. Asillustrated by Fig. 2.16, the increase of the pilot
fuel quantity from 12% to 20% (energy basis), while total input energy, fluid flow, and
thermodynamic initial conditions were kept constant, resulted in an increased diffusion
flame penetration of diesel pilot. Hence, the lean methane-air mixture could be ignited
properly and propagated rapidly; owing to the enlarged size of diesel combustion region
[62].

Part load Full load

Injector Injector
Premixed methane/air flame Premixed methane/air flame
propagated in the path of the propagated in the whole of
diesel spray and diffusion flame the combustion chamber

Figure2.15 Flamestructuresat part and full load conditions. Ref. [62].
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Figure2.16 Methane and diesel concentration (g) contours for 12% and 20% diesel
pilot quantities (energy basis); at part load conditions. Ref. [62].

2.4.2 Injection timing of the two fuels

Injection timing of the pilot fuel is akey factor that affects combustion characteristics
of DF engines. For afixed total equivalence ratio, advancing the injection timing means
that the combustion occurs earlier in the cycle, and this can increase the peak cylinder
pressure because more fuel is burned before the TDC. Charge temperature is expected
to increase with the advanced injection timing of the pilot fuel and the associated higher
energy release rates of the mixture. Also, therate of pressure rise during the combustion
of the gaseous fuel increases with advancing the injection timing of the pilot fuel [59].
On the other hand, retarding the injection timing delays the combustion of the pilot, and
hence the cylinder temperature becomes insufficient to propagate the flame throughout

the entire charge. As a result, incomplete combustion of the gaseous fuel-air mixture
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takes place. Also, retarding the injection timing decreases the peak cylinder pressure as
more of the fuel burns after TDC. It should be noted that, however, too much advanced
injection resultsin ahighly erratic engine operation, unacceptable rates of pressurerise,
and an increased tendency to knock. To conclude, injection timing must be determined

adequately to avoid adverse effects upon combustion process and engine structure.

Abd-Allah et al [63] investigated the effect of pilot fuel injection timing on performance
and emissions of IDI diesel engine dual-fuelled with methane or propane. They found
that for a fixed total equivalence ratio, advancing the injection timing provides better
overall combustion. This could be attributed to the longer ignition delay associated with
injection advance, where this prolonged delay allows for better spray penetration and
development; creating a larger pilot fuel-air-gaseous fuel mixture (an effective flame
propagation region) prior to ignition. Higher combustion rates of the larger premixed
regions yielded higher combustion temperature. Also, the earlier start of combustion
(SOC) with advancing injection timing means that the cylinder charge will spend longer
period at higher temperature where better oxidation reactions take place. The resulting
improvement in combustion event with advancing injection timing caused a subsequent
reduction in both HC and CO emissions for afixed total equivalenceratio; as shown in
Fig. 2.17. Similar to their earlier work [59], the authorsin thiswork [63] did not provide
an explanation for the reason behind those dome-shaped curves for HC and somehow
for CO emissions. As deliberated above, this could be attributed to the initial increases
in gaseous fuel admission while the mixture strength was still weak and suffering flame
propagation problem tended to increase both HC and CO emissions until the mixture
strength became nearly half stoichiometric.

As expected, the elevated maximum temperature in the cycle due to injection advance
increases NOx emissions for any fixed total equivalence ratio. While the authors did
not highlight this, the effect was more notable at higher equivalence ratios, where the
advanced combustion of the larger gaseous fuel amount use at these conditions highly
increased the maximum cycle temperature and pressure. This explains the diversion of

NOXx trends at higher equivalence ratios; as shown in Fig. 2.18.
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Figure2.17 CO and HC emissionsfor different injection timingsof pilot fuel —retrieved
from the valuesreported by [63] and re-plotted. Data isfor engine speed of
1000 rpm and fixed pilot fuel quantity of 0.12 kg/hr.
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Figure2.18 NOx emissionsfor different injection timings of pilot fuel; reported by [63].

Higher combustion temperature due to advancing the pilot injection timing leads to
increased power output levels and thermal efficiency. Once again, thisis credited to the
attainment of peak cylinder pressure closer to the TDC at earlier stages of the expansion

stroke, generating more useful power and increasing the brake thermal efficiency. The
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authors also conveyed that advancing the injection timing at medium and high loads,
nevertheless, led to early knocking. It is therefore concluded that advancing the pilot
fuel injection timing is not favorable in DFO at medium and high loads.

Wang et al [64] investigated the effect of injection timing on pilot diesel ignition mode,
and the subsequent impact on combustion and emissions of NG-diesel DF engine with
multi-point NG injection into the intake port. The work focused on light load operating
conditions; in an attempt to resolve the issues of lower brake thermal efficiency and
higher unburned hydrocarbon emissions of dual-fuel engines at these conditions. They
found that the significant advancing of injection timing brings about pilot diesel ignition
mode different from traditional diesel engine compression ignition mode in the sense
that it does not occur at a specific place in the spray, but ssmultaneously across the
combustion chamber [64]. It isto the point to highlight that one of the early attemptsto
achieve homogenous charge compression ignition (HCCI) combustionin diesel engines
was done through largely advancing the injection timing to form homogenous mixture,
where the rise of the pressure and temperature during the compression stroke brings
about spontaneous ignition [65]. Reactions in HCCI engines generally involve a two-
stage process, comprising the so-called low temperature and high temperature reactions
[66]. Although the two-stage process for NG-diesel DF engine is different, the authors
[64] referred to the ignition mode with advanced injection as “two-stage auto-ignition”;
to distinguish it from the classical auto-ignition of diesel. The study covered a wide
range of diesel injection timing, varying from -5 to -55 °CA BTDC, at constant flow
rates of pilot diesel and NG throughout. Figure 2.19 showsthe variations of heat release
rate (HRR) profile with pilot diesdl injection timing (Tir) at 1335 rpm. It could be seen
that up to Ti of 27.5 °CA BTDC, the HRR profile exhibits the general shape of the
conventional diesel ignition mode, with a peak value of about 150 J/°CA and the crank
angles of the first and also the peak heat rel ease advances with the advance of injection
timing. Following a transitional span from 27.5 to 32.5° BTDC, it could be seen that
HRR profile exhibits significantly different pattern when Tin; changes from 32.5 to 55
°CA BTDC; where a two-stage auto-ignition mode can be seen clearly. That is, the
ignition mode in these conditions resembles that of HCCI engines to some extent; Fig.
2.20 shows typical HRR curve for HCCI combustion in diesel-like fuels [67]. HRR
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profile exhibits a low-temperature heat release (LTHR) or cool-flame (associated with
low-temperature reaction (LTR) kinetics), followed by a high-temperature heat release
(HTHR) or hot flame (associated with high-temperature reaction (HTR) kinetics, and
considered as the main ignition). In between these two stages, there is a phase of low
reactivity (also known as negative temperature coefficient (NTC) regime), where the

overall reactivity of the system decreases with rising temperature [68].
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Figure2.19 Heat release rate (HRR) profiles at different pilot injection timings (Tinj).
Dataisfor engine speed of 1335 rpm and light load conditions. Ref. [64].




2 LITERATURE REVIEW

= N N

D 0 O N

o O O O
1 ! 1 1

Low-temperature High-temperature
regime NTC regime

-— -—
s

o

1

120
100
80 -
60
40 -
20
0 -
3 30 25 20 45 0 5 0 5
Crank Angle (deg.CA)

Rate of Heat Release (J/deg.CA)

Figure 2.20 Typical HRR curve from HCCI combustion of n-heptane fuel. Ref. [67].

Although the advanced injection in DF engines does not form a homogeneous mixture
asit isinduced by a spray-type flow, the two-stage auto-ignition pattern is maintained
asobserved in Fig. 2.19 (d). It could aso be noticed that the main heat release rate part
becomes symmetrical about the crank angle of the maximum HRR. The maximum HRR
value elevates to as much as 225 J/°CA; the reason is not explicitly stated in the work
[64], but it could be attributed to the entrainment of the NG-air mixture burning in the
second stage of pilot combustion. Asshownin Fig. 2.21, the resultsin [64] exhibited a
threshold almost at Tinj equals 30 °CA BTDC affecting the start of combustion — SOC
(defined asthe crank angle of 2% accumulated heat release) and the crank angle of 50%
heat release (CA50). Below this value, the SOC as well as the CA50 advance with the
advance of Tinj, but an opposite trend is observed when Tin exceeds that threshold. This
reveals the effect of ignition mode on combustion behavior. For conventional ignition
mode associated with normal (and retarded) injection, it isthe Tiy itself that isthe main
factor in the determination of the SOC (and CA50). Alternatively, mixture pressure and
temperature are more important than Tir for SOC as well as CA50 under the two-stage
auto-ignition mode. In general, the authors found that engine performance, combustion
and emissions characteristics in two-stage auto-ignition mode are better than those in

conventional diesel ignition mode. Nevertheless, too early injection will lead to diesel
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spray impingement and poor atomization quality due to lower in-cylinder temperature
and pressure. Optimized resultsin two-stage auto-ignition mode could be achieved with
pilot diesal injection timing set to °CA BTDC to yield higher brake thermal efficiency
(35%) aswell aslower NOx (60 ppm) and THC (0.4%) emissions.
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Figure2.21  Effect of pilot injection timings (Tinj) on (&) the start of combustion (SOC), and
(b) the crank angle of 50% heat release (CA50). Dataisfor engine speed of 1335
rpm and light load conditions. Adapted from [64].

Similar to the case of the pilot liquid fuel, the effect of injection timing of the gaseous
fuel with port injection configuration is also influential on combustion characteristics
of DF engines. Combustion process in these engines strongly depends on the way by
which the air-gaseous fuel-diesel mixtureis prepared and distributed inside the cylinder
a the instant of combustion commencement and during its development [69]. It has
been revealed that the degree of charge stratification and the intensity of turbulence
generated by thefuel jet have aremarkabl e effect on combustion phases and heat release
pattern [ 70]. Also, a proper stratification of the in-cylinder charge can be obtained with
NG port injection in dual-fuel engines via varying NG injection timing [71]. As this
phenomenon has a positive effect on accelerating the combustion process of dual-fuel
engines, especialy at low and part |oads, determination of the optimum injection timing

for NG port injection engine configuration becomes crucial.

Yang et al [72] investigated the effect of NG injection timing on combustion and
emissions of NG-manifold injection DI CR diesel engine. Both injection events of NG
and diesel fuel were controlled by a specially developed ECU; as described in details
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in another work [73]. They found that changing NG injection timing notably affected
the cylinder pressure and HHR trends at all load conditions; as shownin Fig. 2.22. The
compression pressureisinfluenced by NG injection timing in acomplex manner mainly
due to the interactions of volumetric efficiency, combustion phasing, and specific heat
ratio. At part load, retarded NG injection timing resultsin anincreased cylinder pressure
and a notably higher second peak of HRR that represents the rapid combustion phase;
on the account of late combustion. That is, most of the NG is burned fast in the second
phase of combustion. Thiswas mainly dueto thetimefor NG and air mixing is reduced
by retarding NG injection, and hence there was not enough time to form homogenous
charge. That is, more stratification of the NG-air mixture is formed, which obviously

have a positive effect on enhancing the NG burning rate.
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Figure2.22 Cylinder pressure and HRR traces for different NG injection timing at (a) low
load; 0.240 M PaBM EP, and (b) high load; 0.767 M PaBM EP. Adapted from [72].

In comparison, with the very advanced injection timing of -500° CA ATDC that was
employed to simulate the conventional dual engines with gas mixer [71], it can be seen
from Fig. 2.22 (a) that the mgjor part of the NG at part |oad was burned in the late stages
of combustion; indicating a slower burning rate. At high loads, however, the pressure
traces with retarded NG injection timing transformed from the typical two-peak pattern
to an amost single-peak one, and thefirst peak of HRR (representing the first phase of
combustion) exceptionally decreased while the second and third phases of combustion
increased; asshown in Fig. 2.22 (b). This can be attributed to the reduced mixing timing
of NG and air with retarded injection timing, which resulted in a stratified-like gaseous

fuel-air mixture in the cylinder. Nevertheless, this stratified-like mixture is probably
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over-rich for ignition kernel formation and flame propagation of the pilot fuel, and
consequently, less pilot fuel burned in thefirst stage and more heat of pilot fuel released
during the expansion stroke.

With regard to flame devel opment duration — FDD (defined asthe interval crank angles
between start of ignition and the crank angle at which 10% mass (pilot diesel and NG)
fraction burned), and center of heat release — COHR (defined as the crank angle where
50% total heat released; referred to as CAS0), data reported in the original work [72]
was retrieved and re-plotted on asingle graph to illustrate the concurrent effects of NG
injection timing on these two combustion characteristics at different loads; as shown in
Fig. 2.23.
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Figure2.23 Flame development duration (FDD) and center of heat release (CA50) for
different NG injection timing at low (0.240 M Pa BM EP) and high (0.767 M Pa
BM EP) loads. Retrieved from the valuesreported by [72] and re-plotted.

The figure shows that at low loads where the NG-air mixture is lean and experiences
difficultiesto beignited by the pilot, retarding the injection timing provides a stratified-
like mixture with local rich areas, and consequently, combustion is enhanced and flame
speed is accelerated. Therefore, the FDD was shortened and the CA50 was attained
closer to the TDC. This also improved the brake thermal efficiency. At high loads,
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however, it can be seen that FDD dlightly increased while the CA50 was getting more
distant away from the TDC astheinjection timing wasretarded. This could be attributed
to an undesirable effect of mixture stratification at high load as it may result in the
formation of over-rich regions; which may, comparatively, slow down the formation of
the flame kernel and thus prolong theinitial combustion duration [74]. A corresponding
slight decrease in the BTE was therefore observed with retarding NG injection timing
at high loads.

The trends of exhaust emissions were consistent with the effect of charge stratification
associated with retarding the injection timing. That is, at low load, the general trend of
CO and HC emissions showed a decrease as injection timing was retarded, while NOx
exhibited adlight increase. This can be attributed to the enhanced combustion owing to
the beneficial effect of charge scarification at these load conditions. Y et, the effect of
retarded injection timing and the associated charge stratifications on exhaust emissions
remained marginal. The reason behind this might be the improved combustion of the
NG at high load due to the increased mixture strength; regardless of the presence of any
charge stratification.

2.4.3 Injection pressureof thetwo fuels

Carlucci et al [61] studied the effects of pilot fuel injection pressure and main gaseous
fuel injection pressure, on combustion and exhaust emissions of aDF NG-diesel engine
with DI of diesel fuel and manifold injection of NG. They found that increasing pilot
fuel injection pressure provides abetter fuel jet penetration throughout the cylinder, and
hence results in an improved combustion as the flame spreads well in the combustion
chamber. It also leads to a better atomization of the pilot fuel droplets, and hence more
ignition nuclei become ready to burn. This globally raises the first peak of rate of heat
release (ROHR) that represents the premixed combustion phase, and the maximum in-
cylinder pressure; as shown in Fig. 2.24. The effect islarger at engine high speeds and
|loads where the rich mixture sustains the flame propagati on throughout the combustion
chamber; in contrast to low speeds and |oads conditions where gaseous fuel combustion

can only take place in the proximity of the combustion locations of the pilot fuel.
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Figure2.24 In-cylinder pressureand ROHR tracesfor different pilot fuel injection pressures
of (a) 600 bar, and (b) 1000 bar; at engine speed of 2000 rpm, fixed injection
pressur e of the gaseousfuel (7 bar) and variable pilot fuel quantities (4,6,8 mm?).
Adapted from [61].

NG port injection pressure had only alittle effect on engine performance and emissions;
under different operating conditions. While reasons were not mentioned in the original
work [61], it could be attributed to gaseous fuel introduction strategy employed. Asthe
gaseous fuel was injected early in the manifold, the resulting gaseous fuel-air mixture
is expected to be homogenous regardiess of the injection pressure used. In the absence
of any charge stratification, the combustion of the homogenous gaseous fuel-air mixture
will simulate that of conventional DF engines with a gas mixer, and hence the effect of

gaseous fuel injection pressure becomes insignificant.

2.4.4 Composition of natural gas

While NG isformed predominantly of methane (CHa4), it contains heavier hydrocarbons
and inert diluents. The levels of these species vary substantially with the geographical
source, time of year, on top of treatments applied during production or transportation.
Typical composition of commercia-grade NG varies from 70% to 95% CHa, with the
bal ance composed of heavier hydrocarbons (mainly ethane; CoHs, and propane; CsHs)
aswell as diluents such as molecular nitrogen and carbon dioxide. There are also trace
levels of sulfur compounds and other hydrocarbon species.

The variation of NG composition isinfluential on DF engines combustion and exhaust
emissions. For premixed NG combustion, the presence of heavy hydrocarbon (ethane
and propane) enhances theignitability of the mixture due to the increased concentration
of thereactiveradicals. At high temperatures, enhanced NG ignition is attributed to the
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increases in the concentrations of H, OH, HOz and H20O: radicals[75]. At temperatures
lower than ~1200 K, it is the methyl peroxy (CHsO2H) radical that plays the key role
[76]. Also, the presence of ethane and propane extends the lean combustion limit and
increase the flame propagation. Table 2.1 lists some of the thermodynamic and flame
properties of methane compared to ethane and propane [77].

Thesmall levelsof N2 diluent are unlikely to strongly affect NG combustion. However,
thelir principal influenceisthe reduction of the heating value of the fuel. Higher dilution
levels, however, may pose agreater impact on combustion and emissions. For premixed
NG combustion, NOx emissions were reduced with N2 dilution as high as 30% [78].
For heavy-duty DI NG engines, it was demonstrated that diluting the NG with N2 (while
increasing the injection mass to retain the same total fuel energy) resulted in a slower
initial combustion but faster and more stable | ate-stage combustion. Thiswas attributed
to the higher kinetic energy of the gasjet and the consequential improvement in mixing

process [79].

Table2.1 Some ther modynamic properties of methane, ethane, and propane.
Adapted from [77].

Property Methane  Ethane Propane

Chemical formula CH4 CoHs CsHs
L ean flammability limit in air (% vol.) 5.0 29 2.0

Stoichiometric mixturein air (% vol.) 9.47 5.64 4.02
Laminar flame speed in air (cm/s) 34 39 39

Flashpoint temperature (K) 85 138 169
Auto-ignition temperature (K) 810 745 743
Adiabatic flame temperatur e (K) 2250 2265 2270

McTaggart-Cowan et al [80] studied the effects of NG composition on a pilot ignited
DI NG diesel engine with DI of NG using a special DF high-pressure direct injection
(HPDI) injector at 21 MPawith afixed pilot quantity of 5% of total fuel (energy basis).
Theinjection timing of NG was always fixed at 1.0 ms after the end of diesel injection,
while the latter was adjusted to maintain the mid-point of combustion (or the center of

heat release); i.e. 50% IHR (integrated heat resale) at a certain value of 0, 5, 10, or 15°
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ATDC (four cases were examined). Ethane, propane, hydrogen, and nitrogen have been
added, separately, to the gaseous fuel at two different percentages of each constituent.

They found that the gaseous-fuel ignition delay (GID) was reduced by al additives; as
shown in Fig. 2.25. For H» addition, this was attributed to the increased ignitability of
the gaseous fuel, which causes a corresponding reduction in ignition delay as verified
by other work of the author [81]. A similar effect was observed with ethane and propane
additions, due to the increases of reactive radicals. The absence of these speciesin the
pure methane case resultsin an increase in the GID. With N addition, the increased jet

momentum improves the mixing conditions and reduces the ignition delay [79].
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Figure2.25 Fud additives effect (relativeto NG) on GID and maximum HRR for different
combustion timings corresponding to occurrence of 50% IHR at 0, 5, 10, and 15°
ATDC. Adapted from [80].

In view of that, the authors devel oped a correlation between methane number (MN) of
different compositions (as a measure of knocking tendency [82]) and the GID, where a
1% changein MN leads to about 1% corresponding change in GID (both relativeto NG
fuelling for agiven timing) for all the fuels excluding N2; as shown in Fig. 2.26.
Figure 2.25 illustrates al so that the maximum HRR follows atrend similar to that of the
GID. Reduced GID with fuel additives brings about a corresponding reduction in the
amount of premixed fuel, and hence premixed combustion phase and the corresponding
maximum HRR are reduced. The authors also developed alinear relationship between
these two parameters, where a change of 1% in GID resultsin an equivalent 1% change
in the maximum HRR (both relative to NG fuelling for a given timing) for al the fuels
excluding N2; as shown in Fig. 2.27.
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While gaseous fuel additives considerably affect the combustion process, the influence
of fuel conversion efficiency ended to be insignificant since the followed experimental
methodology involved the adjustment of combustion timing to attain the 50%IHR at
certain values. The exception was with N2 addition, as the significant increase in the
injected mass (to maintain the same energy level with elevated N> quantity) increased
the work done during the expansion stroke. The improved late-cycle combustion with

N2 additions also contributed to the improved efficiency.

It was found that NOx emissions were increased with all additives excluding Nz; as
shownin Fig. 2.28. This was attributed to the increased adiabatic flame temperate (Tad)
with ethane, propane, and H> additions; and hence the strongly temperature-dependent
thermal NOx was largely increased [25]. The authors developed a linear relationship
between the change in Ta and the corresponding change in NOx emissions; with 1%
change in Ta there was a corresponding change of 5% in the generated NOx. Y et, the
changesin NOx emissions depends aswell on combustion timing in addition to reaction
zone stoichiometry and post-combustion mixing; which are also influenced by the fuel
composition. Nevertheless, the authors did not highlight the irregular change of NOx
with N2 addition (an increase with low % N> and adecrease with high % N»). That trend
could be attributed to the countering effects of improved combustion due to improved
mixing from one side, and the reduced T« as aresult of N2 addition from the other side.

Fundamentally, with low % N2, although T« is reduced, the effect of improved mixing
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on enhancing the combustion conditions dominates, and hence NOx emissions slightly
increase (relative to NG). With high % N2, conversely, the large reduction in Ty is the

governing factor and hence NOx emissions decrease (relative to NG).

1.4 *{ O0°ATDC O5°ATDC m10°ATDC E1 5°ATDC|> 1.2

1.3

1.1 4 e | I
10 Hﬁiﬂﬂﬂg et E£Z 06

0.9 0.4
0.8
0.2

0.7
0.6 0.0

HC emissions
Relative to Natural Gas

NOx emissions
Relative to Natural Gas

20% N,
6.7% C,H,
8.6% C,H,
2.2% CH,
3.8% CH,
15% H,
35% H,
100% CH,
20% N,
40% N
6.7% CHs
8.6% CyHg
2.2% C,H,
3.8% C,H,
15% H,
35% H,
100% CH,

Figure2.28 Fuel additiveseffect (relativeto NG) on NOx and HC emissionsfor different
combustion timings cor responding to occur renceof 50%IHR at 0, 5, 10, and
15° ATDC. Adapted from [80].

Figure 2.28 also demonstrates that all additives reduced HC emissions (predominantly
unburned methane). However, the mechanisms for the reduction in HC emissions vary
for different fuel additives. For instance, thewider flammability limitsand theincreased
radical concentrationswith the H> additive resulted in amore compl ete combustion and
hence HC emissions were reduced [81]. In opposition, the improved late-cycle mixing
with N2 addition was the reason behind consuming more of the fuel that did not react
ininitial combustion event; reducing HC [79]. With ethane and propane, on the other
hand, it was suggested that these heavy hydrocarbons may be hel ping to delay the onset
of bulk guenching (occurring asthein-cylinder temperature and pressurefall during the
expansion stroke). The increased burn duration with heavy hydrocarbons (complex C-
H bonds) hold over the onset of bulk quenching; involving more fuel in combustion
process prior to the reactions being extinguished by this fall in temperature and hence
reducing HC emissions. With different fuel additives, all inal, itislikely that all effects
are independent of combustion timing.

The reported results concerning CO emissions are not consistent with those of HC; the
authors suggested that there are different formation routes for these harmful products.
Whilethis agrees with the interpretation that HC emissions are primarily unreacted fuel
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while CO is aby-product of partial combustion, the specific nature of these effects are
unclear. With regard to particulate matter (PM), the authors found that the addition of
N2 or Ha to the fuel virtually eliminates black-carbon (BC). On the other hand, adding
ethane or propane to the fuel increases total PM mass, with both the BC and the volatile
emissions increase. This is consistent with the high carbon-to-hydrogen (C/H) ratio of
the heavy hydrocarbons. The authors devel oped an interesting relationship between the
change of the specific heat ratio of thefuel (y=Cp/C,) and the PM emissions; 1% change
in (y) brings about 50% change in the PM. Similar to the situation with NOx emissions,

all of these effects depend significantly on combustion timing.

2.5 Conclusions

In this chapters, previous studies of pilot-ignited NG-diesel engines (PINGDES) were
reviewed. Combustion and emissions characteristics of these engines were covered, and
the effects of different parameters on combustion and emissions were also considered.
Some of the key findings are:

e DF engines suffer increased BSFC and elevated HC and CO emissions at part load;
mainly because of the weak mixture strength, the poor fuel utilization, and the slow-
burning rate of NG at these conditions. Lower cylinder temperature resultsin lower
NOx emissions compared with diesel operation. At high load, theincreased mixture
strength promotes combustion; reducing HC and CO emissions yet increases NOKX.

e A drastic reduction in soot emissions is achieved under DF strategy, regardless of
the engine operating conditions, as NG has a very small tendency to produce soot.
Also, CO; emission is always lower dueto lower C/H of NG compared with diesdl.

e Thepractica substitution levels of NG with diesel fuel arerestricted at low load by
factors like cyclic variability, limited combustion efficiency, and elevated HC and
CO emissions; and at high loads by the exhaust gas temperature limits.

e PINGDEswith NG introduced to the intake manifold can maintain stable operation
with as much as 86% NG energy substitution. This could be achieved at low speeds
for the entire load range, but higher engine speeds and loads are restricted to lower

NG substitution levels; to avoid severe knock.
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Pilot size should be quantified such that it keeps dual-fuel operation feasible and
maintains stable operation at low loads, and avoids knock at high loads.
Advancing pilot injection timing for fixed equivalence ratio provides better overall
combustion and reduces HC and CO emissions, yet increases NOx emissions. Too
much advance, however, could lead to spray impingement, increased emissions, and
erratic engine operation. Optimized injection timing could result in two-stage auto-
ignition that improves poor performance and emissions of DF engines at part |oad.
Increasing pilot injection pressure provides better atomization and jet penetration.
This creates more ignition nuclei and improves flame propagation. The influence of
NG port injection pressure on engine performance and emissionsis marginal.

NG composition strongly influences combustion and emissions of DF engines. The
presence of heavy hydrocarbons enhances mixture ignitability and increases flame
propagation rate. Lean combustion limit is extended and HC emissions are reduced
yet NOx emissions increases as Tag iNCreases.

Large divergencein gaseous fuel composition from the average levels considerably
affects pollutant emissions that it may require readjusting the engine management
system to offset these emissions via controlling other parameters (injection timing,

injection pressure, or EGR levels).
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3 FutureDirections of NG-Diesdl Dual-Fuel Engines

3.1 Introduction

The overview provided by the literature review in Chapter 2 discussed the concept and
challenges of operating ClI engines on NG-diesal dual-fuelling mode and examined the
progress that has been made in recent years. In this chapter, the focusis on the research
topics that require further work. Asillustrated by Fig. 3.1, the broad categories of the
research in the filed could be grouped into fuel delivery or charge composition studies;
where each category isdirectly linked to either the NG or the pilot fuel. While some of
these topics have been lengthily studied, others are yet to be investigated. These include
pilot split-injection, DI of NG into the engine cylinder, increasing the injection pressure
of thetwo fuels, using alternative high-cetane pilot fuels, and the use of additives. Each
of these is discussed in this chapter to assess its potentials, and pilot split-injection, in
particular, will be further explored, experimentally, in Chapter 6.

Additives
. |-|2
- EGR

Alternative NG composition
pilot fuels * Heavy
*  Biodiesel b hydrocarbons
+ Emulsified Composition * Diluents
4 v N
Pilot injection Inection parameters DI of NG
strategy (both fuels)
* Pilot size : In!. fiming
+  Split injection = Inj, pressure

Fuel Delivery

Figure3.1 NG-diesd dual-fuel engine research topics.
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3.2 Splitting the Diesel Pilot into Pre-Injection and Main-Injection

Asdiscussed in Chapter 2, combustion processin DF engines characteristically depends
on the pilot fuel injection strategy and its subsequent ignition mode [64]. The shift from
the mechanically-governed fuel injection systems into the high-pressure common rail
(HPCR) systems becomes essential to the demand for a better fuel economy and lower
emissions[83]. The modern generation of high-pressure common rail (HPCR) injection
systems incorporates piezo-electric injectors that can perform a very rapid switching.
Hence, shorter injection durations, smaller injection quantities, and multiple injections
per cycle al become possible [84]. While this is aready proven beneficial for diesel
engines performance and emissions, the advanced injection techniques al so bring many
novel ideas to DF engines [85]. Pilot injection strategy plays the key role in changing
the combustion mode, from the conventional diesel dual fuel (DDF) combustion into
other novel modes [37]. DDF combustion mode is attained by using a single injection
of the diesel pilot, late in the compression stroke, to act as an ignition source for the
premixed gaseous fuel-air mixture. In this mode, the combustion starts with a classical
diesel auto-ignition in the pilot region, together with some of the methane-air mixture
entrained in the pilot fuel jet and in its immediate vicinity, and then flame propagates
throughout the rest of methane-air mixture [19]. Y et, within the short time available,
flame propagation from the pilot region might not proceed throughout the entire charge,
especidly at part loads[86]. Thisincreasesthe CO and HC emissions, whiletheintense
combustion of the centralized pilot promotes NOx formation [37]. To overcome these
issues, homogeneous charge compression ignition (HCCI) combustion was proposed.
This mode is attained in dual fuel engines through using a very early injection of the
diesel fuel during the intake stroke; easily achievable by using the HPCR system. The
early injection of diesdl will form ahomogeneous mixturein the methane-air charge. If
the mixture is perfectly homogeneous, the rise of the pressure and temperature during
the compression stroke will lead to a spontaneous ignition, differs from the classical
diesel auto-ignition process in the sense that it does not occur at a specific place in the
spray, but simultaneously across the chamber [67]. Reactions in HCCI enginesinvolve
atwo-stage process; the low temperature and high-temperature reactions (LTR; HTR)
[66]. For dua-fuel HCCI combustion, the two-stage process is different from those of
diesel-like or gasoline-like fuel HCCI combustion and still unclear, but the genera
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features are analogous [64]. While the absence of a centralized ignition source and the
nonexistence of any rich fuel pockets reduces NOx and PM substantially, HCCI
combustion is very difficult to control as it is ultimately governed by the chemical
kinetics. It aso has arelatively large cyclic variability due to the very lean mixture.
For a better, more direct control of combustion phasing without the need for a closed-
loop control, partially premixed compression ignition (PPCI) combustionis put forward
[87]. In this mode, diesel pilot is split into two injections; an early pre-injection of a
comparatively small portion of the pilot, followed by alate injection of the main pilot.
The accurate control of the injection timing and quantity isfulfilled using the advanced
HPCR system. The pre-injection part of the pilot acts as an ignition improver as it has
arelatively long mixing period with the methane-air mixture at moderate temperature
and pressure. The LTR of the diesel fuel at these conditions and the associated radicals
promotes the combustion [88]. The main pilot injection then initiates the combustion
that further propagates throughout the cylinder charge, and hence it provides a direct
control of combustion timing and phasing. The strengthened, yet smoother, combustion
yields lower noise levels, improved fuel economy, and lower levels of emissions [88].
Employing apilot-split technique with the pre-injection part becomes largely premixed,
this novel mode will be referred to as partialy premixed dual fuel (PPDF) combustion.
Figure 3.2 gives agraphical representation of the different dual fuel combustion modes;
DDF, HCCI, and PPDF in contrast with the conventional diesel combustion.

Diesel DDF HCCI-DF PPDF

® @ /

Figure3.2 Graphical representation of different DF combustion modes, compar ed
with conventional diesel operation. The red triangles present the diesdl
main injection close to the TDC. Charge is air only with diesal (white),
premixed NG-air with DDF (green), premixed NG-air-diesel vapor with
HCCI and PPDF (green seeded with red dots). The large grey flickers
present the combustion of the main injection and theentrained NG; small
ones present the spontaneous auto-ignition of distributed diesel particles.
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Compared with DDF, PPDF combustion mode can yield an improved fuel economy
and reduced emissions [89]. The pre-injection part of the pilot diffuses throughout the
charge; improving mixture flammability by introducing ahigh reactivity fuel into alow
reactivity fuel-air mixture. The pockets of the highly reactive fuel also allow for more
ignition sitesto occur; where the non-uniform local equivalence ratiosdrive differences
in chemical kinetic reaction rates [89]. The enhanced combustion occurs over a shorter
duration without flame quenching. M ore gaseousfuel experience complete combustion;
combustion efficiency with PPDF could exceed 98%. The most praised aspect of PPDF
combustion isthereforeits ability to reduce CH4 slip and CO emissions, compared with
DDF [89]. The lower heat transfer losses bring about less ISFC at al load conditions,
while NOx emissions are reduced as long as the same EGR levels are maintained [89].
The benefits of pilot split-injection in PPDF engines are best observed at medium loads,
where there are favorable cylinder conditions (temperature, pressure, and equivalence
ratio) for combustion imitation and development, with no restrictions on the pilot split.
At high loads, the amount of the pre-injection part of the pilot hasto be kept at acertain
level in order to remain within the permissible limits for the cylinder pressure as well
as the maximum ROPR. At light loads, the potentials of PPDF combustion are reduced
by the encountered flammability issues of methane under the lean, low temperature and
pressure conditions [89]. In addition, the mass of the pre-injection part of the pilot could
be significantly small; potentially losing its effect. Researches in this area are limited
and in need for further efforts. Chapter 6 in thisstudy is dedicated to investigating PPDF
combustion mode under light load operating conditions, with a focus on the influence

of pilot pre-injection mass.

3.3 Direct Injection of NG inside the Engine Cylinder

The magjority of NG-diesel dual-fuel engine studies to date have been conducted on
conventional diesel engines modified to suit dual-fuel operation, where NG is inducted
or injected into the intake manifold to mix uniformly with air; while maintaining the
original in-cylinder injector for pilot fuel injection. The advantage of this technique is
its ssimple adaptation, but the main disadvantage isthat good substitution levelsare only
obtained at medium loads. Thisisbecause at low loads, diesel fuel injectorsstill require
asubstantial fuel delivery to operate efficiently, while at high load the extended ignition
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delay and mixed fuel in the end zone aggravate both Diesel and Sl types knock [90]. In
addition, as the NG displaces some of the air in the intake manifold, a reduction in
volumetric efficiency occurs, which leads to a proportional reduction in power output;
as per Equation 3.1) (derived following the procedure outlined in Appendix B):

W =mn,,. ¢ FARS“ (n .p .Va k.N).LHV; (3.1)

where (nv) is the overall volumetric efficiency based on ambient conditions at intake
manifold where (pa) is the density of air, (Va) is the engine displacement, (k) is the
number of suction strokes per engine revolution (i.e. k=1/2 for four-stroke engine), and
(N) is the engine speed.

Moreover, the gas mixers and venturis installed in the intake pipe to mix the NG with
the intake air may offer a further restriction to the air flow; increasing the negative
impact on volumetric efficiency and the associated horsepower [91]. The effect islarger
as the engine speed increases, due to the increased degree of flow restrictions when a
larger amount of air is admitted [91]. One proposed aternative option to minimize the
volumetric efficiency penalty of NG induction or injection in the intake manifoldisvia
keeping the NG supply separated from the air until very close to the intake valve [69].
In such atechnique, NG is admitted via a small pipe in the intake manifold near the
intake valve. The resultant volumetric efficiency is reduced by only 2-4%. As aresullt,
power output levels are fairly maintained; particularly at low and intermediate speeds.
Maximum engine speed in this configuration, nevertheless, is limited by the amount of
gaseous fuel that can be inducted (via the intake manifold) into the cylinder per cycle,
where fuel starvation occursat high speed [95]. To overcomethislimitation, NG supply
must be independent of the engine speed; i.e. by injection rather than by induction. This
is advantageous in controlling the amount of NG introduced independently of engine
speed, and aso beneficial in approaching in-cylinder charge stratification [93]. Charge
stratification results in an efficient combustion and improves the lean-burn capability
of NG [94]. Nonethel ess, the optimum distribution of the gaseousfuel-to-air ratio inside

the engine cylinder is still not achieved.
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To maintain the air mass flow entering the cylinder (and consequently the volumetric
efficiency) to the highest possible value, and for improved charge scarification leading
to an optimum distribution of the gaseous fuel and air, direct injection of NG into the
combustion chamber has been proposed. Preliminary work in this field, however, was
characterized by some practical complications, due to the necessity of a high-pressure
supply and to the problem of positioning another injector into the cylinder head. In
recent years, astate-of-the-art HPDI multi-fuel injector (called concentric-needle multi-
fuel injector) was used in the place of the original diesel injector, to directly inject both
the diesel pilot and the NG inside the engine cylinder [95]. This HPDI injector has two
solenoid-controlled valves to precisely control the injection timing and the metering of
each fuel to the combustion chamber; where the diesel fuel comes from the origina
common rail of the engine, while the NG is supplied through an additiona paralléel rail.
Both fuels are being injected (shortly before the end of the compression stroke) at a
high pressure of the order of 20-30 MPa, where the bulk of the energy (up to 95%) is
supplied by the NG injection, preceded by pilot diesel injections (via separate nozzle
holes) as small as 5% of the total energy supplied [96]. A photo of the typical injector
used, along with a schematic diagram of the injector tip assembly and the sequence of
injectionisillustrated in Fig. 3.3 [97]. While the load in this technique is controlled by
controlling the amount of NG injected, some researches [95] achieved pilot percentage
aslow as 2.4% at full load conditions (100%), while that percentage raised up to 9%
when the load was brought down to 20%. Following the pilot injection, it auto-ignites,
generating multiple ignition sources that ignite NG jets. NG burns in a predominantly
non-premixed combustion event very similar to that takes place in conventional diesel
engines; hence offering high fuel-conversion efficiency [96]. That is, dual-fuel engines
with HPDI of NG maintain power output and thermal efficiency levels compared with
conventional non-dual-fuel diesel engines. While conventiona DI diesel engines with
high-pressure injection systems offer better tradeoff between NOx and PM [98], dual-
fuel engineswith HPDI of NG provide reduced NOx emissions by approximately 40%,
thanksto the lower adiabatic flame temperature of NG, and up to 65% reductionin PM;
owing to the lower carbon content of the gaseous fuel [99]. It has also been reported
that optimizing the gas injection timing and pressure at different operating conditions
could yield highest NOx reduction without alarge impact on thermal efficiency [95].
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(a)

(b)

Injector body
Gas neeadel
Pilot needel

— Ty

1. Diesel fuel (pilot) injection 2. NG (primary fuel) injection

Figure3.3 (&) A photograph of the typical injector used in HPDI technique (left) along with
a schematic of the injector tip assembly (right); and (b) the sequence of injection
for thetwo fuels showing the separ ate nozzle used. Adapted from [83].

Opposing other NG fuelling technol ogies that rely on fumigation, in the HPDI engines
NG is not premixed in the combustion chamber, and therefore emissions of unburned
fuel are significantly lower than conventional dual-fuel engines with gas mixers and
even those employ manifold injection [100]. With the non-premixed air-fuel mixturein
HPDI engines, end-gas knock becomes not a concern; and hence the high compression
ratio can be maintained. The global air-to-fuel ratio remains quite similar to that of an
equivaent diesel engine, with comparable sensitivity to the EGR as well [96]. Charge
dilution of HPDI NG engines with nitrogen can produce a further reduction in exhaust
emissions, characteristically NOx, PM, HC, and CO, without having a negative effect
on engine performance and thermal efficiency [79]. Further, stratified combustion with
very lean burn capability could be realized with DI NG, where the optimum distribution
of the gaseous fuel-to-air ratio inside the cylinder is highly achievable [94].




3 FUTURE DIRECTIONS OF NG-DIESEL DUAL-FUEL ENGINES

However, it should be taken into consideration that the direct injection of NG requires
gas pressures up to 30 MPa, while the NG is frequently stored in vessels at 20 MPa.
Onboard compression of NG from 20 MPa and atmospheric temperature to 30 MPa
requireswork input equal to about 0.1% of the enthal py of combustion of NG, and more
in terms of exergy content. Thiswork (exergy) expenditures for the compression of NG
should be taken into account in the well-to-wheel assessment [20]. However, it has been
reported that up to 20% reduction in tank-to-wheel greenhouse gases (GHGs) emissions
could be obtained when HPDI system is optimized for efficiency; compared to an
equivaent diesel engine. All in all, direct injection of NG inside the engine cylindersis
understood to be very potent and subjected to further development. A decade ago [100],
it was concluded that substantial further research isrequired before such an engine can
be devel oped for commercia heavy-duty on-road applications. In 2015 [96], it has been
reported that the HPDI technique already came to service in commercia heavy-duty
applicationsis North Americaaswell as Australia.

3.4 Increasingthelnjection Pressure of the Two Fuels

Further improvement in NG-diesel dual-fuelled CI engines can be obtained by varying
the injection pressure of the natural gas jet and the diesel pilot fuel. For conventional
non-dua-fuel Cl engines, increasing the injection pressure improves fuel atomization
and air entrainment; leading to better fuel-air mixing rates [39]. Thisis attributed to the
improved spray properties with increasing the injection pressure. Fuel atomization is
caused by the collision of the turbulent jet of fuel with the air inside the combustion
chamber. Therefore, the higher the relative vel ocity between fuel and air, and the higher
the density of the air, the more finely the fuel is atomized [84]. The atomization quality
of a certain fud isinfluenced by microscopic and macroscopic spray properties [101]
(microscopic properties include spray tip penetration, spray cone angle, on top of their
derivatives; while macroscopic propertiesinclude droplet velocity and size, distribution
and air-fuel ratio [102]). It wasfound that spray penetration length increases with higher
injection pressure and low ambient density, while spray angle increases with increase
in ambient density [103]. The speed and extent to which fuel penetration occursinside
the combustion chamber decide the air utilization and the fuel-air mixing rate [104].
Accordingly, with the increased injection pressure, the combustion processisimproved
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while soot is reduced and NOx emissions are increased [ 105]. The primary outcome of
increasing injection pressure on diesel ignition process is the reduction of the ignition
delay, particularly the physical part, as a direct consequence of better mixing achieved
[106]. In most cases, injection pressures range from 200 bar with mechanical injection
systems up to ~2000 bar with HPCR systems [84]. Recently, an exceptionally higher
pressure level of 3200 bar was achieved; where the combination of such pressure level
with optimized nozzle geometry demonstrated high potential to comply with EURO-
V1 emissions standards, without exhaust aftertreatment measures [107].

In a similar way with direct NG-injection dual-fuel engines, increasing the injection
pressure of both diesel pilot and NG increases the mass flux of fuel into the combustion
chamber and increases the degree of turbulence inside the engine cylinder. The fuel-air
mixing processis highly enhanced, and the delay period is shortened. In addition, high-
pressure pilot fuel injection can provide more ignition points distributed more widely
throughout the NG-air charge; which improves the combustion intensity [108]. Higher
combustion-progress rates are recorded; bringing about shorter overall combustion
duration. NOx emissions areincreased slightly with increased injection pressure, while
CO and PM emissions are reduced. The change of HC emissionswith injection pressure
isinsignificant. Once more, these emission trends are caused by better levels of mixing
between the pilot fuel, NG, and air, in addition to the faster combustion-progress rates.
Increasing injection pressure slightly aters SFC, but the associated effect on thermal
efficiency levels remains marginal [108]. It has also been demonstrated that the faster
combustion of NG asaresult of increased injection pressure of the diesel pilot increases
the in-cylinder pressure considerably, which is beneficial for performance. In addition,
for the same amount of pilot fuel, increasing the number of nozzle holes while reducing
their diameter results in a better atomization, and a larger number of ignition centers
are dispersed morewidely all over the charge. Thisimproves the combustion efficiency
[109]. Optimized distribution of the gaseous fuel and air through proper stratification
of the cylinder charge improves light load operation. With manifold NG-injection, on
the other hand, the effect of NG injection pressure tends to be insignificant [61]; it is
the NG injection timing that plays the key role in this configuration, as it has proved
the capability of achieving some degree of charge stratification inside the cylinder [72].
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With regard to direct injection of the gaseous fuel, researchers conducted on constant
volume chamber for different pressure ratios demonstrated that the jet tip penetration
of NG increases for higher injection pressure and decreases for the higher pressure of
the chamber [110]. On the contrary, the jet cone angle decreases with higher injection
pressure and increases with increasing the chamber pressure [110]. It was reported that
the improvement of the diesel-NG jet characteristics (such as jet tip penetration and jet
cone angle) improves diesel-NG DF combustion process and the associated formation
of pollutants[102]. In general, higher injection pressure leads to improved entrainment
between the NG and the air; i.e. results in better mixing [102].

In HDPI engines, most recent studies investigated the direct injection of NG into the
combustion chamber at elevated injection pressures as high as 600 bar [96]. Compared
with the values obtained at 300 bar that was used previously with HPDI engines [99],
up to 7% increase in the efficiency as well as 20% increase in the engine power could
be achieved when the NG injection pressure was doubled to 600 bar. The effect was
more voluminous at high engine speeds; where the combustion processisinjection rate-
limited at conventional pressures[96]. Up to 90% reduction in engine-out PM at peak
torque could also be achieved. Also, the faster combustion resulting from the increased
injection pressure allowed earlier combustion phasing to take place without exceeding
the peak pressures. Y et, the benefits of increased i njection pressure were attainable only
at high load conditions. That is, below 75% of engine full load, no significant benefits
from higher pressure were accomplished [96]. Asfar as the drawbacks are considered,
increased injection pressure resulted in harsher combustion with higher noise levels.
However, this could be mitigated by regulating the flow through reducing the nozzle
hole. While the harsh combustion results in increased NOx emissions, higher injection
pressure combined with increased EGR level was effective in keeping NOx emissions

constant diameter [96]. Researches in this field are subjected to further investigation.
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3.5 Utilization of Alternative High-Cetane Pilot Fuels

While conventional diesel fuel isused asapilot fuel in the magjority of NG-diesel dual-
fuel engines at the moment, the utilization of aternative high-cetane fuels as pilot fuels
ispromising. It is not only convenient from the perspective of reducing the dependence
on petroleum diesel fuel (i.e. towards a more sustainable transport) but also beneficia
for improving some of the combustion and emissions characteristics of NG dual-fuelled
engine compared with petrodiesel pilot. A variety of alternative high-cetane pilot fuels
may be used:

35.1 Biodiesd fues

Biodiesel fuels have great potentia as alternative fuels, either for conventional mono-
fuel compression ignition engines or for NG-diesel dual fuel engines as a pilot; due to
its propertiesthat aresimilar to diesel fuel [111]. Biodiesel isdefined as*“fuel comprised
of mono-akyl esters of long-chain fatty acids derived from vegetable oils or animal
fats’, and it isdesignated “B100” asformulated in the biodiesel standard ASTM D6751
[112], with European biodiesel standard EN 14214 [113] referring to fatty acid methyl
esters (FAME) asthefuel. Thisfuel, obtained from an oil or fat by atransesterification
reaction with glycerol as co-product, has a chain length of C14 to C2, a cetane number
higher than petrodieseal (the minimum cetane number of biodiesel is47 [112] compared
to only 40 with petrodiesel [114]), and arelatively high LHV around 40 MJ/kg [115].
It is a'so easy to handle because its boiling point is higher than that of diesel fuel, and
it is an environmentally friendly fuel with low smoke and PM emissions as it contains
up to 10% oxygen (volumebasis). In view of that, it isconsidered a promising candidate
as a pilot fuel for dual fuel operation with NG. It is worth mentioning that the word
“biodiesal” should not be mixed up with the expression “renewable diesel”; where the
latter stands for the product that can be obtained from a lipid feedstock (oil or fat) by
hydrodeoxygenation reaction at elevated temperature and pressure in the presence of a
catalyst, as the produced fuel in this case resembles the composition and properties of
petroleum-derived diesel fuel (petrodiesel) [116]. Figure 3.4 presents asimplified flow
diagram for biodiesel and renewable diesel; from transformation to engine combustion.

Transformation techniques and co-products of the processes are al'so shown [116].
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Figure3.4 Simplified flow diagram for biodiesel and renewablediesdl;
from transfor mation to engine combustion. Ref [116].

Recent studies [117, 118] on vegetable (edible frying) oil as apilot fuel for acommon
rail DI diesel engine dual fuelled with NG exhibited analogous results to that obtained
with petrodieseal (or simply diesel) pilot. The IMEP was slightly greater with diesel-NG
compared with biodiesel-NG. While the relatively higher LHV of diesel stands behind
the increased peak pressure, it is aso believed that biodiesel has a higher power loss
because of its higher kinematic viscosity compared with petrodiesel [112, 114], asthe
power consumption of the common rail pump driven by the engine differs as aresult of
thevariation of fuel properties (and amounts); even at the sameinjection pressure[119].
Cylinder pressure traces and HRR trends were analogous in both cases; i.e. diesel-NG
and biodiesel-NG, at the same operating conditions. However, the direct use of straight
vegetable oil implicates some problems such as lube oil dilution, high carbon deposits,
ring sticking, scuffing of the engine liner, and injection nozzle failure [120]. Chemical
modification (such as transesterification and pyrolysis) are therefore essential [121].

Rapeseed methyl ester (RME), aproduct of methanol transesterification of rapeseed oil
and marketed as biodiesel in Europe, isaso avery popular candidate since it performs
very closdly to diesdl fuel asapilot in terms of performance and thermal efficiency. It
also exhibits very similar ignition delay and peak cylinder pressure levels [122]. This
isaresult of the similar physical properties (such as cetane number - CN) and chemical

properties (such as carbon-to-hydrogen ratio) of thetwo fuels. At the sametime, oxygen
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molecules contained in the RM E chemical composition provides ahigher degree of fuel
oxidation thus compensates for its relatively lower LHV (36.7-40.5 MJ/kg) compared
with petrodiesel (42.5 MJkg) [122]. A congruent study [123] also demonstrated similar
overall trends of the exhaust gas emissions, but with aslight increase in NOx emissions
and corresponding reductionsin CO and HC emissions primarily because of the oxygen
content of the RME that |eads to a more complete combustion at higher temperatures.
Nevertheless, issues related to the sustainability of RME as a first-generation biodiesel
(competition for land with food crops) and effects of long-term use in engines (such as
cylinder deposits, cold weather suitability, solidification, and biodegradation) remain;
especially with the vehicular applications where additional care and more regularity in
maintenance and periodic services of the engine will be required [124, 125].

Other biodiesel fuels have also been investigated. For instance, the use of jojoba-(seed)
methyl ester as adiesal fuel substitute, with asignificantly higher cetane number of 63,
results in lower rates of combustion pressure rise, reducing noise and knock tendency
[126]. It also provides comparable power levels and BSFC values relative to the diesel
pilot, but higher CO and HC emissions [127]. The issue with high viscosity could be
addressed via preheating the fuel, upstream the injection pump [128]. One study [129]
on eucalyptus oil (has a cetane number of 53) revealed improved combustion stability
and higher peak cylinder pressure over the entire load range. The ignition delay with
eucalyptus biodiesd pilot was shorter than the petrodiesel ; due to higher cetane number,
but the BSFC was higher due to the comparatively lower LHV. Yet, NG DF operation
with both pilot fuel s (eucal yptus biodiesel and conventional petrodiesel) showed similar
emissionstrends[129]. Another one[130] used pongamia pinnata methyl ester (PPME)
as pilot fuel for NG dual-fuelled ClI engine showed better performance and emissions
characteristics of the engine. Although it has lower LHV than petrodiesel, the use of
PPME as a pilot resulted in improved brake thermal efficiency and reduced BSFC;
principaly owing to its rich oxygen content that improves the oxidation process upon
thermal decomposition and helps in attaining a better combustion reaction. Also, the
associated higher in-cylinder temperature with PPME results in reduced CO and HC
levels but increased NOx emissions [130]. Other work [131] considered the addition of
diethyl ether (DEE) to pilot at volumetric ratios as small as 5 and 10%, where this was
found to bring about improvement in brake thermal efficiency and in specific energy
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consumption. Thisisowing to the high cetane number of DEE and its oxygen content,
and hence combustion processisimproved. DEE evaporates rapidly and mixeswith air
easily; forming a homogeneous mixture [132]. Moreover, its high heat of evaporation
resultsin overal lower temperature and hence NOx emissions were reduced [131].

In recent years, Dimethyl ether (DME) started to attract increasing attention as a clean
aternative fuel; two decades ago it was considered as a fuel for the 21% century from
the perspectives of environmental conservation as well as energy security [133]. DME
is produced by the conversion of various feedstocks such as NG, coal, oil residues and
biomass, where the particular feedstock is used to generate syngasthat isfirst converted
to methanol, then the methanol is dehydrated to yield the Dimethyl-ether [134]. Figure
3.5 presents asimplified flowchart of the process.

Feedstock Syngas

(NG, Coal, gasification conversion Methanol dehydration

Blomass) {Hz +CO+CO2)

[CH30OH)

Figure3.5 Simplified flowchart for the process of producing DM E from feedstock.

DME maintains gaseous under standard atmospheric conditions (0.1 MPa at 298 K),
but when it is pressurized above 0.5 MPa, it condenses to the liquid phase. Gaseous
DME is denser than air while liquid DME has a density two-thirds that of water [135].
As afuel, DME is considered a potent replacement for the conventiona petrodiesdl;
dueto its superior auto-ignition characteristics [136]. It has an elevated cetane number
that exceeds 55, and a corresponding auto-ignition temperature as low as 235°C [137].
It also has higher oxygen content than conventional fossil fuels (about 35%), and no
direct carbon-to-carbon (C-C) bond and hence it produces|ower emissions, particularly
PM and HC, than conventional fuels[138]. Still, it suffers from low viscosity and lacks
good lubricating characteristics, which may cause fuel 1eakage through the fuel supply
system (which relieson small clearancesfor sealing), and also it could causeintensified
surface wear of moving partsin fuel injection system [139]. It has been suggested the
use of lubricity additives such as Lubrizol (539N), HiTEC additives 4140 (H4140), and
other biodiesel fuelsto improve DME viscosity and lubricity [140]. Another drawback
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of DME isits lower heating value (about 28.4 MJKg), and hence it requires amost the
double amount of fuel injected per cycle in order maintain similar engine power output
[141]. Also, the low boiling point of DME and its fast evaporation necessitate keeping
it stored under constant pressure in order to maintain it in the liquid phase and avoid
evaporation [142]. The features of the fuel injection system also differ from those of
petrodiesel one due to the different physical and chemical properties, and hence some
modifications have to be made appropriately [135]. This adds more complexity to the
process, particularly in vehicular applications. To use DME fuel in automotive vehicles,
injector design, fuel feed pump, and the high-pressure pump have to be modified [ 143].
While the very early works investigated neat DME as a replacement of the petrodiesel
in amono-fuel operation of Cl engines|[144, 145], other work examined its blendswith
diesel to improve its properties [146], and recently to attain novel combustion modes
such as premixed charge compression ignition (PCCI) [147]. Moreover, the potentials
of DME as an aternative pilot fuel for the dual-fuel operation with NG have aso been
investigated [148]. Compared with biodiesel fuels, such as RME, it was found that the
use of DME as apilot fuel for NG-fuelled CI engines produces lower peak in-cylinder
pressure; where thiswas attributed to the lower combustion enthal py of the DME [ 148].
Table 3.1 presents some of the chemical and physical properties of DME as well as
RME; in comparison with Diesel [148].

Table3.1 Some of the chemical and physical propertiesof DME, RME and Diesel fuel.
Adapted from [148].

Property DME RME Diesel fuel
Chemical formula CoHsO C1Hzs02 CnH1n
Density (kg/m®) 668 (liquid) 880 827-840
L ower heating value (M J/kg) 284 36.7-40.5 42.5
Cetane number >55 =54 52
Stoichiometric air/fuel ratio (kg/kg) 9.0 12.6 14.5
Auto-ignition temperature (°C) 235 170 250

The thermal efficiency of NG engines with pilot DME is consistently lower than those
with RME pilot throughout the entire load range; also due to the lower LHV [148]. On

the other side, DME evaporates instantaneously when injected into the cylinder; and
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hence mixes uniformly with the NG-air mixture. This results in a noticeably smoother
combustion process [149]; combustion of DME istherefore known for generating lower
levels of noise than conventional petrodiesel [150]. The evaporation of the DME as it
isinjected into the combustion chamber also cools the charge. When this cooling effect
is combined with the comparatively slow flame propagation and the lower temperature
(associated with lower pressure), the result isasignificate reduction in NOx emissions;
particularly at part loads [148]. Conversely, the slow flame propagation generated by
the DME pilot coupled with its cooling effect could bring about higher CO as well as
HC levels at low and intermediate equivalence ratios, compared with RME [148]. The
undisputed advantage of the DME, neverthel ess, stands asthe amost zero smokelevels.
When used as apilot fuel for NG engines, no smoke readings (in units of Bosch smoke
number) could be detected [148].

3.5.2 Emulsfied fuels

Emulsified fuels, akawater-in-fuel emulsions, aretypically petrodiesel or biodiesel fuel
mixed with varying concentrations of water; and they are used asfuelsfor regular diesel
engines[151]. The physical and chemical properties of water-in-fuel emulsions depend
significantly on the way by which the emulsions are prepared [148]; severa approaches
are employed to produce the emulsion. For instance, one study [152] used amechanical
emulsifier made of an electric motor driving a chopper blade inside a mixing chamber.
Another one[153] used an ultrasonic vibration machine. Different emulsifying methods
employed can produce water-in-fuel emulsions with comparatively varied properties;
where the most influential ones are density, viscosity, and bulk modulus of elasticity
[154]. These properties are reflected on the emulsification characteristics, such as the
water dropl ets dispersion-and-separation rates and the emul sion stability; thus affecting
engine combustion and emission characteristics [155]. Water-in-oil (W/O) emulsions
prepared using ultrasonic vibrators have more favorable emulsification characteristics
than emulsions produced using mechanical homogenizers [155]. Better characteristics
include smaller mean droplet size and larger number of droplets, better distribution and
more homogeneous emulsion, stronger intermolecular bonds, and friction forces, and
higher emulsification stability and lower separation rate. Figure 3.6 shows microscopic
photographs of two emulsions prepared with the two different methods and compares
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their properties with neat diesel fuel. Regardless of the preparation method, chemical
mixing agents or surfactants such as Span 80 (Sorbitan monool eate) and also Tween 80
(Polyoxyethylene Sorbitan monooleate) could be used to stabilize the emulsions [ 156].

Item Neat W/0 w/0
diesel fuel emulsion A emulsion B
Viscosity (cst) 3.17 4.60 4.73
Specific gravity 0.83 0.84 0.84
Mean particle size of water - 2.6 2.1
phase (pm)
Separating rate (remain - 12.0% 10.7%

motionless for 7 days)

Figure3.6  Microscopic photographs of W/O emulsions prepared by
(A) mechanical homogenizer and (B) ultrasonic vibrator;
and a comparison of their propertieswith neat diesel fuel.
Adapted from [155].

The use of stabilized emulsions in DI diesel engine in the place of the conventional
diesel fue results in an improved air-fuel mixing process. One reason for this is the
additional momentum in jet behavior dueto the water entrained in fuel molecules[157].
Nevertheless, the prime reason stands as a phenomenon called “micro-explosion” in
which the emulsified fuel droplets explode violently during combustion as a result of
vaporization of the entrained water; allowing more ignition points to be distributed
throughout the entire charge [158]. Droplet group micro-explosionsin emulsion sprays
isinduced by thevolatility difference between the water and thefuel [156], and it occurs
on aturbulence eddy scale near the outer layer and the spray head. These explosions
possess enough energy to gect torn dropl etsto adistance severa millimeters away from
the spray boundary, improving atomization, evaporation, and air-fuel mixing processes
[159]. The concept of the micro-explosion phenomenon isgraphically illustrated in Fig.
3.7 [160]. Since the physical processes of the liquid fuel combustion take much longer
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time than the chemical reaction, micro-explosions can speed up flame propagation and
combustion rate [159]. It has also been reported that diesel emulsion exhibitsimproved
combustion efficiency. The enginetorque, power, and brake thermal efficiency increase
asthe water percentage in the emulsion increases [161].

Increasing
Temperature

= > -

Fuel Droplet Rapid Evaporation
Containing Watg;&god;gots of Water Breaks Srg?::elreﬁiel
Water Droplets Down Fuel Droplet P
Figure 3.7 The concept of the micro-explosion phenomenon. Ref [160].

Asfar asthe use of W/O emulsionsasapilot for NG dual-fuelled enginesis considered,
it has been shown that RME emulsion as a pilot isbeneficial for engine combustion and
emissions [152]. This has been observed with different compositions of water-in-RME
emulsions (i.e. 5% as well as 10% water-in-RME emulsions) [148]. The water content
in the pilot emulsion plays two different roles. From one side, the micro-explosion
phenomenon of the water droplets entrained in the emulsion results in a better mixing
process, which eventually leads to higher thermal efficiency, particularly at low engine
speeds. From the other side, the vaporization of the water droplets absorbs energy from
the surrounding air; hence lowering the in-cylinder temperature. It was found that the
rate of pressure rise with the 10% emulsified pilot fuel is higher than that associated
with the 5% emulsified pilot fuel; suggesting that the micro-expl osion phenomenon and
the consequential better distribution of the fuel across the combustion chamber are the
governing factorsin this condition. With regard to the peak in-cylinder pressure, in the
same way, 10% emulsion exhibited a higher value of peak cylinder pressure compared
with the 5% one [148]. Both emulsions, though, produced lower peak pressure values

compared with the neat RME pilot; owing to the cooling effect of the water content
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evaporation. For the same reason, ignition delay was always longer with the emulsions
relative to the neat RMR pilot [152]. However, some inconsistencies could be noticed
in the results reported with regard to the effect of percentage of water content. That is,
theresultsreported by [152] reveal that ignition delay will always be shorter with higher
water content of the emulsion; at al engine speeds, whilein the work presented in [148]
this was the case only at low engine speed (1000 rpm), while at higher speed (1500
rpm) 5% emulsified pilot fuel exhibited shorter ignition delay that the 10% one. The
authors [148] attributed the difference in trends at different speeds to the quality of the
emulsions themselves. In their setup, they had a measuring flask in which the emulsion
would stay undisturbed as the engine consumed them as pilot fuel, and then it would
travel down afairly long fuel line before entering the engine fuelling system [148]. As
aresult, there was separated water in the fuel line during operation, and hence it cannot
be guaranteed that the appropriate amount of water remained in the injected volume of
the emulsion during the injection period. The anticipated separation of the emulsion
along the fuel line might also be the reason behind the engine stalling at high loads; as
reported by the authors [148, 152]. Regarding exhaust emissions, it was found that the
emulsified pilot fuels produced lower amounts of NOx than neat RME, especidly at
lower equivalence ratios. This was attributed to the cooling effect of the water content
evaporation, which lowers the combustion temperature. At higher equivalence ratios,
neverthel ess, the micro-explosion phenomenon and the resulting improved distribution
of fuel droplets improves the combustion process. Accordingly, NOx emissions of the
emulsified fuel increased to approach that of neat RME [148]. The caseisreversed with
CO and HC emissions, where the same reasons now affect in the opposite way. Lower
combustion temperature (due to water evaporation effect) leads to higher CO and HC
emissions, whileimproved mixing and dropl et distribution (because of micro-explosion
phenomenon) reduces CO and HC emissions[148]. The water content of the emulsions
also brings about a different effect on PM. The better mixing can prevent the formation
of locally rich pockets that could form soot; however, the cooling effect could prevent
the oxidation of the already-formed soot particles[148, 152]. To conclude, smokelevels
were, in general, slightly lower with emulsified pilot fuels when compared with dual-
fuel operation with neat pilot fuels [152].
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3.6 Utilization of Various Additives

Whereas the effect of NG composition on combustion process and exhaust emissions
characteristics has been addressed in some researches [80] and discussed in Chapter 2,
the fact that several additives may be introduced to the cylinder of NG-diesel dual-fuel
engines callsfor more research inthisfield. Additives could be influential upon engine
performance and combustion stability in addition to exhaust emissions characteristics
and knock tendency, yet not of all their effects are well known and they do need more
careful study. Some of these additives are highlighted hereinbel ow.

3.6.1 Addition of H2

Hydrogen as a fuel has extraordinary combustion characteristics. Its unique properties
compared to conventional liquid fuels like gasoline, as well as gaseous fuels like NG,
makes it a challenging yet promising fuel for ICEs; Table 3.2 lists some properties of
hydrogen compared with methane and i so-octane (chosen to represent NG and gasoline,
respectively, as it is more accurate to define the properties of single-component fuels)
[162]. There has been some continued progressin the devel opment of hydrogen-fuelled
internal combustion engines (H2ICEs) in the last two decades [163, 164]. Most recent
reviews, such as[165], also exhibited a particular interest in Hz addition to the efficient
Cl engines. However, some limitations still hinder its widespread application as engine
mono-fuel, where those are related to its production, storage, portability, transport, and
purity [166].

Table3.2 Hydrogen properties compared with methane and iso-octane.
Data given at 300 k and 1 atm. Adapted from [162].

Property Hydrogen M ethane | so-Octane
Molecular weight (g/mol) 2.016 16.043 114.236
Density (kg/md) 0.08 0.65 692

M ass diffusivity in air (cm?%s) 0.61 0.16 ~0.07
Minimum ignition energy (mJ) 0.02 0.28 0.28
Minimum quenching distance (mm) 0.64 2.03 35
Flammability limitsin air (vol%) 4-75 5-15 1.1-6
Flammability limits (¢) 0.1-7.1 0.5-1.67 0.66-3.85
Lower heating value (M J/kQ) 120 50 44.3
Stoichiometric air/fuel ratio (kg/kg) 34.2 17.1 15.0
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There has been a continuous research work considering NG-H: blends as fuelsin ICEs
as these blends are attracting an increasing attention [167-169]. Taking advantage of
the existing infrastructure of NG; it has been reported that H> could be introduced in
increasing proportions up to 20% to the existing NG pipelines with no modifications
necessary [169]. The addition of Ho, in small percentages, to the cylinder charge of NG-
diesel DF engines presents a potential solution for mitigating some of the drawbacks of
these engines; especialy at part loads. H> has wide flammability limits, low minimum
ignition energy, and high laminar burning velocity, and hence it enhances the limited
lean-burn capabilities of NG at low loads where the mixture strength is considerably
weak, increases the engine stability, and reduces the coefficient of variation (COV vep)
[170, 171]. The addition of H> to NG isuseful to theignition of the air-fuel mixture and
the subsequent initial flame kernel establishment and development, which also results
inincreased HRR and thermal efficiency [172]. It has been reported that the total BSFC
was considerably reduced when H, was added in small percentages to NG-diesel dual
fuel engine, where this drop was accompanying a decrease in CO and HC emissions;
revealing an improvement in gaseous fuel combustion [173]. Theincreased flame speed
and the associated higher peak cylinder pressure with hydrogen addition result in amore
efficient expansion work; further improving the thermal efficiency [174]. Hydrogen-
enrichment becomes even more influential at higher air-fuel ratios, where the unstable
and incomplete combustion leads to high emissions and poor performance [81]. While
NG (predominantly composed of methane) has one of the lowest carbon-to-hydrogen
ratios among hydrocarbon, hydrogen is afree-carbon fuel and hence enriching NG with
H> brings about lower CO. emissions. It should yet be taken into consideration that H>
addition leads to the conversion of a considerable portion of CO into CO; as aresult of
attaining a more compl ete combustion of the gaseous fuel. Furthermore, the improved
combustion process and the associated higher cylinder temperature generate more NOXx
emissionsfor the same air-fuel ratio [173]. Nevertheless, the addition of H2 extends the
lean combustion limits and allows NG-diesel dual-fuel enginesto operate at higher air-
fuel ratios; i.e. with leaner mixtures. Asthe combustion temperature decreases with the
reduced mixture strength, combining hydrogen addition with higher air-fuel ratios can
lead to a net reduction in NOx emissions [81].
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It is evident from the literature that the majority of the works related to these blends are
considering their usage in Sl engines, while the studiesrelated to enriching NG with Hz
in ClI engines with pilot diesel fuel are very limited.

3.6.2 Addition of EGR

Exhaust gas recirculation (EGR) may be used to improve combustion and emissions
characteristics of NG-diesal dual fuel engines; particularly at low to intermediate |oads.
At such load conditions, the engine suffers from lower thermal efficiency and higher
CO and HC emissions; owing to the weak mixture strength and the associated poor fuel
utilization efficiency [175]. When employing EGR, aportion of the unburned gasin the
exhaust from the previous cycleis recirculated, and expected to possibly re-burn in the
succeeding cycle; resulting in a reduction in the unburned fuel and an improvement in
thermal efficiency, while also reducing CO emission [176]. At engine half load, using
20% EGR (defined on mass basis as the percent of total intake mixture that is recycled
exhaust [39]) can increase the brake thermal efficiency of a DF engine by 2% [30]. At
high loads, however, the amount of NG introduced into the cylinder is increased, and
hence the amount of oxygen available for combustion decreases. The presence of EGR
further aggravates the problem and the combustion process is deteriorated. The brake
thermal efficiency is therefore reduced with EGR at these conditions [175].

Besides, the dilution effect of EGR (the reduced oxygen concentration as the EGR
replaces some of the fresh intake charge [177]) increases the mixture heat capacity and
lowersthe in-cylinder temperature; and hence NOx emissions are reduced substantially
[178]. The higher the percentage of EGR is employed, the larger the reduction of NOx
isachieved. It was reported that more than 60% reduction in NOx emissions of a dual-
fuel engine at half load conditions could be achieved by employing 20% EGR (mass
basis) [30]. However, PM isincreased as NOX is reduced; where thisis attributed to the
lowered oxygen concentration. When EGR is further increased, the engine reaches
operation zones with higher instabilities, increased carbonaceous emissions, and power
losses [175]. Nevertheless, the use of EGR is effective to reduce the combustion noise
(as represented by the maximum rate of pressure rise) [179]. The use of EGR in NG-
diesel dua-fuel engines also reduces the in-cylinder peak pressure and hence extends
the engine life. The effect gets more visible with the increase of EGR percentage. At
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engine half load, for instance, it was more than 8% reduction in the in-cylinder peak
pressure of aplain DF engineis possible when employing 20% EGR (mass basis) [30].
While there has been some notabl e research work with regard to studying the effect of
utilization of EGR in NG-diesel DF engines, some uncertainties still do exist. Those, in
particular, are related to the optimum EGR percentage to attain large reduction of NOx
emissions without compromising the thermal efficiency. Thisvalue is expected to vary
significantly with the operating conditions; where high load involvesthe use of alarger
amount of NG on the account of air. Reduced air concentration makes high EGR ratios
unachievable, although NOx emissions are naturally elevated in these conditions due
to high temperatures. Another topic is related to the stationary applications where EGR
temperature could be controlled independently of the engine cooling circuit. Additional
studies are required to look into the compromise between using cooled EGR (to attain
more reduction in NOx as well as combustion noise) and hot EGR (to improve thermal

efficiency) still need to be tailored properly to suit specific operating demands.

3.6.3 Simultaneous addition of EGR and H2

In the conditions where large reduction of NOXx isrequired, higher levels of EGR ought
to be employed. With elevated EGR levels, nevertheless, combustion process highly
deteriorates due to the large dilution of the charge with the exhaust gas [180], and
consequently, CO, HC, and PM emissions increase substantially [181]. One proposed
solution that could maximize the potential benefits of using large amount EGR isto use
afuel additive to enhance combustion stability; where hydrogen is believed to be the
best candidate that has been studied for NG-fuelled engines [81]. With exceedingly
unstabl e operating conditions of the engine represented by low-load, low-speed, aswell
as elevated EGR ratios as high as 40% (volume basis - calculated as the percentage of
CO: concentration in the intake to that in the exhaust; according to [40]), the addition
of Hy to the charge (23% volume basis) significantly enhances the overall combustion
event, improves the engine stability and reduces the COV mer [182]. The addition of Hz
does increase the reactivity of the gaseous fuel and hence tends to counterbal ance the
slow mixing and combustion rates commonly encountered with the utilization of high
EGR amounts[81]. Besides, engine-out GHG are noticeably reduced with H» addition;
where the CO> emissions are reduced due to the lowered carbon-to-hydrogen ratio of
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the blended gaseous fuel, while CH4 emissions are reduced as a result of the enhanced
overall combustion. At part loads, a 10% increase in hydrogen in the fuel could reduce
the GHG emissions by 5% [182]. Besides, the presence of H> in the combustion zone
increases the concentrations of active radicals; typically, H, OH, and O, where these
highly reactive molecules are helping to provide more rapid oxidation of the unburned
fuel and partial-combustion species; including CO and HC [183]. Generally, HC and
CO emissions were reduced by 15%-20% for every 10% increment in H> concentration
in the fuel, mainly due to the improved combustion stability. PM emissions, in turn,
were reduced by 10% for the same increment, where this was attributed to reductions
in the black-carbon content of the PM. Sufficiently high concentrations of hydrogen in
the fuel can virtually eliminate emissions of BC particulate [182]. However, the higher
reactivity of fuel associated with the increase of hydrogen concentration also increases
NOx emissions. That is, the increase in NOx emissions could be attributed to both the
increased combustion intensity and in-cylinder temperatures, and theincreased prompt-
NO formation due to increased OH radical concentrations [183]. However, operating
at higher EGR fractions could offset these increases in NOx while maintaining good
combustion stability and low levels of CO, HC, and PM emissions[182].

It appears clearly that further research on this particular topic is essentially required as
only limited studies have considered that issue; while heavy-duty CI engines (the main
target of this approach) usually involve the use of EGR. One potent approach isthe use
of exhaust gas fuel reforming, to produce a hydrogen-rich combustible gas that is then
fed to the engine. This will be discussed in Chapter 7 as a potent way to improve the
light load operation of DF engines.

3.6.4 Addition of O2

The addition of oxygen to combustion air, aka oxygen-enriched combustion (OEC), has
been shown to reduce overall fuel consumption [184]. In NG-diesel dua fuel engines,
oxygen enrichment improves the combustion process at low loads and reduces knock
tendency at high loads[185]. At low load conditions where NG-diesel dual fuel engines
suffer from noticeably lean mixtures, the addition of oxygen improves the combustion
stability and prevents misfiring as the partial oxidation reactions are accelerated [ 186].
The promoted combustion and the increased reaction activity enable alarger portion of
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gaseous fuel to be entrained in the oxidation process; reducing the BSEC. About 7%
reduction in BSFC could be obtained in NG-diesel dual-fuel enginesat part |oad; should
the oxygen concentration of the cylinder isincreased from 21% (i.e. normal air) to 30%
[185]. At high loads, the utilization of large amount of NG leadsto aprolonged ignition
delay [175], and hence allows more time for heat transfer to the end gas; which results
in atendency to knock [187]. Oxygen addition counteracts that effect; it decreases the
ignition delay and shortens the combustion duration, and thereby lowers the tendency
to knock. It was reported that more than 18% reduction in the maximum ROPR can be
attained if the oxygen concentration of the cylinder isincreased from 21% to 25% [ 185].
Asfar asexhaust emissionsare considered, OEC is considered advantageous from some
perspective. The variation of HC in the exhaust gas is consistent with the quality of the
combustion process, while the rate of CO formation is a function of the unburned fuel
availability and the mixture temperature [25]. Oxygen-enrichment improves the overall
combustion process and flame propagation, increases the in-cylinder temperature, and
enhances the oxidation process of crevice and deposit-layer hydrocarbon. In addition,
the reduced ignition delay as a result of oxygen-enrichment eliminates the diesel pilot
Spray over-penetration; preventing the unwanted fuel impingement on the cylinder
walls. It aso reduces the amount of fuel mixed beyond the lean flammability limit that
is not able to auto-ignite or sustain a fast reaction front [188]. Consequently, both HC
and CO emissions are considerably reduced. About 28% reduction in brake specific HC
and CO emissions can be attained at medium load when the oxygen concentration of
the cylinder isincreased to 30% [ 185]. OEC al so exhibits a substantial drop in the diesel
pilot smoke levels;, where high oxygen-enrichment ratios at high load conditions may
lead eventually to almost zero soot [185]. However, the increase of NOx emissionsisa
key issuefor thistechnique, sincethe cylinder temperature increases with the increased
oxygen content. Still, this can be moderated by the utilization of water-emulsified diesel
along with the oxygen enrichment [189]. Neverthel ess, while the emissions trends with
oxygen enrichment are quite predictable, there are yet some uncertaintiesrelating to the
knocking behavior of NG-diesel DF engines. For instance, excessive oxygen addition
at high load conditions may lead to severe knock. This is attributed to the increase in
laminar flame speed, which causes the burned mixture to rapidly expand and compress
the unburned NG-air mixture; leading to aknocking condition [185]. The elevated peak
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cylinder pressure with OEC [190] should be dealt with care not to cause damage to
engine structure. All in all, OEC in NG-diesel dual-fuel engines needs further worksin

order to assess its validity for different conditions.

3.7 Conclusions

In this chapter, the areas that require further work on the topic of NG-diesel DF engines

were identified and discussed. Some of the key conclusions are:

Splitting the diesel pilot into a pre-injection followed by the main injection has the
capacity to change the combustion mode from conventional diesel dual fuel (DDF)
mode into novel, two-stage, partially premixed dual fuel (PPDF) combustion.
Compared with DDF, PPDF combustion showsthe ability to improve fuel economy
and reduce emissions. Combustion efficiency with PPDF mode could exceed 98%,
with aminimal dlip of CHa.

The benefits of PPDF mode are best observed at medium loads. At high loads, the
mass of the pre-injection part of the pilot islimited by the maximum peak pressure
and ROPR, while at light loads it could be too small and potentially loseit effect.
Direct injection of NG inside the engine cylinder maintains the maximum air mass
flow entering the cylinder, and provides a high degree of charge stratification. This
extends the lean flammability limits and allows the engine to run on less diesel and
more gaseous fuel. A specia centrally-located HPDI multi-fuel injector is used to
directly inject both fuels inside the cylinder. Pilot diesel could be as low as =2%
with this technique.

DF engineswith HPDI of NG maintain comparabl e power output and brake thermal
efficiency levels to those attained with conventional diesel engines, but with up to
40% and 65% reduction in NOx and PM; respectively. However, thistechnology is
expensive and adds more complexity and less flexibility to the system.

Common rail fuel systems with pressures up to 3200 bar improve the performance
of DF engines. Increasing NG injection pressure increases the mass flux of the fuel
and the degree of turbulence inside the cylinder; highly enhancing the combustion
event. More improvement is achieved if advanced injectors with alarger number of

nozzle holes of smaller diameters are used.
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The use of aternative high-cetane pilot fuel s reduces the dependence on petrodiesel
and potentially improves some combustion and emissions characteristics. Biodiesel
and emulsified fuel s are amongst the most promising ones. The high oxygen content
of biodiesal (up to 10% v/v) provides better oxidation and lower smoke and PM.
Thewater content of emulsified fuelslowers the combustion temperatures and NOx
emissions, while the “micro-explosion” phenomenon produces more ignition points
throughout the entire charge. However, the effects of biodieselsand their emulsions
on long-term usein engines (such as cylinder deposits, cold weather suitability, and
biodegradation) are questioned.

Hydrogen-enrichment mitigates some of the DF engines drawbacks, particularly at
part loads. It enhances the limited lean burn capabilities of NG, increasesthe engine
stability, and reduces the COV ver. Total BSFC is considerably reduced, while CO
and HC emissions become lower. However, higher cylinder temperature generates
more NOx emissions. The combination of EGR and hydrogen could be used in the
conditions where large reduction of NOXx is required without sacrificing the engine
performance.

Oxygen enrichment of NG-diesel DF engines improves combustion stability at low
loads and decreases knock tendency at high loads. The more complete combustion
reduces CO and HC emissions and substantially lowers smoke levels; yet increases

NOXx emissions.
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4 Experimental Facilities and Data Processing

41 Introduction

This chapter provides a detailed description of the experimental facilities used in this
study. This coversthe two test engines, the test bed facilities and auxiliary systems, the
fueling system, the data acquisition system and instrumentations, and the software and
control measures. The procedures of data collection and processing are then presented.
These include the methodology to determine the top dead center of the piston position,
the synchronization of cylinder pressure datawith the corresponding crank angle degree
values, and the data post-processing to filter any noise interference in the signal. The
zero-dimensional single-zone combustion model used in the heat release calculationsis
then considered. Finally, indicated work determination and the engine stability criteria
are discussed.

4.2 Experimental Facilitiesand Setup
4.2.1 Enginesand test bed

The first part of the experimental work in the present study has been carried out on a
Ford Puma (ZSD 424 Range) four-cylinder, 2.4 liters, turbocharged intercooled direct
injection diesel engine. The main specifications of this engine are listed in Table 4.1.
The engine hasamechanical injection system, in which achain-driven rotary distributor
fuel injection pump supplies the diesel fuel to the mechanical injectors. The quantity
and timing of injection are controlled by the Engine Control Unit (ECU). This engine
isreferred to throughout the thesis as the distributor pump (DP) engine. The enginewas
mounted on the test bed, and tested and commissioned by some former researchers;
including [191]. Figure 4.1 shows general view of the DP-Engine mounting on the test
bed. In the present contribution, this engine has been used only under diesel operation,
as a part of the investigations aiming at the influence of FIE on combustion and heat

release characteristicsin Cl engines. The details of this study are given in Appendix A.
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Figure4.1 Ford Puma (ZSD 424) 2.4 liters DP-Engine mounted on the test bed.
Table4.1 Main specifications of the DP-Engine used in the present work
No. of cylinders 4
Capacity 2.4 litres
Cooling system Water cooled
Induction system Exhaust Gas Turbocharged, Intercooled
EGR system Electronically controlled EGR system
Bore 89.9 mm
Stroke 94.6 mm
Con. rod length 149.8 mm
Compression ratio 18.4:1
Rated power 88 kW @ 4000 rpm
Maximum torque 240 Nm @ 2300 rpm
Fuel injection system Direct injection, Rotary distributor pump, Mechanical injectors
Fuel injector opening pressure 200 bar
Induction System Turbocharged, Intercooled
Combustion system Bowl in piston
Valves per cylinder 2 intake; 2 exhaust
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The second and main part of the experimental work in the present study has been carried
out on a Ford Puma (Duratorq ZSD 422 Range) four cylinder, 2.2 liters, turbocharged
intercooled direct injection (DI) diesel engine. The specification of thisengineisgiven
in Table4.2. Thisengine has a high-pressure common-rail fuel injection system; where
the injection pressure could be controlled independently of the engine speed or injected
fuel quantity, and is generated by a high-pressure pump develops a pressure as high as
1800 bar. Thisengineisreferred to as the common rail (CR) engine. The high-pressure
pump is electronically controlled viathe Engine Control Unit (ECU). Figure 4.2 shows
general view of the CR-Engine. This engine has been first tested under diesel operation
to complement the studies regarding the effect of FIE, then it has been converted to
dual-fuel (DF) operation using methane and diesel fuel. The studies of DF operation
are presented in Chapters 5 and 6.

Figure4.2 Ford Puma (ZSD 422) 2.2 liters CR-Engine mounted on the test bed.
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Table4.2 Main specifications of the CR-Engine used in the present work
No. of cylinders 4
Capacity 2.2 litres
Cooling system Water cooled
Induction system Turbocharged, Intercooled
EGR system Electronically controlled EGR system
Bore 86.0 mm
Stroke 94.6 mm
Con. rod length 149.8 mm
Compression ratio 15.7:1
Rated power 110 kW @ 3500 rpm
Maximum torque 380 Nm @ 2000 rpm
Fuel injection system High-pressure common-rail (HPCR)
Common rail pressure 1800 bar
Combustion system Bowl in piston
Valves per cylinder 2 intake; 2 exhaust

When installed, the engine under test has been directly coupled to aDavid McClure DC
electric motor regenerator dynamometer through a modified version of the standard
gearbox; where the internal gears were removed and replaced with a linking propeller
shaft. The alignment process of the coupling and shaft has been carried out carefully to
reduce any changes over the long-term operation [192]. The dynamometer has a rated
power of 90 kW and a maximum speed of 4000 rpm, and it is controlled by aDC drive
unit that maintains steady speed motoring/absorbing operation against varying torque.

Some modifications were necessary to allow test bed usage. The engine alternator was
run unloaded, and the standard battery used was charged through the mains viaabattery
power pack. The battery has been used to power the DP-Engine el ectronics, but a set of
main power suppliers have been used with the CR-Engine instead. For both engines,
the glow-plugs were removed and replaced by pressure transducers to measure the in-
cylinder pressure. Further, for the DP-Engine, in particul ar, the standard power steering
pump originally fitted have been kept only for the convenience of running the accessory
belt, while its high-pressure outlet has been routed back, via a finned cooling tube, to

the fluid reservoir.
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Both engines have external high-pressure loop Exhaust gas recirculation (EGR); where
the EGR, after passing through a coolant-fed heat exchanger for cooling, is introduced
into theintake pipe downstream the compressor and theintercooler. Figure 4.3 provides
a schematic diagram of the engine induction and exhaust systems.

Air box

Intake air IIII
= Turbo- Catalytic

charget converter

=1 Iiﬂ]]:l]j: => Exhaust

Figure4.3 Schematic diagram of the engine induction and exhaust systems.

Theradiator of the coolant system was replaced with a counter-flow shell-and-tube heat
exchanger, which rejected the heat to cooling water pumped from the cooling plant of
the laboratory. A water-to-air intercooler has been used in the place of the original air-
to-air intercooler with an independent cooling circuit for the intercooler coolant. The
standard EGR cooler and Oil cooler have been retained. Figure 4.4 presents a schematic
diagram of the test bed cooling circuits; for the engine, the intercooler, the EGR cooler,

and the Oil cooler.
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Figure4.4 Schematic diagram of thetest bed cooling cir cuits. Arrows show the potential
directions of the flow. Coloursarefor clarification only. Not to scale.
The standard fuelling system in both enginesis originally controlled viathe ECU using
adrive-by-wire electronic accel erator pedal position (APP) sensor. For test bed purpose
with the DP-Engine, fuelling quantity was preset using a potentiometer mounted in the
main control panel. With CR-Engine, the pedal outputs 2 signalsinversely proportional
to each other, and fuelling quantity was controlled via a homemade pot-box comprises
a set of two 10-turns potentiometers oppositely attached to the center of rotation of the
control wheel. With both engines, the speed was made independent of fuelling quantity
and controlled through regulating the dynamometer speed.
For methane-diesel DF tests on CR-Engine, the intake manifold was modified to allow
for gaseous fuel utilization. The modification involves attaching a special gasinjection
system, comprising a gaseous fuel rail and mixing section, where the gaseous fuel is
injected and mixed with the intake stream before being admitted to the engine. This
section is fitted with a thermal fuse that melts if the temperature goes higher than a
120°C; indicating the incidence of flame flashback in the intake manifold. As the fuse
melts, it cutsthe power to the gasinjectorsimmediately. Figure 4.5 shows a photograph
of the gaseous fuel injection section as attached to the intake manifold.
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Figure4.5 Gaseousfuel injection system; (a) General view of the setup within the intake
manifold, and (b) the arrangement of gas supply line, gasrail, and injectors.

A dedicated gaseous fuel supply system was designed and executed by the author of
the present work. All system parts in contact with the gaseous fuel are made from 316L
Stainless Steel. Gaseous fuel (99.95% CHa) was supplied from commercial compressed
gas bottles of 50L capacity. The gas pressure is first reduced from the bottle pressure
of 200 bar to 15 bar via a single-stage high-pressure (HP) regulator. The gas then flows
through an arrangement of seamless and flexible tubes by to asingle-stage |ow-pressure
(LP) regulator; where the pressure is brought down to the injectors working pressure of
6 bar. The gas then passes through athermal mass flow meter before being fed into the
gasinjectionrail. That is, the gas flow rate was measured asit is being injected into the
intake manifold; no provision was made to measure the actual amount of gas entering
to each individua cylinder. Measuring the gasflow rate on global basis has the problem
of encountering a variation of the gas amount from cylinder-to-cylinder. Reasons for
that could be any possible lag in the electric signal fed to the injector solenoid, the non
uniformity of low inside the intake manifold, and any differencein the valve timing due
to non-matching of the cam profile. All of these variations do exist but they are very
difficult to account for. This is not expected to largely influence the present work as
any potential error remains marginal. The complete system has been fitted with severa
safety measures, including a pressure relief valve, isolation valves, on top of flashback
arrestors. The details about the safety measures can be found in Appendix C.
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Figure 4.6 presents a schematic diagram of the gaseous fuel system, and a descriptive
photograph of gas system piping and control measures is presented in Fig. 4.7.
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Figure4.6 Schematic diagram of the gaseous fuel system. Not to scale.
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Figure4.7 Gaseousfuel piping system; (a) the compressed gascylinder completewith the HP
regulator and the FB arrestor, and (b) the LP side comprisesL P regulator, supply
linefitted with gasflow meter, and venting system complete with FB arrestor.
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4.2.2 Dataacquisition and instrumentation

Experimental data were acquired to a PC through an integrated data acquisition system
and control programs. Although the basic structure of the setup is almost the same, the
hardware and software arrangement used differ between DP-Engine and CR-Enginein
some aspects. With DP-Engine, two categories of parameters were measured. Those
are the engine standard variables and the additional measurements. Standard variables
are those measured in vehicles via the ECU, such as the fuel demand and injection
timing. In the experimental setup, those variables were still measured viathe ECU. The
output of the ECU was to a network hub connected directly to the PC through a USB.
This hub is the main interface to the software, namely ATI Vision, installed on the PC
to collect the signals from the ECU and from other external sources. It is also be used

to program the ECU and perform a real-time calibration. Figure 4.8 shows a screen-

shot for the ATI user interface for the project file used in the present work.
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Other than engine variables, several additional measurements were taken to fulfill the
test requirements. Type-K thermocouples were fitted throughout to measure the cool ant
temperatures, oil temperatures, intake and exhaust manifoldstemperatures, and fuel line
temperature. The signals generated were then fed to external data acquisition (EDAQ)
modules for thermocouples; by ATI. The output of those modules was routed to the
network hub then to the PC; to be read and processed by the ATI Vision software.

A set of Kulite PT-2054 non-amplified pressure sensors and Kulite PT-2028 amplified
pressure sensors were used to measure oil pressure, intake Manifold Absolute Pressure
(MAP), and exhaust manifold pressure. A Horiba MEXA-7000 Exhaust Gas Analyzer
was used to measure the concentrations of CO. in both the intake and exhaust manifold
so the actual EGR percentage can be determined; as per equation (5.1). The produced
analog signals were then fed to an EDAQ module of analog inputs; by ATI. The output
of the EDAQ analog input module was routed to the network hub then to the PC; to be
read and processed by the ATI Vision software.

Two Kistler 6055C piezoel ectric non-cooled combustion pressure sensors were used to
measure thein-cylinder pressurein cylinders 2 and 4. The output signal of each pressure
transducer was fed to aKistler 5011 charge amplifier comprising a high-gain inverting
voltage amplifier with a MOSFET input for high insulation resistance. A Hohner W-
series, model W2D11R, incremental optical encoder was used to monitor the crankshaft
position. The encoder was attached to the free end of the crankshaft via a mounting
bracket and flexible coupling. Thisencoder is suitable for arotational speed up to 6000
rpm, and it has two output signals; a repetitive pulse every haf degree of crankshaft
rotation (i.e. 720 pulses prerevolution), and areference pulse every completerevolution
(360°). Therepetitive pulse signal isreferred to as* Index-A” signal, or the clock signal,
while the reference signal is referred to as “Index-Z” signal, or the encoder TDC
marker. Thetwo signals, along with the output voltage signal from the charge amplifier,
were routed to aNational Instrument (NI1) PCI-M10-16E4 high-speed (250 kHz) 12-bit
resolution ADC card installed on the PC for data acquisition process. To obtain crank
angle-synchronized cylinder pressure data, a dedicated program has been written in
LabVIEW environment, in which the data acquisition process has been triggered by the
encoder’ s Index-Z signal and clocked (timed) by the encoder’ s Index-A signal.
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Figure 4.9 shows a schematic diagram of measurement circuits for different variables

for DP-Engine.
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Figure4.9 Schematic diagram of thetest rig instrumentations and measur ement

circuitsfor DP-Engine. Not to scale.

With the CR-Engine, advanced NIRA common rail diesel engine management system
was used. The system comprises a NIRA-i7r engine control unit complete with NIRA-
rk application tool for loading the software program, tuning the engine data, monitoring
etc. NIRA-i7r ECU is connected to the PC, where NIRA-rk application tool isinstalled,
through a dedicated dongle. Engine standard variables, including diesel fuel injection
parameters (mode, timing, and quantity) were measured and controlled by this system,
while the gaseous fuel consumption in dual-fuel experiments was measured through a
thermal massflow meter, model F-113A1 by Bronkhorst, then imported into a dedicated
software. The gas injection quantity and duration were controlled through the NIRA-rk

software. Figures 4.10 shows a screen-shot of the NIRA-rk user interface.
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Figure 4.10 A screen-shot of the NIRA-rk user interface.

Type-k thermocouple signals were acquired by a NI-9213 thermocouple module on a
cDAQ-9171 Compact DAQ chassis connected directly to the PC through a USB cable.
The signals were monitored and recorded in LabVIEW environment. The same set of
Kulite PT-2054 and Kulite PT-2028 pressure sensors were used to acquire the different
pressure values throughout, but the output signals were fed to X-Series NI USB-6351
16 Als, high-speed (1 MS/s multichannel), 16-bit resolution ADC card; connected
directly to the PC through a USB cable. The signals have been monitored and recorded
using LabVIEW. Also, the same arrangement of Kistler 6055C piezoelectric pressure
sensors and Kistler 5011 charge amplifiers were used to measure and manipulate the
in-cylinder pressure datafrom cylinders 1 and 3. Likewise, the same W2D11R Hohner
incremental optical shaft encoder has been used to monitor the crankshaft position. The
output signals have been fed to the X-Series NI USB-6351 high-speed card and then to
the PC to obtain the crank angle-synchronized in-cylinder pressure datain LabVIEW.
Figure4.11illustrates a schematic diagram of the measurement circuitsfor the different

variables of CR-Engine.
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Figure4.11 Schematic diagram of thetest rig instrumentations and measur ement
circuitsfor CR-Engine. Not to scale.

4.3 Data Collection and Processing
4.3.1 Determination of thetop dead center (TDC)

The accuracy of the volume calculation primarily depends on the accuracy of both the
clearance volume measurement and the crank angle determination [193]. The accuracy
indicated work and indicated mean effective pressure (IMEP) calculationsrelies on the
accurate alignment of the measured pressure and the corresponding change in volume
[39]. This alignment depends on the shaft encoder’s TDC marker pulse, i.e. the “Index-
Z” signal, being very carefully aligned to the engine' strue cylinder 1 TDC point.

To obtain afirst “rough” alignment, the true TDC of cylinder 1 is checked using aDTI

gauge riding on the number 1 piston through the injector hole as shown in Fig. 4.12 (a).
It is highly recommended that this procedure is applied to cylinder 1 in particular as it
is the one immediately next to the shaft encoder, and hence any potential errorsin the
TDC determination caused by torsional vibrations are avoided [194]. Once thispoint is
visually found, the shaft encoder isturned to its TDC pulse position then locked to the
crankshaft pulley viaan adapting hub. This process, referred to as*“ static determination

of TDC", is accurate to no less than one crank angle degree. This could be insufficient
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for IMEP measurement accuracy; it has been reported that each one degree offset of the
crank angle position from the actual TDC resultsin 5% error in the corresponding value
of IMEP[195]. In view of that, adynamic TDC, i.e. actual TDC that takes into account
piston stretch and crankshaft twist, has to be found. Thisis carried out by using “OT-
Sensor-428" capacitive TDC probe, by AVL, to measure any phase difference between
encoder’s TDC pulse and piston’s actual TDC point with the engine running. As shown
inFig. 4.12 (b), the probeisinserted into the injector hole of cylinder 1 through aspecia
adapter, then fixed with its end very close to the piston at the TDC. This proximity
probe outputs avoltage signal proportional to the closeness of the piston crown and the
probe end. The engine is then motored through the dynamometer at an arbitrary speed
around 1000 rpm, while the probe signal as well as the encoder TDC marker pulse, i.e.
“Index-Z” signal, are acquired together then processed through a dedicated LabVIEW
program. The software then processes the two signals then outputs the phase difference
between the dynamic TDC of cylinder 1, and the falling edge of the shaft encoder TDC
pulse (as this was the triggering instant of the data acquisition process). This phase
difference was found to be 1.7 CA degrees after the true TDC. This was subsequently

accounted for in data presentation and processing.

@) (b)

Figure4.12 Thedetermination of the TDC; (a) theuse of a DTI gauge for a rough estimation
of the TDC, and (b) fining thetrue TDC using the AVL capacitive probe.
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4.3.2 Synchronization of in-cylinder pressure and crank angle data

e Alignthein-cylinder pressure traces.

In order to synchronize the cylinder pressure data with the crank angle (and hence with
the corresponding cylinder volume), it is essential to determine exactly at what point in
the engine thermodynamic cycle data acquisition process has started. As mentioned in
section 4.2.2, the shaft encoder’s TDC pulse (the “Index-Z” signal) was used to trigger
the data acquisition. This hasthe disadvantage that the recorded datamay begin at either
compression TDC or exhaust TDC. Therefore, it isfirst required to determine at which
TDC the data acquisition process has started. To accomplish this, the 1% data point (that
corresponds to angle zero) is compared to the 720" point (that corresponds to the angle
360 asthe encoder resolutionis0.5° CAD). The pressurevalueisgreater at compression
TDC than that at exhaust TDC as the valves are closed. Consequently, if the pressure
value at the 1% point is greater than that at the 720" point, the triggering signal istaking
place at the compression TDC. If the oppositeis correct, it isthe exhaust TDC that the
triggering signal was occurring at. It is preferred to start acquisition from the exhaust
TDC, so the presented data will show the complete engine thermodynamic cycle from
the beginning, i.e. from the intake stroke, with the peak pressure value around the 360°
CA and not at the start or the end of the cycle.

For the four-cylinder engines, it is desirable to align the four-cylinder pressure traces
with each other rather than plotting them with the 180° phase shift. The LabVIEW code
has been developed to automatically account for that phase shift every cycle. If the
comparison between the 1% and the 720" data points of the cyl-1 pressure trace yielded
that the acquisition has been triggered at its exhaust TDC, the code will automatically
acquire the four-stroke pressure data of cyl-1 from angle zero to angle 720, whileit will
acquire that of cyl-3 from angle 180 to angle 900 (180° shift), and so on (for the firing
order 1-3-4-2). Alternatively, if the comparison hasyielded that the acquisition has been
triggered at cyl-1 compression TDC, the firing order dictates that it iscyl-4 that is at it
exhaust TDC, and hence the acquisition process starts with that cylinder; followed by
the othersin accordance with thefiring order (again; with the 180° shift). The alinement
process has been donein real-time automatically through the LabVIEW code so to yield
the aligned data. The code has also been designed such that the triggering process is
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repeated at every individual cycle. That is, each full thermodynamic cycle for the four
cylinders has been triggered with a reset encoder’s TDC pulse (or “Index-Z” signa);
independently of the preceding cycles. Thisis because in real-time acquisition thereis
a chance that a noise spike or spurious €electrical pulse might be counted as a sample
clock (or “Index-A” signal). If this happens, then the recorded crank angle (and hence
the calculated cylinder volume) will be out-of-synchronization with the pressure traces.
If the dataacquisition processrelies solely onthefirst TDC signal at the very beginning,
then any of these spurious events could build up over the subsequent engine cycles, and

the measurement could become progressively out of synchronization.

e Referencing thein-cylinder pressure to an absolute value.

Piezoel ectric transducers produce an electrical output only when a change in state is
experienced; that is, they cannot perform true static measurements [195]. This type of
transduces suffers various types of drifts and outputs a charge relative to the change in
pressure levels, and not an absolute value. To obtain the absolute value of the cylinder
pressure, the data has to be referenced to a known pressure at some point in the engine
cycle. Thisprocessisknown as“pressure pegging” . While several methodsfor pressure
pegging have been studied [196, 197], one most common approach that was employed
in the present study is to set a point within the engine cycle to a known (or estimated)
pressure. It has been found that referencing thein-cylinder pressure at theintake bottom
dead center (BDC) to the intake MAP gives best results [198]. This method is quick
and simple, yet it is only accurate for engines with unturned intake systems while it
yields inaccuracies with engines having tuned-intake systems [199]. Alternatively, the
in-cylinder pressure at the exhaust top dead center (TDC) may be referenced to the
exhaust pressure (in absol ute). The developed LabV IEW code automatically appliesthe
referencing process on the acquired pressure data and enables the user to determine
whether it isrequested to refer to the MAP or the exhaust manifold pressure, and based
ontheselectionit refersto the corresponding data point of the compl ete thermodynamic
cycle. That is, if thein-cylinder pressureis requested to be referenced to the MAP, then
the code sets the value of the in-cylinder pressure at the intake BDC (i.e. the 360" data
point) to be equal to the MAP at the same instant. When it requested to reference to the
exhaust manifold, instead, it is the exhaust TDC (i.e. the 1440 point) that is set to be
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equal to the exhaust pressure at that time. To eliminate the inertia effects of the charge
entering the cylinder at the end of the intake stroke (or leaving it at the end of the
exhaust stroke) as well as the effect of any fluctuation in the manifold pressure signal,
the code has a controllable referencing window, through which it is possible to take the
average of acertain number of points, taken equally on the two sides of either the intake
BDC or exhaust TDC; rather than taking only the central point. Thereisaprovision by
the LabVIEW code used in this work for concatenating two complete thermodynamic
cycles, to accommodate the cases where the referencing window lies at the end of any

particular cycle.

Referencing the cylinder pressure to an absolute value on a cycle-to-cycle basisis aso
useful in overcoming inherit nature of piezoel ectric transducersto drift. Drift is defined
as any undesirable change in the output signal over the timethat is not afunction of the
measured variable [200]. This could lead to a considerable error of the measured signal
over the course of time. Thistype of drift, akainter-cycle drift [199], can be eliminated
by short-term pegging (every cycle) of the cylinder pressure to the reference pressure.
Y et, another type of drift, which is the drift that occurs between the beginning and the
end of each cycle (akatheintra-cycle drift [199]) still exist, but has been found of tiny
effect with the transducer used in the present work. One major source of piezoelectric
pressure transducer drift iswhat isreferred to in the literature as the “thermal shock”; a
phenomenon in which the cyclic exposure of the transducer to the combustion event in
IC engine results in contraction and expansion of its diaphragm as aresult of the large
temperature variation during each cycle[201]. This causestheforce acting on the quartz
to be different from that applied actually by the cylinder pressure alone for a particular
part of the cycle. A number of ways have been proposed to reduce the effect of thermal
shock; e.g. the use of water cooling, heat shields, and coating the transducer membrane
[202]. Other sources of transducer drift include the vibration that may cause the quartz
element to yield ameasurement error, and the infinitesimal deformation of the cylinder
during the engine working cycle that could result in a corresponding deformation in the
transducer itself [203]. However, as these are very difficult to account for, the present

work has only relied on the rea-time pegging to eliminate the inter-cycle drift.
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4.3.3 In-Cylinder pressure data post-processing

The processing of cylinder pressure data givesinsightsinto several parameters; such as
theindicated mean effective pressure (IMEP), rate of pressurerise (ROPR), heat release
rate (HRR), ignition delay (D), start of combustion (SOC), and many others[204]. The
challenge hereisto first obtain the cylinder pressure data with high accuracy, eliminate
any undesirable pulsations, and characterize the unaccounted noise on a cycle-to-cycle
basis [205]. Flow processes inside the engine cylinder are turbulent and there are local
fluctuations in the flow field; resulting in cycle-to-cycle variation in the mean flow of
cylinder [39]. Also, the manufacture and operation of individual fuel injectors are not
identical, and there is a dlight variation in fuel mass injected from cylinder-to-cylinder
and from cycle-to-cycle [39]. Test-to-test analysis has been conducted to determine the
number of consecutive cycles required to attain a stabilized average for the in-cylinder
pressure data. A total number of 50 cycles has been found to achieve this for different
test conditions examined with good repeatability. The position of the mean average of
the 50 cyclesrelative to all cyclesrecorded isshownin Fig. 4.13.
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Figure4.13 Cyclic variability for diesel fuel operation; at 2000 rpm and 4 bar BMEP.
A total number of 50 consecutive cycles are presented; the thick black line
representsthe mean aver age. Oscillation in the pressurewaveisalso shown.
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Thefigure shows that the maximum cyclic variability is of the order of 1° CA; meaning
a maximum error of 0.5° CA on either side of the mean average cycle. In addition to
the cyclic variability, an oscillation of cylinder pressure traces can be clearly observed
in Fig. 4.13. Thisis attributed to the incidence of an abrupt pressure rise after the SOC
which induces transient vibrations as it excites the natural resonance of some of the
hardware components in the measurement system. This phenomenon was encountered
with both engines tested in the present work, which suggests that it is related to the
configuration of the pressure transducer mounting [206] rather than to the combustion
chamber cavity [207]. It is recommended to mount the transducer such that itstipisas
flush as possible with the cylinder head (the combustion chamber); full flush mounting
is not practical as it will totally expose the measuring diaphragm to the very harsh
environment, unless a thermos-protection shield is used [208]. However, if it is not
possible to machine the cylinder head to flush-mount the pressure transducer, a specia
adapter in the shape of glow plug is generally used to provide access to the combustion
chamber and also to support the transducer. With atypical glow-plug size abound 4mm
diameter, the small pressure transducer cannot be flush mounted in most cases; instead,
therewill be a short passage between combustion chamber boundary and the transducer
tip. The concept isillustrated by the schematic diagram in Fig. 4.14. This has been the
case with the present work; Fig. 4.15 presents a photo of the transducer alongside the
glow plug adapter used, and how they fit together as per manufacturer's standards [209].
Non-flush-mounting of pressure transducersis commonly associated with theincidence
of resonant waves in the narrow access passage between and the combustion chamber
and the transducer tip; if the natural frequency of the passage is|ess than the maximum
desired frequency of interest of the transducer [205]. Thisintroduces undesirable noise
tothe signal that highly hinders obtaining meaningful heat rel ease rate (HRR) datafrom
the recorded cylinder pressure signal. As shown by equation (4.10), heat release rate
term involves a derivative of the pressure term, and thus any error or high-frequency
noise in the pressure data results in a massive distortion in the heat release rate data.
Figure 4.16 illustrates an example of the effect of the presence of noise in the pressure

signal on heat release rate.
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Cylinder Pressure Transducer
with Glowplug Adapter

Exhaust

Passage

\
Figure4.14 A schematic showsthelayout Figure 4.15 A photo of the transducer used in
of fitting the pressure transducer into the the present work (#1), along with the glow plug
glow plug adapter. The small diameter of adapter (#2). They join together by athread (#3)
the adapter at its end forms a narrow while the adapter holdsto the cylinder head via
passage between the combustion chamber external thread (#4). Thenarrow passageis (#5).
and transducer tip. Adapted from [206]. Cross-sectional drawing isadapted from [209].
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Figure4.16 (a) Noisy pressuredata; for diesel fuel operation at 2000 rpm and 4 bar BM EP,
and (b) the derived heat releaserate (HRR).

The fundamental resonant frequency for the access passage is given as [206]:

c
fn 4L (4-1)
where (fn) isthe passage resonant frequency; (Hz),
(c) isthe speed of sound of the gas at noise incidence conditions; (m/s),

(L) isthe length of the access passage; (m),
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The speed of sound for gasis estimated from the equation:

c= \/% (4.2)

where (y) isthe specific heat ratio of the gas,

(R) isthe universal gas constant; (J/kg.k),

(T) isthe gas absol ute temperature; (k),

(M) isthe apparent molar mass of the gas; (kg/kmol).

For the cases examined in the present work, the speed of sound of the in-cylinder gas
at noise incidence conditions has been around 640 m/s for an absol ute gas temperature
of around 1100 k. The measured length of the access passage is 36.9 mm. From Eq.
(4.1), the estimated value of the fundamental resonant frequency of the access passage
isaround 4.35 kHz. When there is no mass exchange between the combustion chamber
and the access passage, gas temperature is about 420 K, which yields a speed of sound
~400 m/s and a wave frequency of about 2.72 kHz.

An attempt has been made to correlate the frequency of the sound waves generated due
to access passage resonance with the peak noise frequency that actually appears on the
recorded pressure signal. This has been done by analyzing the recorded pressure signa
inthe frequency domain using aFast Fourier Transform (FFT) algorithminaMATLAB
environment. Power spectral density (PSD) curveis constructed for the pressure signal
to have an insight into the frequency components of the signal. It has been found that
the peak noise frequency of the pressure signal is around 4.3 kHz, which almost equals
the resonate frequency of the access passage. However, the noise component starts to
dominate over the pressure signal itself at fairly lower frequency [205].

To eliminate the undesired noise components from the signal, afiltering algorithm has
been developed in MATLAB environment. Thefilter parameters; such asthefilter type,
the pass-band characteristics, the order of the filter, and the cut-off frequency have been
carefully selected. A Butterworth filter has been selected as it has the flattest pass-band
response [210]. Since most of the noise, as well as resonant frequency components, are
predominantly in the high-frequency zone [202], a low-pass filter was employed. To
attain high rates of noise attenuation without increasing the complexity of the process,

the filter was set to be of the third order. The cut-off frequency has been determined as
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the frequency corresponding to the incidence of fluctuation in the PSD; particularly an
increase in the slope of the decreasing curve, as thisimplied that the noise component
began to dominate over the combustion frequency component [211]. Figure 4.17 shows
the PSD of the pressure signal presented in Fig. 4.16 (a), the methodol ogy of specifying
the cut-off frequency (=2.7 kHz), and the peak noise frequency (=4.3 kHz).
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Figure4.17 Power spectral densities (PSD) of the noisy pressure signal, the methodology
of the deter mination of the cut-off frequency, and the peak noise frequency.

Following this assessment, the proposed filter has been applied to the noisy pressure
data to attenuate the high-frequency noise. Subsequent post-processing of the filtered
pressure data was proved to yield meaningful HRR data; as shown in Fig. 4.18.
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Figure4.18 (a) Filtered pressure data; for diesel fuel operation at 2000 rpm and 4 bar BMEP,
and (b) thederived heat releaserate (HRR).
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4.3.4 Heat releaserate (HRR) analysis

Heat release rate (HRR) analysis has been the main combustion diagnostic used in the
present work. Thermodynamic-based zero-dimensional single-zone combustion model
has been employed. The calculations are mostly taken and adapted from Heywood [39].
The measured cylinder pressure data has been used to tune the model. This particular
type of models was employed asit isfairly simple meanwhileit gives consistent results
with reasonable accuracy [30].

HRR anaysis computes how much heat would have to be added to the cylinder content,
in order to produce the observed pressure variation [40]. In-cylinder pressure changes
with crank angle asaresult of cylinder volume change, combustion of fuel, heat transfer
to the chamber walls, flow into and out of crevice regions, and leakage; where the first
two of these effects are the largest [39].

If thefirst law of thermodynamicsis applied to the cylinder content, thefuel’ s chemical
energy released by combustion is given by:

85Qu = dU + W + 6Qp + X dm; hy (4.3)

where (6Qnt) isthe heat transfer to the cylinder walls, and (dmj) and (hi) are the mass
flux flowing into or out of the system and the entha py of that flux; respectively.

Omitting the crevice flows and blow-by effects for ssmplicity, and considering that the
sensible enthal py of injected fuel is negligible compared to the sensible internal energy

of the cylinder charge, equation (4.3) may be written as:

The changein internal energy can be calculated from:
dU = mc,dT (4.5)

From the equation of state (pV=mRT), it yields:
mdT = = (pdV + Vdp) (4.6)

Substituting equation (4.6) into equation (4.5) gives:
dU ==X (pdV + Vdp) (4.7)
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Substituting equation (4.7) into equation (4.4); noting that the work exerted is expressed
by (6W=pdV), the heat released by combustion of the fuel is given on an incremental

angle basis as:
AQch _ Sy ( AV dp av | dQnt
do _R(pd9+Vd9)+pd9+ do (4.8)
Qgross

whichisaso known asthe gross heat release rate (———). If semi-perfect gas behavior

is assumed; such that (c, — ¢, = R) and (C— = y), then equation (4.8) may be written as:

M_%_L( ) v
10 20 -1 p—+V— +p (4.9
or:

net _ v 4V, 1 dp

a0 ~ y-1Yae " y-1" a6 (4.10)
where:

(%22et) isthe net heat release rate; (Joule/CAD),

0 isthe crank angle in degrees (CAD),

(o)) isthein-cylinder pressure at that angle; (Pa),
V) is the gas volume at that angle; (m°),
) is the specific heat ratio.

Based on the basic geometric properties of reciprocating engines [39], the gas volume

(V) at a certain piston position is determined from [212]:

V=A4,.5+V, (4.11)
where:
(Ap) isthe top areaof the piston (m?); A, = E.B2 ; where (B) isthe cylinder bore; (m)
(Vo) is the clearance volume (m3); V. = ; where (1) is the stroke length; (m) , and

(r) isthe compression rétio,
(S isthe piston displacement from the TDC (m).
The piston displacement is calculated from [212]:

2
S =R[1 = cos(6,44)] + L {1 - J1 - l%_d)l } (4.12)

109



4 EXPERIMENTAL FACILITIES AND DATA PROCESSING

where:

(R)  istheradiusto crank pin; (m),

(L) is the connecting rod length; (m),

(6rad) isthe argument of trigonometric function; (radians).

Precise alignment between the encoder TDC and the piston TDC is a prerequisite for
accurate heat release determinations. If the two TDCs are misaligned; i.e. shifted, by a

phase angle degrees, then the value of (6ad) is determined from:

_ m(6-360+60ppase)

Hrad - 180 (4- 13)

where

0) isthe crank angle; (degrees),

(Bpnase) isthe phase shift angle; (degrees).

The specific heat ratio (y) varies with the variation of gas temperature, and it can be

calculated from the following equation:

-1
y = (1 — Ci) (4.14)
P
where (Cp) is the specific heat of the gas at constant pressure; (J/kg.k). The value of

(Ci) can be calculated from:

p

2= (Ao + AT + ApT? + AsT? + A, T4 (4.15)

p

where (T) is the absolute bulk gas temperature; calculated from the equation of state,
and (Ao), (Av), (A2), (A3), and (A4) are constants; where their values are [212]:
Ao =3.04473; A1 =1.33805€e3; A, = -4.88256e"; A3 =8.55475e1!; Ay = -5.70132e°

Following the sequence of equations highlighted above, the net heat rel ease rate can be
directly obtained from equation (4.10). If the gross heat release rate is required, two
separate models for the heat transfer to cylinder walls and the crevice flows should be
added to the net heat release rate calculations. Principally, the present work employed
the net heat release analysis, as opposed to the gross heat rel ease analysis, to investigate
the in-cylinder behavior; since the former is based upon fewer assumptions and it has
less complexity. However, an approximated gross heat release analysis was conducted
for selective cases to illustrate some basic concepts. In such analysis, only the heat

transfer to the cylinder walls was calculated, as it accounts for about 10 to 25% of the
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total heat release; while the crevice flows were neglected as they only account for 1 to
2% of the total heat release [39].

Heat transfer process in engine cylinder takes place through a combination of different
modes; conduction, convection, and radiation. However, heat transfer from the cylinder
charge to the wall is mainly by convection [39].

The rate of convection heat transfer is calculated, based on Newton's law of cooling
[213], from the equation [39]:

dQ
d;“ =h.A,.(T—T,) (4.16)

where (hc) is the convection heat transfer coefficient; (J/s.m?.k),
(Aw) is the combustion chamber wall area(m?); A,, = 24, + T B.S ,

(Tw) is the effective wall temperature; (K). A value of Tw=485 K was found to give
satisfactory results [212].

Heat transfer in reciprocating enginesis anon-uniform and unsteady phenomenon since
heat fluxes between fluids and metal surfaces vary during the engine operating cyclein
time and space. In-cylinder heat fluxes vary between few MW/m? during combustion
and near zero or even negative values during the intake stroke [214]. Severa empirical
correlations have been devel oped to estimate heat fluxesin engine cylinder, where these
correlations provide a heat transfer coefficient representing a spatially-averaged value
for the cylinder, and consequently, they are commonly referred to as global heat transfer
models [215, 216]. The most known ones were inventoried by Borman and Nishiwaki
[217]; among which those developed by Eichelberg [218], Annand [219], Woschni
[220], and Hohenberg [221] are commonly used. In the present work, Eichelberg
correlation [218] was employed as it only depends on the cylinder pressure, gas bulk
temperature, and mean piston speed; whileit isfree from any other variant coefficients.
The Eichelberg correlation for the heat transfer coefficient is:

he = 7.67 x 1073 .52 (P.T)W/2 (4.17)

where (S) is the mean piston speed (m/s); Sp = ZRT'“), where (w) is the crankshaft

speed; (radls), or equivalently, S, = ==, where (N) isthe engine speed; (rpm).
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The heat transfer to the cylinder wall can then be calculated on an incremental angle

basis; i.e. in units of Joule/CAD, from:

dQnt _ he-Aw (T—Ty). 60
deo 360N

(4.18)

Combining the results of equations (4.10) and (4.18), approximated gross heat release
rateisobtained on incremental angle basis; i.e. Joule/CAD. Thetwo instantaneous rates
of heat release; i.e. the net and the gross, are calculated and plotted at each incremental
crank angle degree throughout the engine cycle. Meanwhile, the cumulative heat rel ease
profiles are made by integrating the instantaneous rates over the complete combustion
process. The ultimate value of the cumulative gross heat rel ease should equal, within a
few percent only, the mass of fuel injected timesthe fuel lower heating value [39]. That
is:

Oce AQgross
Qgross = fecls i—gde =~ mf X LHVf (4.19)

The difference between the two values is owing to the combustion inefficiency, which
isusualy less than 2% in diesel engines[39]. The present analysis demonstrated good
consistency between the two values, but with difference dlightly higher than 2%; where
this was attributed to the omitting of the crevice flows and fuel vaporization and heat-

up effects in the employed model.

Figure 4.19 (a) shows an example of the two instantaneous rates of heat release; i.e. the
net and the gross, while (b) presents the corresponding cumulative heat release curves.

The characteristics of the heat rel ease profile are discussed in detail sin the next chapter.
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Figure4.19 (a) A plot of theinstantaneousrates of HR; thenet and the gross, and (b) the
corresponding cumulative HR curves; illustrating the relative magnitudes
(approx.) of the net HR, the heat transfer to the wall, and the combustion
inefficiency and crevices flows; with respect to the fuel’s chemical energy.
Data presented isfor diesel fuel operation at 1500 rpm and 3 bar BM EP.

The accuracy of the heat release model employed was verified through applying the
eguations to the pressure trace obtained at engine motoring conditions. In the absence
of combustion, theinstantaneous rate of gross heat rel ease should equal zero throughout

the engine cycle. Thishasbeen shown to bethe case in the present work, with negligible

113



4 EXPERIMENTAL FACILITIES AND DATA PROCESSING

error; as demonstrated by Fig. 4.20. The difference in magnitude between the grossand
the net HRR shown in the figure stands for the heat transfer to the cylinder wall, caused
by the elevated temperature of charge as aresult of the polytropic compression process
with a polytropic exponent of 1.3 (£0.05%) [39].
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Figure 4.20 A plot of the instantaneous rates of HR; the net and the gross, at
engine motoring conditions. The differencein magnitude between the
two curves standsfor the heat transfer to the cylinder wall caused by
the elevated temperature of the charge as a result of the polytropic
compression. Data presented isfor engine motoring at 1500 rpm.

The variation of heat release profile with operating conditions reveals vital information
on the change of combustion phasing, burning rate, and effectiveness of fuel conversion
processes with operating conditions[222]. Examples of heat release rate (HRR) profiles
for selective cases at low, intermediate, and high load conditions at fixed engine speed
and injection timing are given in Figures 4.21, 4.22, and 4.23, respectively. It could be
seen that the overall combustion processin Cl enginesis characterized by the presence
of four stages; typically, theignition delay (ID), pre-mixed combustion (PMC), mixing-
controlled combustion (MCC), and late combustion. Each stage is usually recognized
on the HRR profile, although different stages vary significantly in relative magnitudes,
duration, and overall shape with operating conditions [39, 40].
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Figure4.21 An example of net HRR and cumulative net HR curves at low load conditions;
illustrating the key phases of HR profile. Data obtained from DP-Engine.
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Figure4.22 An example of net HRR and cumulative net HR curves at medium load conditions;
illustrating the key phases of HR profile. Data obtained from DP-Engine.
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Figure4.23 An example of net HRR and cumulative net HR curves at high load conditions;
illustrating the key phases of HR profile. Data obtained from DP-Engine.

It can be seen that the net HRR curve falls below zero at the late stages of compression
beforeintroducing the fuel into the cylinder. Thisis attributed to the heat transfer to the
cylinder wall, caused by the elevated temperature of the charge following the polytropic
compression process. Ignition delay (ID) period begins with the start of injection (SOI).
Shortly after SOI, afurther drop in the net HRR curveisremarkable where this negative
heat release stands for fuel vaporization and heating up. The enthapy of vaporization
of diesal fuel isabout 1% of its heating value, while the energy change associated with
heating up the fuel vapor from the injection temperature to the typical compression air
temperature goes around 3% of the fuel heating value [39]. The heated-up fuel vapor
mixes with air, and the fuel/air mixture within flammability limits auto-ignites; where
the start of combustion (SOC) indicates the end of the ignition delay and the beginning
of what is so-called the pre-mixed combustion (PMC) phase. The SOC was determined
in the present work as the CAD at which net HRR reaches 2 JCAD. This criterion was
employed previously in an analogous recent work [223] and demonstrated consistent

results.
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In the PMC phase, combustion of the fuel/air mixture formed during the ignition delay
period takes place rapidly in a few crank angle degrees. When this burning mixture
combines with the fuel that becomes ready for burning and burns, indeed, in this phase,
inevitable result isthe high rates of HR that characterize this phase of combustion [39].
The relative magnitude of this phase varies significantly with operating conditions. For
instance, PM C phaseisdominant at low load conditions asillustrated by Fig. 4.21. This
is attributable to the relatively lower in-cylinder temperature at such conditions and the
associated longer ignition delay; which resultsin the avail ability of alarger fraction of
injected fuel ready for burning when the delay period ends. On the contrary, the shorter
ignition delay as the load isincreased results in a reduced amount of fuel available for
combustion asthe delay period ends, and hence the PM C phase isreduced in magnitude
and duration, as shown in Figures 4.22 and 4.23 for medium and high load conditions;
respectively, with the effect being more pronounced in the latter.

Following the PM C phase comes the mixing-controlled combustion (MCC) phase. The
transition from PMC to MCC is defined as the incidence of gradient inflection in the
net HRR curve after the PMC spike [223, 224]. In the MCC phase, the burning rate is
controlled by the rate at which new fuel/air mixture becomes available for combustion.
The relative magnitude of the MCC phase sizably changes with operating conditions.
The factors that tend to increase the PMC phase are likely to decrease the MCC phasg;
and vice versa. Thus, the shorter ignition delay at high and medium loads and the larger
amount of fuel used result in the mgority of the fuel to be burned in the MCC phase,
which becomes the dominant phase of combustion, as shown in Figures 4.22 and 4.23.
By the end of this phase, most of the fuel would been burned. The remaining fraction
of fuel that has not been burned, and any fraction of energy presented in soot and fuel-
rich combustion products, burninwhat is called late combustion, in which final burnout
processes occurs at lower rates as the temperature decreases during expansion [39].
The premixed burn fraction of total heat release can be estimated from the heat release
profile; astheratio of the cumulative sum of the heat release from the SOC till the point
of transition from PMC to MCC, to the total cumulative sum of the heat release until
the end of combustion (EOC). The methodology of estimating this value isillustrated
in Figures 4.21, 4.22, and 4.23. Also, the percentage of net HR to the total energy
supplied to the engine is calculated as the ratio of the ultimate value of cumulative net
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HR to the fuel chemical energy; where the difference between the two quantities stands
primarily for the heat transfer to the cylinder wall, in addition to the crevice losses and
combustion inefficiency. It can be seen that this ratio reduces as the engine load is
increased; where thisis attributed to the increased heat transfer to the cylinder wall as
aresult of the elevated temperature inside the combustion chamber at higher loads.

The HRR results above were obtained from the DP-Engine, while the diesel fuel was
injected into the cylinder at one. When it comes to the CR-Engine, it is acknowledged
that one of the most important characteristics of the high-pressure common-rail (HPCR)
isthe ability to use multiple injections per cycle. Splitting the diesel fuel injection into
a pre-injection succeeded by the main injection could bring several benefits to the
engine performance and emissions [224]. This was investigated to assess the potentials
of applying such a technique in the gas-diesel dua-fuel engine operation in the later
stages of the work. To examine the influence of pre-injection, the engine was run at
steady state of constant speed and load of 1500 rpm and 3 bar BMEP, respectively, with
two injection strategies. Thefirst one introduces the total diesel fuel injected at once at
12° BTDC, while in the other strategy the fuel injection is split into a pre-injection
(presents 10% of thetotal fuel), followed by the main injection. The injection timing of
themain injection was held at 12° BTDC, whiletheinterval between the two injections

was set to 12°. Figure 4.24 shows the net HRR profiles for both injection strategies.
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Figure4.24 Net HRR datafor CR-Enginewith different injection strategies; (a) singleinjection
@ 12°BTDC, and (b) split injection, with themain injection @ 12° BTDC preceded
by a 10% pre-injection mass 12° earlier. Data at 1500 r pm and 30bar BM EP.
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In singleinjection strategy as shownin Fig. 4.24 (a), the heat rel ease process takes place
at once but over two phases, the PMC and the MCC as discussed in details earlier. With
split injection strategy, the heat rel ease process takes place over two separate stages, as
illustrated by Fig. 4.24 (b). The pre-injection HR is preceded by only a small drop in
the HR accounts for the evaporation and heat up of the pre-injection part (only 10% of
thetotal diesel fuel supplied). Combustion process starts with the pre-injection part that
isfully consumed, owing to its small size, before the main combustion begins. That is,
split injection strategy involvestwo ignition delay periods; onefor the pre-injection and
another for the main injection. Figure 4.25 shows theignition delay for both injections;
compared with the single injection strategy. It could be seen that the pre-injection part
exhibits longer ignition delay than the single injection strategy, where thisis attributed
to the comparatively lower cylinder pressure and temperature at the SOI. Therelatively
long ignition delay could produce some cool flame reactions of the diesel fuel vapour
that have high degree of reactivity [67]. Thisis partially evident in Fig. 4.24 (b) by the
small hump in the HRR curve following the fuel evaporation drop and before the pre-
injection combustion commences. On the other hand, the main injection exhibits much
shorter ignition delay, as it isinjected into the high temperature and pressure resulting
from the pre-injection combustion. This shorter ignition delay means the PMC part of
the main injection will be considerably small, and the mgjority of the injection will be
consumed through MCC. That is, combustion process with split injection strategy starts
with smaller amount of fuel, and with less premixed size. This largely reduces the rate
of pressure rise (ROPR), combustion noise, and also NOx emissions [224]. Figure 4.26
illustrates the maximum ROPR with both injection strategy. It could be seen that more
than 50% reduction in the maximum ROPR could be achieved using the split injection
strategy. The reduced combustion noise is aso evident by the absence of any ringing in
the late stages of the HRR with split injection strategy as showninFig. 4.24 (b). It could
be seen from Fig. 4.24 (a) that thisringing accompaniesthe HRR with asingleinjection.
This combustion noise originates from the high rates of pressure rise during the initial

rapid combustion owing to the injection of alarge amount of fuel at once [40].
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Figure4.25 lignition delay for singleinjection
vs. split injection (pilot & main). Data for 1500
rpm and 3 bar BMEP. Injection timing of 12°
BTDC for single injection is also held for the
main injection, while the pre-injection is 12°
before the main.

Figure4.26 Maximum ROPR valuefor single
injection vs. split injection (pilot & main).
Datafor 1500 rpm and 3 bar BM EP. I njection
timing of 12° BTDC for singleinjectionisalso
held for the main injection, while the pre-
injection is 12° beforethe main.

Reduced noise through avoiding too much fuel being burnt at the end of ignition delay
viausing pre-injection is effective in improving fuel economy [40]. The reduced brake
specific fuel consumption (BSFC) with this strategy could be inferred from the higher
brake thermal efficiency (BTE), compared with single injection strategy, as illustrated
by Fig. 4.27. The figure shows that more than 5% absolute improvement in the BTE
could be achieved in the current setup using split injection strategy. Also, starting the
main combustion at higher temperature and pressure (resulting from the HR of the pre-
injection) generates higher cylinder pressure levels following the ignition of the main
injection. The higher cylinder pressure values combined with lower fuel consumption
bring about =15% less gross indicated specific fuel consumption (ISFC), as shown in
Fig. 4.28.

On top of its large influence on combustion phasing, noise, and engine performance,
the use of pre-injection also affects NOx, HC, and PM emissions[40]. Moreover, it was
demonstrated that the control of injection parameters could transit the combustion mode
from the conventional diesel combustion mode to novel combustion modes [64]. This
could be very advantageous to dual-fuel operation, and the potentials of this technique

are investigated in more details in Chapter 6.
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Figure 4.27 Brake thermal efficiency (%) Figure 428 Gross ISFC for single injection
for singleinjection vs. split injection (pilot & vs. split injection (pilot & main). Datafor 1500
main). Data for 1500 rpm and 3 bar BMEP. rpm and 3 bar BMEP. Injection timing of 12°
Injection timing of 12° BTDC for single BTDC for singleinjection is also held for the
injection is also held for the main injection, main injection, while the pre-injection is 12°
whilethepre-injection is12° beforethemain. before the main.

4.35 Indicated work and engine stability indicator

Indicated work isthe work transferred to the piston from the gases contained inside the
engine cylinder [39].Thiswork can be obtained from engine cylinder pressure data over
the operating cycle; that is:

Wing = $ pdV (4.20)

If theintegration is carried out over the compression and expansion strokes only, where
the overall work flow is essentially from the gases to the piston, the output is known as
the “gross indicated work”; always positive quantity. Alternatively, if theintegrationis
carried out over theintake and exhaust strokes, the result is called the “ pumping work”.
Pumping work is the work exerted to draw the fresh charge through the intake system
and into the cylinder, as well as to gect the burned gases from the cylinder and out of
the exhaust system; and consequently, it is a negative quantity for naturally aspirated
engines, but could be positive quantity for turbocharged engines[225]. Integrating over
the entire engine cycle yields, therefore, the net work delivered to the piston per cycle;
and henceit is called the “net indicated work”. That is:

Wind,net = Wind,gross - Wpumping (4-21)
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Not al of the net indicated work is available at the drive shaft as auseful output (brake
work). Instead, part of this work is disspated in the mechanical friction and the engine
parasitic loads; such as water pump, oil pump, fuel pump, etc. That is:

Whrake = VVind,net - Wfriction (4.22)

The friction work is a sufficiently large fraction of the indicated work; it varies from
about 10% at full load and up t0100% at idle or no load, and it also increases with the
increase of engine speed [39].

It is convenient to discuss the difference between the indicated and the brake power
output in terms of mean effective pressure (MEP). It is defined as the work per cycle
per unit displaced volume; as[39]:

MEP = Yeyete (4.23)

Vdisp

Theresulting unit isforce per unit area; i.e. pressure units. MEP isavery useful relative
engine performance measure that could be used with the terms “indicated”, “brake”,
and “friction”. However, only when applied to the indicated work value does the MEP
(inthiscaseit will bereferred to as IMEP) have some physical meaning, asin this case,
it relates to the average pressure in the cylinder acting on the piston over an engine
cycle[226]. It still appliesto the other measures of work (e.g. Brake and Frictional) but
only on the basis of providing a comparison to the Indicated value.

Similar to the case with indicated work, IMEP has two definitions common in use; the
gross IMEP which represents the work delivered to the piston over the compression and
expansion strokes per cycle per unit displaced volume, and the net IMEP which is the
work delivered to the piston over the entire four strokes of the cycle per unit displaced
volume. IMEPyoss rather than |M EPnet is most commonly used as ameasure of the work
produced. It represents the sum of the useful work available at the shaft and the work
required to overcome all the engine losses [39]. Also, by using IMEPgress, any potential
cycle-by-cycle fluctuations in pumping work due to external conditions, such as wave
motion in the intake and exhaust ducting, is eliminated. In some recent work, however,

the trends in net and gross IMEP data were very similar [227].
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From the IM EPyross data recorded over the 50 consecutive pressure cycles (as discussed
in Section 4.3.3), another very important parameter is derived, which is the coefficient
of variation in gross indicated mean effective pressure (COV mergross). This parameter
isused to definethe cyclic variability asameasure of engine stability and it iscalculated
as.

COVIMEPgross = % X 100% (424)

where (cimerg) is the standard deviation and (IMEPg) is the mean value of the gross
IMEP over the recorded cycles.

While conventional diesel operation is mostly free of any high levels of combustion
instability under fully-warm, normal operating conditions, this parameter isvery critica
in the operation of dual-fuel (DF) engines at light loads. These operating conditions are
most challenging, due to the very lean mixture that is expected to result in poor flame
propagation and increased engine instability. Excessive COV mergross (~ 10%) resultsin
very unstabl e running of the engine and serious drivability problems of the vehicle[39].
This parameter will be assessed and evaluated when it comes to dual-fuel operation of
the engine, as discussed in the following chapters.
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5 Combustion Processin Methane-Diesel Dual-Fuel Enginesat Light
L oad Conditions

5.1 Introduction

In this chapter, experimental results for dual fuelling of the engine with high-pressure
commonrail (HPCR) injection, at light load conditions are presented and analyzed. The
area of interest is the change of heat release characteristics with methane substitution
for diesel fuel, and what gives rise to these changes. The purpose is to provide a better
understanding of combustion process in methane-diesel dual-fuel engines, and how the
variation of gas substitution ratio would affect the rates and mechanisms of the energy
release. Following the knowledge gained from heat release analysis of diesel operation
in Chapter 4, the work in this chapter identifies the different stages of combustion in
methane-diesel DF engines. A wide range up to 80% of methane substitution for diesel
fuel was examined at quarter load (25%) conditions for engine speed of 1600 rpm. The
maximum possible methane substitution for diesel fuel isthen investigated at near-idle
low-load (5%) conditions. The amount of minimum diesel fuel injected by the FIE was
also investigated. Any other restrictions on methane substitution were al'so examined.
Combustion characteristics were assessed and evaluated throughoui.

5.2 Overview and Method

In port injected gas-diesel DF engines, the use of two independent fuelling systems for
the diesdl pilot and the gaseousfuel providesahigh level of control over cylinder charge
preparation and the subsequent combustion process. Varying the relative quantities of
the two fuels and altering the injection strategy can yield a wide spectrum of mixture
conditionsin DF engines. Accordingly, different combustion mechanisms are expected
to dominate the ensuing fuel conversion processes [228].

An overall classic examination of the combustion process in a DE engine can be made
through the apparent heat release rate (HRR) variation; derived from the corresponding
cylinder pressure variation with time [229]. The process of fuel oxidation is considered
to be made up of three overlapping major energy release processes; combustion of the

diesel fuel pilot, combustion of the gaseous fuel in theimmediate vicinity of theignition
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and combustion centers of the pilot, and any pre-ignition reaction activity and ensuing
turbulent flame propagation within the overall lean mixture of mainly gaseous fuel and
air [229]. The characteristics of each identified combustion stage depend on therelative
guantities of the two fuels, and on the total equivalence ratio; defined as [58]:

_ AFRERIX thopa+ AFROCx iy

¢tot -

Thgir (1)
where (AFRELE) and ( AFR3) arethe stoichiometric air-fuel ratios of methane and
diesd, and (mcy4), (Mp), and (m,;,-) are the mass flow rates of methane, diesel, and
intake air; respectively. The resulting combustion mechanism in any particular stage is
mainly governed by the dominant fuel in this stage. The general features of combustion
process, HRR, and emissions formation are expected to changes with the change of
substitution ratio of methane for diesel fuel; defined on energy basis as[71]:

McHaXLHV cHa
%CH, = - _ (5.2)
MpXLHVp + McyaXLHV cha

where (LHVy4) and (LHV}) are the lower heating values of methane and diesel. This
parameter is also known as the percentage of energy substitution (PES) [230].

For a given test condition, the HRR data for dual-fuel operation is obtained from the
recorded in-cylinder pressure data, as per the procedure outlined in Chapter 4. After DF
data was recorded, the engine was switched into conventional diesel mode via cutting
the methane supply to the engine, while keeping other parameters unchanged. Diesel-
only measurements were then recorded, and from that, the corresponding HRR values

were obtained via the same procedure.

The apparent HRR data for the CHs-only condition was calculated as the arithmetic
difference between dual-fuel HRR and diesel-only HRR, at any given crank angle; i.e.:

HRRCH4,apparent|9 = HRRdual—fuellG - HRRDieselIQ (53)

126



5 COMBUSTION PROCESS IN METHANE-DIESEL DUAL-FUEL ENGINES AT LIGHT LOAD

5.3 Influence of Methane Substitution Ratio on DF Engine Combustion

The variation of HRR data was analyzed for three different %CHa ratios; 30%, 60%,
and 80%, at quarter load (25%) conditions for engine speed of 1600 rpm. For each case
examined, the HRR data were constructed for DF operation, diesel-only operation, and
apparent CHs-only as described in Section 5.2. Figures 5.1, 5.2, and 5.3 demonstrates
the data corresponding to the three test cases; respectively. Thefirst derivative of HRR
datafor DF operation was also found to be of a valuable assist in the determination of
combustion stages, and thusit is also presented (as anormalized value) on a secondary

axis of each figure.
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Figureb5.1 Net HRR data for different components of DF combustion (Apparent w/ CH4)
with 30% CHa4 substitution ratio. Data isfor 25% engine load @ 1600 rpm.
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Net HRR Data @ 60%CH4
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Figureb5.2 Net HRR data for different components of DF combustion (Apparent w/ CH4)
with 60% CHa4 substitution ratio. Data isfor 25% engineload @ 1600 rpm.
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Figureb5.3 Net HRR data for different components of DF combustion (Apparent w/ CH4)

with 80% CHa substitution ratio. Data isfor 25% engineload @ 1600 rpm.
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Thefiguresindicate that the net HRR datafor DF operation issimilar to those of diesel-
only operation in the early stages prior to combustion. As discussed in Chapter 4, the
net HRR data demonstrates a slight drop below zero at the late stages of compression
before diesel fuel injection, where thisis attributed to the heat transfer to cylinder walls
as the charge temperature increases during the polytropic compression process. The
start of injection (SOI) of the diesdl pilot, set to 10° BTDC in the test cases presented,
is succeeded by afurther drop in the net HRR, due to diesel fuel evaporation and heat
up. It could be seen from the figures that this drop becomes less concave as the %CH4
isincreased; unambiguously dueto the reduced diesel fuel amounts at these conditions.
Like diesel-only operating conditions, ignition delay (ID) period of dual-fuel operation
isidentified asthe period between the SOI and the start of combustion (SOC); identified
in the present work as the point at which the net HRR reaches 2 Joule/CAD. Asnoticed
in Figures 5.1, 5.2, and 5.3, and further illustrated by Fig. 5.4, the increase in %CHa4
substitution elongates the ignition delay (denoted D) of DF operation in the test cases
examined. Thisis attributed to several interrelating effects; including, reduced oxygen
partial pressure (due to air displacement by CHa), as well as reduced temperature and
pressure during the initiation of ignition as methane has a higher heat capacity than air
(akacooling effect of CH4 admission) [231]. Also, theincidence of pre-ignition reaction
activities between CHsand air may affect those between diesel and air (i.e. competition
of active radicals between diesel fuel and CH4[232]); increasing the ignition delay.

Ignition delay with different %CH,

0.9 - 0.876 CH4 substitution

ratio

(energy basis)

0.8 -

0.750 30% CH4

= 60% CH4
0.642 u 80% CH4

- .
Figure5.4 Ignition delay for DF operation with different % CHa substitution ratios.
Dataisfor 25% engineload @ 1600 rpm, SOl @10°BTDC.
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Advancing the classical definition of DF combustion process outlined in Section 5.2, a
more expressive description could be inferred from observing the development of the
process with theincrease of %CHya, asillustrated by Figs. 5.1, 5.2, and 5.3. Combustion
process is considered to be formed of two main distinctive stages (denoted 1 and 2),
separated by atransient stage (denoted T). SOC defines the commencement of stage-1
combustion. This stage is characterized by a sharp risein the HRR curve as aresult of
the combustion of alarge amount of fuel after the ignition delay ends. Regardless of
the amount of CH4 used, stage-1 is dominated by the ignition and rapid combustion of
the premixed part of the pilot, where this part (relative to the total size of the diesel fuel
used) isincreased with the increase of the %CHa, because of therelatively long ignition
delays at these conditions. Figure 5.5 illustrates the diesel pilot premixed burn fraction,
relativeto thetotal diesel fuel amount; as estimated from the corresponding cumulative
net HR profiles. With %CH4 as high as 80%, it could be seen that almost three-quarters
of the pilot diesel fuel burnsin a premixed combustion (PMC); due to the long mixing

period between the end of injection and the start of combustion.

% Premixed Pilot Relative to Total Diesel Amount
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Figure5.5 Pilot premixed burn fraction relative to thetotal diesel fuel amount, at different
% CH4 substitution ratios. Values estimated from the corresponding cumulative
net HR profiles. Dataisfor 25% engineload @ 1600 rpm, SOl @10°BTDC.

In contrast with the description given in [233], the present work demonstrates that the
combustion of the gaseous fuel in the immediate vicinity of the ignition sources of the
pilot is not sequential to the pilot combustion. Instead, there is an evident entrainment
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of some of the gaseous fuel into the pilot combustion, and the contribution of CH4 to
stage-1 combustionisclearly visibleon Figs. 5.1, 5.2, and 5.3. Thelevel of entrainment
of CHas into the premixed combustion increases with the increase of %CH4 on the
account of diesel injection size; indicating that this entrainment is more affected by the
mixture strength than by the jet properties. Figure 5.6 illustrates the percentage of CHa4
contribution to stage-1 combustion as estimated from the corresponding cumulative net
HR profiles. It could be seen from the figure that with %CHa as high as 80%, almost
one-third of the HR in the premixed combustion comes from the gaseous fuel. The peak
value of HRR rateis therefore considerably influenced by the gaseous fuel combustion,
and accordingly, it is believed that it is not only the diesel pilot that most influences

NOx emissions formation at these conditions; gaseous fuel aso plays a notable role.
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Figureb5.6 Per centage of CH4 contribution to stage-1 combustion, at different % CH4
substitution ratios. Values estimated from corresponding cumulative net
HR profilesDataisfor 25% engineload @ 1600 rpm, SOl @10°BTDC.

Stage-1 combustion terminates as a minimum local value of the derivative of the HRR
(dHRR/d6) occurs after the peak value of HRR is attained; that is:
0 =06 |min(dHRR (5.4)

dG)

where (0 g1) isthe crank angle at which stage-1 combustion terminates. Theincreasein
the reaction rate past thisvalueisinterpreted as the onset of anew, different combustion

mechanism. For that reason, this point was identified as the end of stage-1 combustion.
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Following stage-1 comes a new stage of combustion that presents the transition from
the auto-ignition of premixed diesel vapor along with the entrained gaseous fuel, into
the regime in which the majority of the gaseous fuel is expected to burn. This transient
stage (denoted T) lasts for avery short interval and is not characterized by the presence
of acertain dominate combustion mechanism. Instead, it iscomposed of the combustion
of the premixed diesel fraction left after stage-1 terminates, along with a corresponding
small part of methane that is responsible for the increase in the reaction rate illustrated
by the (dHRR/dB) diagram. The transient stage terminates when the DF HRR starts to
increase again following the drop that takes place after the first peak. Thisisidentified
asthe crank angle at which the first derivative of the net HRR (dHRR/d6) equals zero;
0pr=20 |(dzz%)=0 (5.5)
where (0 1) isthe crank angle at which transient combustion stage terminates.
The termination of the transient stage indicates the beginning of stage-2 combustion, in
which the bulk of gaseous fuel-air mixture away from the influence of diesel pilot zone
is expected to burn; mostly in aturbulent flame propagation event [233]. Nevertheless,
the dominant combustion mechanism in this stage is largely determined by the relative
magnitudes of the diesel pilot and gaseous fuel available for combustion at this stage.
Figure 5.7 shows the contribution of turbulent flame propagati on ensuing from gaseous
fuel combustion to the total heat release during stage-2 combustion; as estimated from
the corresponding cumulative HR profiles. Similar to the results presented in [228], a
linear correlation between the gaseous fuel amount and the incidence of turbulent flame
propagation in stage-2 combustion is established. Mixtures with methane equivalence
ratio (¢cHa) greater than 0.35 are capable of sustaining a stable flame-propagation. With
low %CHy4 ratios, the mixing-controlled combustion of the diesel pilot rules over the
flame propagation of the gaseous fuel, as shown in Fig. 5.1. As the %CH4 increases,
the contribution of gaseous fuel combustion to stage-2 becomes prominent, and flame
propagation mechanism starts to dominate, asillustrated by Fig. 5.2. With high %CHa4
asin Fig. 5.3, stage-2 combustion becomes almost entirely composed of turbulent flame
propagation of the gaseous fuel (provided that a bulk auto-ignition or knock does not
take place). In view of that, it is expected that the dominant combustion mechanism in

this stage will affect the formation of CO and HC emissions more substantialy. It isto
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the point here to highlight that with some other research work [228], alow-intensity tail
on the HRR was observed to extend far into the expansion stroke, with no additional
HRR peak visible. This stage of combustion is characterized by much lower HRR levels
aswell as longer combustion durations than the previous stages of combustion. While
this was not encountered in the present work, it is believed that the low-intensity stage
could be associated with alarge amount of HC emissions; especially when considering
the inherent nature of diesel engines converted to dual-fuel operation to emit large HC
emissions at part load, owing to their large crevices volume [234]. This stage could be
thought of as a late burn-out of the remaining fuel in the cylinder, in keeping with the

classic description of premixed charge combustion [40].

% FP Contribution to Stage-2 Combustion
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Figureb5.7 Per centage of flame propagation contribution to stage-2 combustion, at different
% CHA4 substitution ratios. Values estimated from the corresponding cumulative
net HR profiles. Dataisfor 25% engineload @ 1600 rpm SOI @10°BTDC.

It should be taken into consideration that the experimental results were obtained using
methane as the gaseous fuel. If NG isused instead, the variation of the gas composition
will alter engine combustion and emissions characteristics. As discussed in Chapter 2,
the presence of heavy hydrocarbons (e.g. ethane, propane) in NG enhances the mixture
ignitability and increases flame propagation rate, relative to pure methane [80]. Ignition
delay becomes shorter, relative to pure methane operation, and hence pilot fuel injection
timing hasto be slightly retarded. Lean combustion limit is extended and HC emissions
are reduced with NG, compared with methane combustion, yet NOx emissionsincrease

as Ta increases [ 77]. In opposition, NG with large CO> content will dilute the mixture
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and slows the reaction rates, yet reduces NOx [19]. In al cases, the lower LHV of NG
compared with methane means larger amount of the gaseous fuel is required to supply
the engine with the same energy level [19]. This involves a corresponding change in
the pilot fuel amount as well. To conclude, pilot fuel mass and its injection timing may

require readjusting should the gaseous fuel used changes from methane to NG [80].

5.4 Investigating Maximum Possible M ethane Substitution for Diesel Fuel

The most challenging operating conditions for gas-diesel DF engines are those at very
low loads with high gaseous fuel substitution ratios. Using very lean mixtures and small
amounts of liquid fuel at these conditions, the engine suffers slow flame propagation
and even quenching. The flames originated from the pilot ignition regions cannot fully
propagate far enough within the time available to consume the entire fuel-lean mixture
[235]. Thiswill leave some of the gaseous fuel unconverted or only partially oxidized;
asreveaed by the increased CO emissions and unconverted methanein the exhaust gas
[236]. Although a notable feature of engine operation at these conditionsisits inferior
performance, as demonstrated by the increased specific energy consumption, the engine
could still operate and produce consistent firing cycles. However, thislasts only until a
certain value of gaseous fuel substitution is met where a severe combustion instability,
misfiring, and excessive COV vep levels are encountered [237].

To investigate the value of maximum possible methane substitution for diesel fuel at
near-idle conditions, the engine was first run on conventional diesel operation at 5% of
its rated load at the particular speed. Methane was then introduced on the account of
diesel fuel and gradually increased until the first engine misfire/luncontrollable running
takes place, as noticed by the engine operator. M ethane substitution ratio (%CH4) was
continuously monitored and recorded throughout; where the tests were conducted at
four engine speeds of 1600, 1500, 1400, and 1300 rpm. It isto the point here to mention
that for the current experimental setup, thetest case 5% load @ 1300 rpm wasthe lowest
achievable conditions (load-speed) for a steady running, free of undesirable vibrations
and/or load fluctuation.

Thetrends of different parametersinvestigated at different speeds demonstrated a high
degree of analogy. In view of that and for space convenience, only the test results with
an engine speed of 1600 rpm are individually discussed, then the results with all speeds
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will be collectively presented. Figure 5.8 shows the HRR data for the entire range of
methane substitution ratios for diesel fuel up to the maximum achievable value, at 5%

engine load and 1600 rpm.
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Figureb5.8 Net HRR data for DF operation with different % CH4 substitution ratios.
Dataisfor 5% engineload @ 1600 rpm. Injection timing isset @ 10°BTDC.

At low load operating conditions where the amount of fuel is effectively small, stage-1
combustion is aways dominated by the ignition and rapid combustion of the premixed
part of the diesdl pilot. Following avery narrow transient stage, gaseousfuel conversion
in stage-2 combustion takes place in a non-flame propagation combustion event, asthe
low ¢cha (below 0.3) at these conditions is not sufficient enough to propagate a stable
flame [228]. The absence of a profound correlation between the mean value of the heat
released during stage-2 combustion (as an indirect measure of the turbulent flame speed
[228]) and the value of ¢chHa Supportsthistheory. Gaseousfuel conversion process under
these conditions is, therefore, expected to follow a different mechanism other than the
flame propagation [228]. Stage-2 combustion here is categorized as “ pil ot-dominant”,
owing to the major contribution of the pilot (particularly at low-to-intermediate %CHa4

levels); despite any involvement of the gaseous fudl.
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An approximation of the pilot contribution to DF combustion process could be inferred
from Fig. 5.9 that shows HRR trends for diesel-only operation using the same amount
of diesal fuel used as a pilot in the DF mode, at different %CH4 substitution ratios. It
could be seen that most of diesel combustion is characteristically a premixed, while the
second stage of combustion gradually declines as the injected fuel massis reduced (as
discussed in Chapter 4). The trend of stage-2 combustion under dual-fuel operation is
the opposite, where the increased methane admission on the account of diesel increases
the heat release, but at Slower rates, as shown in Fig. 5.8. The low-intensity combustion
of methane is expected to strongly contribute to the unburned HC emissions; especialy
at high %CHjs ratios where the small pilot amount is mostly consumed during the early
stage of combustion [236]. Figure 5.8 shows that increasing methane on the account of
diesel fuel dowsdown the reaction rate and shifts the whole combustion process further
down in the expansion stroke. This should not be confused with the change in ignition
delay behavior observed in Fig. 5.9, as the latter is explicitly due to the change in load
conditions as diesel fuel quantity changes, as discussed in Chapter 4.
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Figureb5.9 Net HRR datafor diesel-only operation using the same amount of diesel fuel
used asa pilot in the DF mode at different % CH4 substitution ratios at 5%
engineload @ 1600 rpm. Injection timing isset @ 10°BTDC.
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At high %CHj4 substitution levels, it could be seen from Fig. 5.8 that there is athreshold
point at which the net HRR pattern drastically changes; indicating a definite changein
combustion mechanism. In this case (5% load @1600rpm), this phenomenon occurred
at about 80% CHa substitution and was characterized, on top of the notable change of
the HRR pattern, by the occurrence of pre-ignition reactions and reduced ignition delay.
The incident pre-ignition reactions are evident in Fig. 5.8 as a small release of energy
after the SOI (@ 10°BTDC) and before the SOC (net HRR reaches 2 J/°). Figure 5.10
shows a magnification of the inset outlined in Fig. 5.8, where the direct proportionality
of theignition delay with %CHa before the threshold and the reverse after the threshold
areclearly visible. Thefigure a so shows the diminishment of the negative HR as %CH,
increases, since the increased substitution level meansthere is alesser anount of diesel
fuel to be evaporated and heated up. The values of ignition delay (in milliseconds) with
different %CH4 substitution ratios are presented in Fig. 5.11.
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Figure5.10 Magnified part of net HRR data between SOl and SOC (refer to Fig. 5.8)
for DF operation with different % CHa substitution ratios. Dataisfor 5%
engineload @ 1600 rpm. Injection timing (SOI) isset @ 10°BTDC.
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Figure5.11 Ignition delay for DF operation with different % CH4 substitution ratios.
Dataisfor 5% engineload @ 1600 rpm. Injection timingisset @ 10°BTDC.

At low load with high %CH4 substitution ratios, the pilot injection mass is sufficiently
small that it could possibly evaporate completely [238], then locally intermix with the
very lean gaseous fuel-air mixture. It was found in some study [239] that the presence
of small concentrations of n-heptane vapor (to an extent of afraction of 1%) can bring
about a substantial acceleration of the oxidation reaction of methanein air. Therefore,
it is believed that the presence of a small amount of higher hydrocarbon vapor, such as
the vapor produced from the diesel fuel pilot, can significantly enhance the combustion
initiation in dual-fuel engines, even without necessarily making a substantial changein
temperature or composition. Based on the phenomenol ogical model for the combustion
of successive pilot-injections in diesel-only combustion [238], the ensuing combustion
mechanism following the threshold is an oxidation reaction of adiesel vapor-methane-
air mixture surrounding the ignition sites and predominantly governed by the chemical
kinetics [239]. This resembles the reactivity controlled compression ignition (RCCI)
combustion with methane asthe low reactivity fuel and diesel fuel asthe high reactivity
one [240]. The change in mechanism principally targets stage-2 combustion, athough
it also influences stage-1 combustion. This could beinferred from comparing the values
of thefirst peak of the HRR datain Figs. 5.8 and 5.9 following the threshold. As shown
in Fig. 5.10, the pre-ignition reactions become more visible at the highest %CH4 where
minimal pilot mass used is likely to experience a complete evaporation. The resulting
enhanced combustion is reflected as a notable reduction in the ignition delay, as shown
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inFig. 5.11, and also as areduction in the duration of combustion (DOC) following the
threshold point (= 80% CHas substitution), as shown in Fig. 5.12. While the changesin
the combustion mechanism and HRR pattern following the threshold are evident, the
change in combustion phasing, as represented by the center of heat release (COHR), or
the CAS0, isrelatively small; despite the large changein theignition delay. Thisis due
to the increased HR in stage-2 combustion, while the HR in stage-1 becomes smaller.
However, CA50 shifts back towards the TDC after reaching its farthest position at the
threshold point; Fig. 5.13 shows the absol ute positions of CA50 in crank angle degrees.
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Figure5.12  Duration of combustion (CA10:CA90) for DF oper ation with different % CH4
substitution ratios. Dataisfor 5% engineload @ 1600 rpm, SOl @ 10°BTDC.
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Figure5.13 Center of heat release- COHR (CA50) for DF operation with different % CHa
substitution ratios. Dataisfor 5% engineload @ 1600 rpm, SOl @ 10°BTDC.
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The maximum possible methane substitution for diesel fuel in the current setup was as
high as 95%; as demonstrated above. This value largely exceeds that of 86% achieved
in another study using gaseous fuel induction into the intake manifold [58]. This proves
that the use of gaseous fuel injection into the intake, rather than induction using simple
venturis or gas mixers, is an effective way to extend gaseous fuel substitution limitsin
dual-fuel engines. The pilot diesel injected mass corresponding to the 95% substitution
level at this operating condition was as low as 0.8 mg/stroke. In the current setup, this
is the minimum limiting value of the FIE used, below which the piezoelectric injectors
no longer delivers any fuel, as the engine ECU drops the signal automatically. That is,
the limiting factor in this condition is a system-limitation. Y et, at this point, the engine
islikely to be on the verge of uncontrollable running, where a high degree of instability
was encountered. The high level of cyclic variability (as represented by COV imergross)
at high %CHg ratiosis shown in Fig. 5.14. The engine potentially experiences misfiring
cycles beyond this limiting point. The increased engine instability, combined with the
lower cylinder pressure and slow burning rate result in a retarded engine performance;
asindicated by the very low break thermal efficiency shown in Fig. 5.15. Thisindicates
that large part of the weak gaseous fuel-air mixture escapes the combustion process;

emitting significant HC emissions.
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Figure5.14 COV of grossIMEP for DF operation with different % CH4 substitution ratios.
Dataisfor 5% engineload @ 1600 rpm, SOl @ 10°BTDC.
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Figure5.15 Break thermal efficiency for DF operation with different % CH4 substitution
ratios. Dataisfor 5% engineload @ 1600 rpm, SOl @ 10°BTDC.

While these detailed results were obtained at an engine speed of 1600 rpm, very similar
trends were obtained at the sameload level (5% of the enginerated |oad) at other speeds
investigated. Figures 5.16, 5.17, and 5.18 show the HRR data for the entire range of
achievable %CH4 substitution ratios at 1500, 1400, and 1300 rpm; respectively. It could
be seen that the phenomena regarding the changes in HRR pattern and ignition delay
behavior are consistently encountered at different speeds. This supports the theory of
undergoing a change in the combustion mechanism at some specific %CH4 substitution
value; depending on the fuelling settings. Asillustrated by Fig. 5.19, ignition delay (in
milliseconds) increases at all speeds as the %CH4 increases, but only up to the specific
threshold values, then decreases afterward. This reveals the incident change from the
low intensity-pilot dominant mechanism into a combustion of diesel vapor-methane-air
mixture that resembles the RCCI. At any given %CHa, ignition delay increases as the
engine speed decrease; only in the pilot-dominant regime where the physical parameters
(i.e. temperature and pressure) inside the cylinder are the governing factors. Thisagrees
with the behavior of diesel-only operation as discussed in Chapter 4. %CH4 substitution
ratio of 40% is an example of this case, as shown in Fig. 5.19.
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Figure5.16 Net HRR datafor DF operation with different % CHa4 substitution ratios.
Dataisfor 5% engineload @ 1500 rpm. Injection timing isset @ 10°BTDC.
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Figure5.17 Net HRR datafor DF operation with different % CHa substitution ratios.

Dataisfor 5% engineload @ 1400 rpm. Injection timing isset @ 10°BTDC.
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Figure5.18 Net HRR datafor DF operation with different % CHa substitution ratios.
Dataisfor 5% engineload @ 1300 rpm. Injection timing isset @ 10°BTDC.
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Figure5.19 Ignition delay at different engine speedswith different % CHasubstitutionratios.

Thetwo distinctive combustion mechanismsarerevealed by the changein trend.

Dataisfor 5% engineload, SOl @ 10°BTDC.
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As the combustion mechanism change, chemical kinetics of the oxidation reactions of
the fuel vapor-gaseous fuel-air mixture plays the key role [229]. Since the transition
takes place at |ess %CHa4 substitution level s as the engine speed decreases; lower speeds
demonstrate shorter ignition delay following their transition, as higher speeds are yet to
undergo a complete transition into the RCCI-like mechanism. 80% CHs is an example
of this condition; as shown in Fig. 5.19. The decisive criterion that discloses the change
in combustion mechanism is, therefore, considered to be the ignition delay behavior,
even if the changeisyet to bevisibleon HRR trends. Figure 5.20 illustratesasimplified
two-dimensional map for the %CH4 substitution threshold values at which thetransition
of combustion mechanism takes place, at different engine speeds. It could be seen that
this value drops from ~80% at 1600 rpm to =70%, ~65%, and ~60% at 1500, 1400, and
1300 rpm respectively. Reduced CHs-air mixture strength as the engine speed decreases
requires more concentration of higher hydrocarbon vapor [239], and hence larger pilot
guantities are required to initiate the transition at lower speeds. The dotted curved lines
represent the constant speed contours on which other operating conditions for different
%CHa ratios should appear on the mdiess -dcHa Space; but they were omitted from the
figure for clarity. It is evident that the threshold values strongly depend on both mdiesa
and ¢cHa, Where a relationship between the two parameters is established throughout
the range of speeds examined. At any given engine speed, the points above the line of
transition are characterized as pilot-dominate combustion regime, where mgieset rules.
Alternatively, the points below the line experience the RCCI-like combustion that is
largely affected by ¢cHa. It should be noted that this correlation is valid only for the
current setup as obtained from the test cases examined, and any other fuel combinations
or operating conditions (different load, EGR, injection timing, etc) might be subjected
to adifferent boundary. The linear trend of the boundary in this test condition could be
attributed to the close range of speeds investigated.
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Figure5.20 Simplified two-dimensional map of combustion mechanism transition boundary
at different engine speeds. Threshold values of % CH4 are highlighted in red
(Substitution ratio axisis not represented in this map). The dotted curved lines
represent the constant speed contour s(omitted for figureclarity). Dataisfor 5%
engineload, SOl @ 10°BTDC.

Theincreased in-cylinder reactivity as the higher hydrocarbon vapor participatesin the
oxidation process, following the transition threshold, is also reflected as an accelerated
combustion at a shorter duration. Figure 5.21 shows the duration of combustion (DOC)
at different %CHa4 substitution ratios; for different engine speeds. It could be seen that
DOC increases with the %CHa4, but only up to the threshold, then decreases afterward.
The dotted lineillustrates the trend for the 1300 rpm data. Contrasting the case with the
ignition delay, DOC is always shorter with higher engine speeds at any given %CHj;
regardless of the dominant combustion mechanism. This is attributed to the increased
degree of turbulence inside the engine cylinder that enhances the combustion process
under these conditions [58]. The absolute position of the center of heat release (CA50)
observesthe opposite trend, asit largely depends on the amount of thefuel. Figure 5.22
showsthat at any given %CHa4, CA50 position at higher engine speedsis always further
in the expansion stroke relativeto that at the lower speed. At all speeds, however, CAS0
shifts back towards the TDC after reaching its farthest position at the threshold point.
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Figure5.21 Duration of combustion (CA10:CA90) at different speedswith different % CH4
substitution ratios. X-Axis values are based on the % CHa substitution @ 1600
rpm. Max. % CH4 substitutionsare 84%, 89%, and 93% at 1300, 1400, and 1500
rpm. Dataisfor 5% engineload, SOl @10°BTDC.
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trend. Line of transition isnot to scale and used for graphical representation only.
Dataisfor 5% engineload, SOl @10°BTDC.
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The maximum possible methane substitution for diesel fuel in the test cases examined
drops from =~95% at 1600 rpm to ~93%, ~89%, and ~84% at 1500, 1400, and 1300 rpm;
respectively. The corresponding values of diesel pilot injection mass at these last three
pointswere 0.9, 1.1, and 1.4 mg/stroke, respectively, which are greater than the limiting
minimum value of the FIE used (0.8 mg/stroke). Larger pilot massesimply anincreased
degree of the in-cylinder reactivity; thisis revealed by alarger amount of pre-ignition

heat release asillustrated in Fig. 5.23.
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Figure5.23 Magnified part of thenet HRR at the maximum % CH4 substitution for different
engine speeds. Pre-ignition reactions are more voluminous at lower speeds due

to larger pilot mass. Dataisfor 5% load, SOl @ 10°BTDC.

The fact that pilot masses exceed the FIE limiting value suggests that the restriction on
methane substitution under these conditionsis not caused by asystem-limitation. Figure
5.24 shows a two-dimensional map of the maximum possible methane substitution, in
Mdiess - PcHa Space. Constant speed contours (on which other fuelling settings should be
plot) are partially represented by the dotted curves. At a given speed, any %CH4 value
higher than the upper limit, i.e. below theline, setsthe engine at high level of instability,
uncontrollable running, and misfiring. Thisis evident by the elevated levels of engine
cyclic variability (represented by COV imergross), as shown by Fig. 5.25. The restriction
on methane substitution at these conditions is considered as an operation-limitation.
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In opposition, the engine stability at any lower %CH4 substitution levels, i.e. above the
line, remainsin the range with a COV imepgross Value less than 8%. The engine observes
astable RCCI-like combustion in diesel vapor-CHs-air mixture in this region, but only
within a certain boundary beyond which the combustion mechanism change into pilot-
dominant, as presented in Fig. 5.20. Figure 5.24 shows a linear correlation governing
the mdieset - PcHa relationship at the maximum %CH4 substitution, for different engine
speeds investigated. This linear trend is observed until the line of the minimum diesel
injection amount is met. Any further increase in ¢cnas after this point takes place at the
minimum mgiess aMount, until the engine operation islimited by the COV imepgross Val ue.
This supports the earlier observation found with engine speed of 1600 rpm, where a
combination of FIE limitation on fuel injection mass and high COV |mepgress Was met.
Once more, this correlation is valid only for this setup and test conditions, and might

change with different configuration.
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Figure5.24  Simplified two-dimensional map of maximum possible methane substitution
for diesel fuel at different engine speeds. The values of Maximum % CH4 are
highlighted in red (Substitution ratio axisisnot represented in thismap). The
dotted curved linesrepresent the constant speed contour s (omitted for figure
clarity). Dataisfor 5% engineload. Injection timingisset @ 10°BTDC.
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Figure5.25 COV of grossIMEP at different engine speedswith different % CH4 substitution
ratios. Dataisfor 5% load. Injection timingisset @ 10°BTDC.

It could be seen from Fig. 5.25 that for the same power level (speed and load), engine
stability deteriorates as the gas substitution ratio increases. Thisis mainly attributed to
the variation of the burning rate of methane in the weak mixture (¢cH4<0.3). Partial burn
cycles appear more frequently as the substitution ratio increases until complete misfire
takes place at the ultimate COV imepgross VAl ue (~9%). The criterion on acceptable engine
stability levelsunder DF operationisusually considered as COV imergross 5% [19]. This
valueis attained at higher substitution ratios as the engine power increases. The use of
larger pilot size enables the use of larger amount of gaseous fuel at higher substitution
ratio, where the engine load increases while the stability is maintained. Table 5.1 lists
the numeric values of two tests cases maintaining COV imeprgross <3%, at constant engine

speed of 1600 rpm. Engine load increases as a consequence of increasing both fuels.

Table5.1 Impact of pilot fuel size on gaseous fuel amount and substitution ratio at the
same engine stability level (COVimepgross ®3%), at constant speed of 1600 rpm.

Pilot size Gasadmission @ COVimer= 3% Substitution Engine load
(mg/stroke) (m3n/hr) ratio (%o CH4) (% rated load)
5.8 0.9 40% 5%
6.7 34 70% 25%
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The operation of dual-fuel engines at low load conditionsis characterized by poor fuel
conversion efficiency. Whilelower engine speeds exhibit aslightly better fuel economy
as they encounter less friction, DF operation remains much inferior to conventional
diesel one; especialy at high %CH4 substitution ratios. The diminished performanceis
attributed to the poor fuel utilization as large part of the weak CH4-air mixture escapes
the combustion process, the slow burning rates, the lower cylinder pressure values, and
the increased engine instability. Figure 5.26 shows the brake thermal efficiency trends
for dual-fuel operation at different engine speeds, throughout the entire range of %CHa4
substitution ratio investigated.

Brake Thermal Efficiency (%)
21 w

18 -
«=@-1600 rpm
1500 rpm
1400 rpm
1300 rpm

15 -

Brake Thermal Efficiency (%)

6 T T T T 1
0% 20% 40% 60% 80% 100%
% CH4 Substitution Ratio (energy basis)

Figure5.26 Brake thermal efficiency at different engine speeds with different % CH4
substitution ratios. Dataisfor 5% load. I njection timingisset @ 10°BTDC.
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5,5 Conclusions

In this chapter, combustion process in methane-diesel DF engines was experimentally
studied at light load (25%) with different substitution ratios (up to 80%). The maximum
substitution ratio of methane for diesel fuel at near-idle low-load conditions (5% of the

rated load) was investigated. The focus of the study was the heat release characteristics.

Some of the key findings are:

Typica heat release diagram for gaseous fuel-diesel dual-fuel engines is made of

the following stages:

o Ignition delay: the period between the start of injection (SOI) of the diesel fuel
into the cylinder, and the start of combustion (SOC); identified in the present
work as the point at which the net HRR reaches 2 Joule/CAD.

0 Stage-1 combustion: thisstageis characterized by asharp riseinthe HRR curve
due to the combustion of a large amount of diesel fuel after the ignition delay
ends. Thereisan evident entrainment of some of the gaseousfuel into this stage;
particularly the part in the immediate vicinity of the pilot ignition sources.

o Transient stage: avery shorts stage presents the transition from the auto-ignition
of premixed diesel vapor along with the entrained gaseous fuel, into the regime
in which the majority of gaseous fuel is expected to burn.

0 Stage-2 combustion: in which the bulk of the gaseous fuel-air mixture distant
from the influence of diesel pilot zone is expected to burn; mostly in aturbulent
flame propagation event (for gaseous fuel equivalenceratio ¢cra > 0.35).

Stage-1 combustion is aways dominated by the ignition and rapid combustion of

the premixed part of the diesel pilot; regardless of the amount of gaseous fuel used.

However, the level of gaseous fuel entrainment increase with the substitution ratio;

indicating that it is more affected by the mixture strength than by the jet properties.

The dominant combustion mechanism in stage-2 combustion is largely determined

by the relative magnitudes of diesel pilot and gaseous fuel available for combustion

at thisstage. At low gaseousfuel concentration (¢cnHa < 0.3), the ensuing combustion
is categorized as a“ pilot-dominant”, where the gaseous fuel conversion takes place

in alow-intensity non-flame propagation event.
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At very low load and high substitution ratios, the pilot injection massis sufficiently
small that it can evaporate then locally intermix with the very lean gaseous fuel-air
mixture; increasing the charge reactivity. This yields an RCCI-like combustion in
diesel vapor-methane-air mixture surrounding ignition sites. Compl ete evaporation
occursat pilot massesaslow as 1.6 mg/stroke, however, the combustion mechanism
starts to change at as much as twice this value.

The substitution ratio threshold at which the combustion mechanism changes from
the low intensity-pilot dominant into the RCCI-like combustion reduces from ~80%
at 1600 rpm to =70%, ~65%, and ~60% at 1500, 1400, and 1300 rpm; respectively.
The reason behind thisis the need for alarger pilot mass (i.e. more diesel vapor) to
initiate the transition with weaker methane-air mixtures.

At all speeds, ignition delay period increases with the increase of substitution ratio;
but only up to the threshold. The behavior is reversed following the threshold due
to the increased degree of reactivity inside the cylinder.

The minimum amount of pilot injection mass with the current FIE used is 0.8 mg/
stroke. This presents a system-limitation on maximum achievabl e substitution ratio.
The maximum gas substitution ratio achieved was as high as 95% at 1600 rpm. This
value decreases to 93%, 89% and 84% at 1500, 1400, and 1300 rpm; respectively.
Methane substitution beyond these limits is restricted by the ultimate value of the
COV mEeprgross Value for a stable running (=<8% — 9%); i.e operation-limitation.

The use of larger diesel pilot injected mass allows for the use of alarger amount of
the gaseous fuel; without exceeding the stability criterion (COV imepgross ~ 5%).
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6 Effect of Pilot Pre-Injection on Dual-Fuel Engines Combustion

6.1 Introduction

In Chapter 4, it was proven that the use of split injection (i.e. pre-injection followed by
main injection) in HPCR diesel engines improves fuel economy and reduces the rates
of pressure rise. Chapter 5 revealed that the evaporation and mixing of a small diesel
fuel amount in the lean gaseous fuel-air mixture improves the combustion initiation and
changes the combustion mode. These findings complement the outcome of Chapter 3,
where it was shown that the use of pilot-split injection in dual-fuel engines changesthe
combustion mode from the conventional diesel dua fuel (DDF) combustion to anovel
two-stage partially premixed dual fuel (PPDF) combustion that has several advantages
to engine combustion and emissions.

The aim of this chapter isto investigate the effect of pilot pre-injection on DF engines
combustion. The optimum injection strategy to attain PPDF combustion is determined,
and the influence of pilot pre-injection mass on the combustion process is examined.
Thefocus of thework isthe light load operating conditions (25% of rated load), at wide
ranges of engine speeds and substitution ratios of methane for diesel fuel.

6.2 Overview and Method

As discussed in Chapter 3, the key to combustion mode change in dual-fuel enginesis
the pilot fuel injection strategy [37]. Table 6.1 summarizes the differences in the pilot
injection strategy between DDF, HCCI-DF, and PPDF combustion modes.

Table6.1 Summary of the pilot injection strategy in different DF combustion modes.

Combustion M ode Pilot Injection Strategy Theory

Conventional DDF Single injection; late in the To act as an ignition source for the
compression stroke. premixed CH4-air mixture.

HCCI-DF Single injection; early in the To form alean homogeneous mixture
intake stroke. of diesel with the CH4-air mixture.

PPDF Two injections; an early pre- The pre-injection part acts as an
injection part (small size), ignition improver; the main pilot
followed by alate injection injection then initiates the combustion
of the main part of the pilot. that further propagates throughout.
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To approach PPDF combustion, the pre-injection part of the pilot should be optimized
in timing and quantity. With regard to timing, it should be noted that too early injection
will cause spray impingement and poor atomization of fuel, whiletoo late injection will
lead to the incidence of classical diesel ignition [241]. To assess the optimum timing
with the current setup, a sweep of different pre-injection timings (ranging from 20° to
80° BTDC) wasinvestigated under conventional diesel operation at 1600 rpm and 25%
load, with the main injection fixed at 10° BTDC. Any significant changesin the diesel
combustion mode would essentialy be reflected on the subsequent combustion of the
gaseous fuel-air mixture [64]. To avoid any possible high rates of pressure rise with the
early injection timings, the pre-injection quantity was kept at 10% of the total diesel
fuel supplied to the engine. The resulting HRR curves when pre-injection is used were
compared with that obtained from the single injection of diesel fuel (set at 10° BTDC).
Figure 6.1 (a-d) show the resulting HRR curves for some selective test cases.

(a) Net HRR with single main injection @10° BTDC
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(c) Net HRR with pre-injection @40° BTDC
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Figure6.1 The influence of diesel injection strategy on the net HRR and combustion

mode; (a) with single main injection of diesel @10° BTDC; (b), (c), (d) with
two split injectionswith themain injection fixed @10° BTDC and the pre-
injected set to 25°, 40°, and 70° BTDC; respectively. Data for conventional
diesel operation at 1600 rpm and 25% load.

It can be seen from Fig. 6.1 (b) that the relatively late injection timing @ 25° BTDC of
the pre-injection will result in the characteristic Cl spray combustion mode (i.e. that
distinguishesdiesal engines) of that pilot. Thisisattributed to the elevated high pressure
and temperature inside the engine cylinder upon injection, and hence as soon as the
ignition delay (ID) of that part of injection ends, it burnsimmediately. Nevertheless, in
contrast with the classical diesel combustion that is characterized by the presence of
two phases; premixed combustion (PMC) and mixing-controlled combustion (MCC) as
shown in Fig. 6.1 (a) and described in Chapter 4, the combustion of the relatively late
pre-injection will take place over only one stage, dueto its limited quantity. This stage

(referred to as HTR-1) is predominantly a high-temperature reaction that increases the
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cylinder temperature significantly. Accordingly, the main part of the fuel subsequently
injected experiences avery short ID, after which it will burninasecond HTR (referred
to as HTR-2) with much less premixed fraction and lower noise levels; as discussed in
Chapter 4.

When the pre-injection timing is advanced, itsignition mode changes from the classical
diesel combustion mode into a two-stage combustion mode. As shown in Figs. 6.1 (¢)
and (d), thismodeis characterized by the presence of alow-temperaturereaction (LTR),
or acool flame zone, that has a high degree of reactivity dueto a high level of radicals
[67]. In anideal HCCI two-stage combustion, anegative temperature coefficient (NTC)
zone separates the LTR and the HTR regimes without any other heat rel ease processes
[67]. Nevertheless, with an average advance of the pre-injection timing, e.g. 40° BTDC
asshowninFig. 6.1 (c), in-cylinder conditions (pressure and temperature) arerelatively
high and favor combustion. As aresult, the LTR at these conditions could be followed
by aHTR of some part of the pre-injection (referred to as HTR-1), and the NTC is not
realized. Any unburned fraction of the pilot pre-injection will then burn in the main
combustion event (HTR-2) that takes place after the auto-ignition of the main injection.
With further advance of the pre-injection timing, e.g. 70° BTDC as illustrated in Fig.
6.1 (d), the NTC zone becomes recognizable after the LTR zone, while the HTR-1 no
longer exists. Instead, acombined HTR regimefor the pre-injection along with themain
injection occurs, with alarger premixed part compared with the retarded per-injection
timings, and at higher rates of heat release. But in both cases, as long as the two-stage
ignition mode is attained, the LTR zone always occurs at a specific position; about 20-
25°BTDC [67].

In view of that, it was concluded that an optimum pre-injection timing for the current
setup would be around 50° BTDC with the main injection timing set to 10° BTDC. This
would bring about a two-stage ignition mode of the pilot that promotes the combustion

of the main injection that subsequently burns at acceptable rates of heat release.

Asfar as the optimum quantity of the pre-injection part of the pilot is considered, it is
noted that too large pre-injections may cause high rates of pressure rise (ROPR) beyond
the acceptable levels. Too small quantities, on the other hand, might not be capable of

producing the desired cool flame reactions and active radicals. Another critical factor
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that has to be considered is the limitation on the minimum amount of fuel that could be
injected through a given FIE, as discussed in Chapter 5. In conventional diesel engines
with split injection strategy, the pre-injection part is usually set to a certain percentage
of the total diesal fuel used at the particular operating condition. This procedure was
preliminary used in the current work, to quantify the size of the pre-injection part of the
pilot; i.e.:

% FRp,, = 22T % 100% (6.1)

mp

where (%FRere) isthe size of the pre-injection, as afixed ratio (percentage) of the total
diesel fuel supplied to the engine (inclusive of the pre-injection), (11p,.) IS the mass
flow rate of the pre-injection, and (mp) is the total mass flow of the diesel fuel.

To set asolid base of comparison, the value of %FRere should be kept constant for all
test cases examined. To assess the value that could be maintained throughout the entire
range, a sweep of different pre-injection masses (ranging from 5% to 25% FRpre) Was
investigated under conventional diesel operation at 1600 rpm and 25% |load. The sweep
tests were conducted at the optimum pre-injection timing of 50°BTDC (as determined
earlier) and main injection timing of 10°BTDC. Figure 6.2 showsthe Net HRR datafor
pre-injection masses of 10% and 20%FRpre. It could be seen from the figure that the
quantity of pre-injection does not affect the position of the LTR zone (it appears at 20-
25° BTDC as highlighted above), but it slightly affectsits magnitude. Thisis attributed
to the availability of large amount of fuel with larger pre-injection massesto go through
the cool flame reactions. It isthe relative magnitudes of the HTR zones that experience
the more apparent change, where the larger %FRere leads to the release of larger amount
of activeradicalsthat promotes the combustion of some of the pre-injection part; owing
totherelatively high cylinder temperature at these conditions. For that reason, theHTR-
1 zone becomes more distinguished in Fig. 6.2 (b) asmore fuel experiences combustion.
The HTR-2 at these conditions exhibits asmaller premixed part, because of the reduced
contribution of the pre-injection from one side, in addition to the reduced ID of themain
injection from the other side (shorter 1D reduces the premixed fraction, as discussed in
Chapter 4). It should be taken into consideration that the designated %FRpre has to be
achievableat all %CH substitution ratiosinvestigated, to solidify abase of comparison.
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As the current work involves CH4 substitution ratios as high as 80%, it was found that
avalue of 20% FRpre would be the optimum pre-injection ratio that could consistently

be realized without compromising the cool flame effect or the ROPR.
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Figure 6.2 Theinfluence of pre-injection ratio (% FRere) on thenet HRR

at optimum injection timing of 50° BTDC; (a) 10% FRpre,
and (b) 20% FRere. The quantity of the main injection varies
accordingly, but itstiming is always set @10° BTDC. Data s
for conventional diesel operation at 1600 rpm and 25% load.
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6.3 PPDF Combustion vs. Conventional DDF Combustion

The outcome of the sweep tests reveal sthat the sought-after changein the pilot ignition
mode could be achieved by employing a pilot pre-injection quantity of 20% of the total
diesdl fud (i.e. 20%FRpre) injected at 50° BTDC, whilethemain injectionis kept at 10°
BTDC. Thisinjection strategy will be employed in dual fuel operation in an attempt to
attain the PPDF combustion modes. The results of PPDF tests are then compared with
those obtained from conventional DDF operation (with single injection @10°BTDC),
at the same operating conditions. The focus of the study isthe light load conditions that
prevail in city traffic. Therefore, the experiments were conducted at 25% of the engine
rated load at a wide range of speed from 2000 rpm down to 1400 rpm, with different
substitution ratios of methane for the diesel fuel (from 20 to 80% on energy basis).

Figure 6.3 (a) and (b) show the in-cylinder pressure traces and the associated values of
maximum ROPR for DDF and PPDF combustion modes at different CH4 substitution
ratios. From the figure, it can be seen that PPDF mode exhibits higher cylinder pressure
values compared with conventional DDF mode; particularly at high %CHa4. The reason
behind thisisthe earlier start of combustion associated with the use of pre-injection in
PPDF, as the presence of active radicals from the LTR zone promotes the combustion
process. The earlier start of the intensified combustion yields higher cylinder pressure
values [242]. The effect is more voluminous at high %CHa, as DDF combustion itself
at these conditions exhibits prolonged combustion duration, as discussed in Chapter 5,
which resultsin lower cylinder pressure values. Above and beyond, the use of pilot pre-
injection in PPDF means that the combustion process will start with an auto-ignition of
aless amount of the diesel fuel, and hence the maximum ROPR values are much less
compared with DDF. The average reduction in maximum ROPR with PPDF is as high
as 17%. Thisis advantageous to engine combustion noise, fuel economy, and NOx and
PM emissions [40].

160



6 EFFECT OF PILOT PRE-INJECTION ON DUAL-FUEL ENGINES COMBUSTION
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Figure6.3 In-cylinder pressure and the associated maximum ROPR (in the inset), for (a)

conventional DDF operation with single pilot injection @10° BTDC, and (b)
PPDF operation with 20% FRpre @50° BTDC and main injection @10° BTDC.
Dataisfor 25% load at 2000 rpm, for 20, 40, 60 and 80% CH4 substitution ratio.

Figure 6.4 (a) and (b) show the net HRR traces, along with the corresponding positions
of the occurrence of CA50; for both DDF and PPDF modes at different CH4 substitution
ratios. The LTR zone could be observed with PPDF combustion as already discussed,
although its magnitude notably decreases with the increase of % CHa. Thisisthe natural
consequence of the decrease in the pre-injection mass, as the total diesel fuel injected
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decreases according to Equation (6.1) above. However, it is believed that the small pre-
injectionis still capable of increasing the degree of reactivity inside the engine cylinder
and promoting combustion. Thisis evident by the enhanced burning rates and reduced
combustion duration at all %CHs ratios; in contrast with DDF [89]. Yet, HTR-1 zone

decreases as the %CHa increases; owing to the reduced pre-injection quantity.
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Figure6.4

Net HRR data and the corresponding positions of the occurrence of CA50 (inset),
for (a) conventional DDF operation with single pilot injection @10° BTDC, and
(b) PPDF oper ation with 20% FRere @50° BTDC and main injection @10° BTDC.
Dataisfor 25% load at 2000 rpm, for 20, 40, 60 and 80% CH4 substitution ratio.
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Combustion phasing, as represented by CA50, is much improved with PPDF, where
the mgjor part of the heat rel ease takes place closer to the TDC; producing amore useful
work [243]. Thelate stages of heat release with PPDF are also free of any ringing visible
(unlike DDF); demonstrating the reduction of combustion noise.

The effect of pre-injection on engine stability and performanceisillustrated in Figs. 6.5
and 6.6, respectively. It could be noticed from Fig. 6.5 that the use of pre-injection in
PPDF mode maintains the engine cyclic variability (as represented by COV mepgross) at
acceptable levels (2-3%) throughout the entire range of %CHa. Thisis attributed to the
intensified combustion in the PPDF mode that provides better engine stability [242].
With DDF, on the contrary, the use of high %CHjs ratios is aways associated with high
cyclic variability, particularly at part load, owing to flame propagation problems[244].
This has been demonstrated in Chapter 5, where the increased COV imep Was even found
to set and operating-limit on the conventional DDF operation at high %CH4 substitution
ratios. Above and beyond, Fig. 6.6 showsthat more than 5% improvement in the engine
performance, as represented by the brake thermal efficiency, could be achieved when
the engine is switched from DDF to PPDF operation. Thisimproved performanceisthe
consequence of the combination of many factors; including increased cylinder pressure,
reduced ROPR, enhanced combustion intensity, faster burning rate, better combustion
phasing, and increased engine stability.
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Figure 6.5 Coefficient of variation (COV mepgross); for both DDF and PPDF modes.
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Figure 6.6 Brake ther mal efficiency (%); for both DDF and PPDF modes.

Theimproved fuel economy with PPDF mode means that the engine will work at lower
total equivalenceratio (¢tof) compared with DDF; asillustrated by Fig. 6.7. The reduced
total equivalenceratio involvesthereduction of both fuels; (mp)and(1icy,), asimplied
by Equation (5.1). That is, the lean operating limit of the engine could be extended. In
addition, the reduced (11,) with PPDF, as shown by Fig. 6.8, implies a corresponding
reduction in the PM emissions originated from the diesel fuel pilot. This effect ismore
influential at low % CH4 substitution ratio wherethe diesel pilot sizeismoresignificant,

and hence the reduction in the PM emissions becomes more tangible.
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Figure 6.7 Total equivalenceratio (¢tot); for both DDF and PPDF modes.
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Figure 6.8 Total diesel fuel injected (mg/stroke); for both DDF and PPDF modes.

6.4 Influence of Pre-Injection Mass on PPDF Combustion

The quantification of the pre-injection part of the pilot as afixed ratio (FR) of the total
diesel fuel supplied to the engine, as per Equation (6.1), does not present any hurdle to
the mono-fuel operation of diesel engines with split injection. Nevertheless, it could be
challenging to dual-fuel operation, where the relative proportions of gaseous fuel and
diesel could change at the same power level produced. With high levels of gaseous fuel
substitution, the total diesel fuel mass becomes considerably small, and as aresult, the
mass of the pre-injection part of the pilot could substantially drop; potentially losing its
effect. To examine the influence of pilot pre-injection mass on PPDF combustion, an
alternative way of quantifying the size of the pre-injection was developed. In this new
approach, referred to as fixed mass (FM) strategy, the mass of the pre-injection is held
constant at a certain value, and any gaseous fuel addition will take place on the account
of the maininjection part of the pilot. As aready discussed in Section 6.2, the optimum
value of the %FR that was achievable with the current fuel injection equipment (FIE)
system throughout the range of test cases, without substantially affecting the cool flame
reactions or the ROPR, was found to be 20%. In view of that, it was decided to set the
base value of fixed mass strategy (%FM) to be 20% of the total mass of the diesel fuel
used to operate the engine under conventional diesel operation at the specified operating
conditions. Thisvalue (3.2 mg/stroke) was held constant throughout all the %CH4 used,
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and any change in the total diesel fuel quantity (as aresult of a corresponding change
in gaseous fuel) was solely addressed by changing the main injection part of the pilot.
It isto the point here to highlight that fuel flow rates were measured on a global basis,
i.e. as atotal amount supplied to the engine rather than to each individual cylinder. As
discussed in Chapter 4, this could possibly lead to some errors due to the potential lag
in the electrical signal to the injector from cycle-to-cycle, and any difference to valve

timing. Again, these errors are difficult to account for but they remain marginal.

Theimpact of pilot pre-injection mass on PPDF combustion becomes more voluminous
at the operating conditions where limited quantity of diesel fuel isused. In view of that,
it was decided to deliver acomparative study between PPDF with FR pre-injection (will
bereferred to as FR-PPDF) and with FM pre-injection (will bereferred to as FM-PPDF)
at thelowest test speed of 1400 rpm; at 25% engine load. For both strategies, thetimings
of the pre-injection and the main injection were kept @ 50° and 10° BTDC respectively,
in keeping with the results of the sweep tests as concluded in Section 6.2 above. Figure
6.9 (a) and (b) show the cylinder pressure traces and the associated values of maximum
ROPR at each combustion mode; for different CH4 substitution ratios. It can be seen
from Fig. 6.9 (a) that the in-cylinder pressure with FR-PPDF combustion considerably
drops as the %CHj4 increases; while FM-PPDF combustion always maintains the high
levels of cylinder pressure as shownin Fig. 6.9 (b). This could reveal that with FR pre-
injection, the decrease of the pre-injection mass asthe %CH4 substitution ratio increases
eventually causes the pre-injection to lose its effect in promoting the combustion. Asa
consequence, theignition delay (ID) of the main part of the diesel gets prolonged asthe
%CHa increases [51]. The late start of combustion (SOC) means that the peak cylinder
pressure will be attained at alater position relativeto the TDC; i.e. at lower value. With
FM pre-injection, on the other hand, the presence of active radicals from the LTR zone
promote the combustion process. The earlier start of that intensified combustion yields
higher cylinder pressure values[242]. In addition, since the increase in the %CHa takes
place on the account of the main injection, the main combustion event will start with
the auto-ignition of aless amount of diesel fuel, and hence the maximum ROPR values
become much less; the average reduction in the maximum ROPR exceeds 8%. Thisis

advantageous to combustion noise, fuel economy, and NOx and PM emissions [40].
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Figure 6.9 In-cylinder pressure and the associated maximum ROPR (in theinset); for (a)

20% fixed ratio (FR) PPDF combustion, and (b) 20% fixed mass (FM) PPDF
combustion. For both cases, pre-injection and main injection timings are kept
@50° BTDC and @10° BTDC, respectively. Dataisfor 25% load at 1400 rpm,
for 20, 40, 50 and 60% CHa substitution ratio.
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Figure6.10 (a) and (b) show the net HRR traces, a ong with the corresponding positions
of the occurrence of CA50 for FR-PPDF and FM-PPDF combustion modes; at different
CHa substitution ratios. The influence of the reduction of the FR pre-injection mass as
the %CH4 isincreased could be clearly noticed in Fig. 6.10 (a), where the reduction in
the pre-injection massresultsin adecay in the LTR zone; reducing the amount of active
radicals that promote the combustion. Consequently, the ability of the pre-injection to
sustain areaction (HTR-1) that leads to the entrainment of some of the methane in this
stage becomes very limited; especialy with high substitution ratios. The resulting main
combustion (HTR-2) therefore much resembles that of conventional DDF, where the
ignition delay and combustion duration both increase with the increase of %CH4. With
FM pre-injection, it is evident from Fig. 6.10 (b) that the magnitude of the LTR zoneis
almost the same, whileit shows adlight shift towardsthe TDC as %CHs increases. This
could be attributed to the incidence of some chemical interactions between the methane
and the diesel fuel vapor [51]. In general, the increased reactivity due to the cool flame
reactions leads to the entrainment of some of the methane in the combustion of the pre-
injection part of the pilot. Thisisdemonstrated by the increased magnitude of the HTR-
1 stage prior to the commencement of the main combustion (identified as the sharp rise
of the HRR curve) and the subsequent increase in the cylinder temperature and pressure
[245].

The distinctive aspect of the process with FM-PPDF combustion at these conditionsis
the ignition delay behavior. The value of ID almost remains unchanged with all %CH4
employed; in contrast with FR-PPDF. Similarly, the duration of combustion is almost
unchanged for al %CHa4 ratios. In view of that, it could be postul ated that the effects of
the increase of %CH4 on elongating the ignition delay and combustion duration could
be excluded if acertain degree of charge reactivity is attained through using a sufficient
per-injection mass. The ensuing intensified combustion takes place very rapidly during
afew CADs|[89], with the improved flame propagation at high %CH4 brings the CA50
closer to the TDC. The case was reversed with the FR-PPDF, where the increased
substitution ratio leads to the occurrence of the CA50 further away fromthe TDC; again
due to the decay of the influence of the pre-injection as its mass get significantly small.
Itisto the point hereto highlight that for adiabatic engines, the optimal CA50 is attained
just right at the TDC [243].
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Figure6.10

Net HRR data and the corresponding positions of the occurrence of CA50

(intheinset); for (a) fixed ratio (FR) PPDF combustion, and (b) fixed mass
(FM) PPDF combustion. For both cases, pre-injection and main injection
timings are kept @50° BTDC and @10° BTDC, respectively. Data is for

25% load at 1400 rpm, for 20, 40, 50 and 60% CHa4 substitution ratio.

As far as the engine stability and fuel economy are considered, it could be seen from
Fig. 6.11 that FM-PPDF exhibits a dightly better engine stability (represented by the
lower value of COV imeprgross), While Fig. 6.12 demonstrates that this mode also yields a
dlightly higher brake thermal efficiency compared with FR-PPDF combustion mode.
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This dight improvement in BTE could be attributed to the higher in-cylinder pressure
levels at the early stages of the expansion stroke, along with the reduced ROPR levels.
Nevertheless, the values obtained with FR-PPDF are still very comparable.
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Figure6.11 Coefficient of variation (COV mepgross); for both FR-PPDF and FM-PPDF modes.
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Figure6.12 Brake thermal efficiency (%); for both FR-PPDF and FM -PPDF modes.

The slight improvement in engine performance could be further demonstrated by Figs.
6.13 and 6.14 that present the values of the total equivalence ratio (¢rt) and the total
diesdl fuel mass, respectively, for both injection strategies. The figures reveal that only
minor reductions in both the (¢tt) and the total fuel mass are attained with FM-PPDF
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strategy compared with FR-PPDF strategy. In view of that, it is expected to experience
acorresponding minor change in the PM emissions; yet the larger pre-injection massis
expected to increase the global mixture strength and reduce CO and HC emissions[37].
The reduced size of the main injection part implies a corresponding reduction in the
spray-cone rich mixture zone; potentially reducing NOx emissions in some measure
[39]. Any elimination of the hot and rich zones inside the cylinder with less diffusion
flameis effective in reducing NOx [246].
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Figure6.13 Total equivalenceratio (¢tat); for both FR-PPDF and FM-PPDF modes.
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Figure6.14 Total diesel fuel injected (mg/stroke); for both FR-PPDF and FM -PPDF modes.
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6.5 Conclusions

In this chapter, the effect of pilot pre-injection, as well as the influence of its mass on

DF engine combustion were investigated and analyzed. The study covered awiderange
of engine speeds (from 1400 to 2000 rpm) at 25% load, with different substitution ratios

of methane for diesel fuel (ranging from 20 to 80% on energy basis). Some of the key

findings are:

The use of pilot pre-injection changes the combustion mode from the conventional
diesel dua fuel (DDF) combustion into the two-stage partially premixed dual fuel
(PPDF); if the pre-injection timing and quantity are optimized.

PPDF combustion is attained with pre-injection timings between 40 and 80° BTDC,
and quantities between 10% and 20% of thetotal diesel fuel. Inthiswork, the values
of 50° BTDC and 20% gave the optimum results, with the main injection timing set
at 10° BTDC.

Thehigh level of active radicalswith PPDF combustion resultsin amoreintensified
yet smoother combustion, with faster burning rate and better combustion phasing.
About 17% reduction in the maximum ROPR and 5% increase in the brake thermal
efficiency could be obtained with PPDF combustion, while maintaining the engine
stability at acceptable levels (2-3%); even with high %CHa substitution levels.
Thetotal equivalence ratio with PPDF isless than that with DDF, meaning that the
engine lean operating limit could be extended; increasing the practicality.

The pre-injection mass has to be kept a certain level to remain capable of changing
the combustion mode. This approach is referred to as the fixed mass (FM) PPDF,
as opposed to the fixed ratio (FR) PPDF. Thisvalue is 3.2 mg/stroke for this work.
FM-PPDF strategy maintains high cylinder pressure values with high %CHalevels,
and at the same time provides about 8% reduction in the maximum ROPR. It also
offers a slight improvement in engine stability and performance.

Unlike conventional DDF or FR-PPDF modes, the commencement and duration of
the main combustion event in FM-PPDF mode are both not influenced by the level

of %CH4 substitution. It is the degree of charge reactivity that plays the key role.
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7 Discussion and Conclusions

7.1 Introduction

Thework presented in thisthesis has been undertaken to provide a better understanding
of combustion initiation and development in light-duty common rail diesel enginesdual
fuelled with methane. The aim was to establish how the heat release characteristic and
work output of these engines depend on the pilot injection strategy and the percentage
of energy substitution of methane. The focus of the study was the light load operating
conditions. This chapter serves to provide the overall discussion of the work presented
inthethesisaswell asthekey findings. The suggestions of future work that complement
the present contribution are also highlighted. Finally, the main conclusions of the thesis

are presented.

7.2 Discussion

The research on gas-diesel dua fuel (DDF) engines is derived by the imperative need
to reduce the dependence on diesel fuel asafinite energy source and reduce the harmful
pollutant emissions from diesel engines [247]. In DDF engines with gas port-injection,
the use of two independent fuelling systems for diesel pilot and gaseous fuel provides
ahighlevel of control over the charge preparation and hence on the ensuing combustion
process [228].

To obtain abetter insight into the combustion process in DFF engines, the present work
has developed asimple yet very effective technique through the resolving the HRR data
of DF operation into its component; i.e. diesel and methane contributions to the energy
release process. The study covered awide range of methane substitution for diesel fuel;
ranging from 30% up to 80%, at quarter load (25%) conditionsfor engine speed of 1600
rpm. Thedieseal contribution in each case has been estimated from the conversion of the
engine into the diesel-only operation using the exact amount of diesel fuel used as a
pilot in the specific DF operating condition. The apparent contribution of methane has
been approximated as the arithmetic difference between dual-fuel HRR and diesel-only
HRR at any given crank angle as per Equation (5.3). Dataanalysis has revealed that the
main fuel conversion processes in DF operation take place over two stages, referred to

174



7 DISCUSSION AND CONCLUSIONS

in the present work as Stage-1 and Stage-2, where the dominant combustion mechanism
in each stage is essentially determined by the relative quantities of the two fuels.

Stage-1 is aways dominated by the ignition and rapid combustion of the premixed part
of thediesel pilot; regardless of the amount of methane used. Contrasting what has been
reported in other studies [233], the present work has demonstrated that the combustion
of the gaseous fuel in the immediate vicinity of the ignition sources of the pilot is not
sequential to the pilot combustion itself. There has been an evident entrainment of some
of the gaseous fuel into the pilot combustion in this stage, wherethis part increases with
the increase of the gas substitution ratio. This behavior indicates that this entrainment
is more affected by the mixture strength than by the jet properties. With %CHa as high
as 80%, amost one-third the HR in Stage-1 combustion has been produced from CH4
combustion. The premixed peak of HRR rateis considerably influenced by the presence
of methane; revealing that it is not only the diesel pilot that influences NOx emissions

formation at these conditions [236].

Unlike the classical diesel combustion where the MCC commences immediately after
the PMC, DDF combustion is characterized by the presence of atransient stage between
the diesel auto ignition and the gas bulk combustion. This stage lasts for avery limited
time and is not characterized by any dominate combustion mechanism. Therole of this
stage in emissions formation is ambiguous and difficult to expect. Stage-2 experiences
the combustion of the bulk of gaseousfuel-air mixture away from theinfluence of diesel
pilot zone. It istherefore responsible for the formation of HC (mostly composed of CH4
in this condition; that is why the phenomenon is usualy referred to as “ methane-dip”
[37]) and CO more substantially [228]. The dominant combustion mechanism in Stage-
2 islargely determined by the relative magnitudes of diesel pilot and methane available
for combustion. For high CH4 concentrations (¢cHa > 0.35), this stage is characterized
by the incidence of turbulent flame propagation event, while for weak mixture strength
(dcHa < 0.3), gaseous fuel conversion occurs in alow-intensity non-flame propagation
event, categorized as a*“ pilot-dominant” combustion. This slow combustion reaction is

expected to produce alarge amount of unburned products [228].
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Theincreased substitution ratio also resultsin an increase in the ignition delay; in most
operating conditions. Thisisthe consequence of combined factors, comprising reduced
oxygen partial pressure (as methane replaces some of the air), reduced temperature (due
to the increased specific heat of the mixture; aka cooling effect of methane admission)
[231], and the competition for active radicals between diesel fuel and methane [232].
This has been found to be the casein all test conditions examined; unless there has been
aglobal change in the combustion mode. As discussed in Chapter 5, this change could
take placeif the pilot massis sufficiently small that it could fully evaporate then locally
intermix with the very lean methane-air mixture. The presence of asmall concentration
of the higher-hydrocarbon vapor enhances the combustion initiation in DDF engines
and reduces the ignition delay. The ensuing combustion mechanism is predominantly
governed by the chemical kinetics, and it can be described as an RCCI-like combustion
with methane as the low reactivity fuel and diesel fuel as the high reactivity one [240].
This phenomenon has been encountered in the present study at the very low |oads (5%)
with high substitution ratios. It has been proved that the degree of cylinder reactivity
increases with the increased amount of diesel fuel vapor. Complete evaporation of the
diesel pilot has taken place at injection masses as low as 1.6 mg/stroke; despite the fact
that the combustion mechanism may start to change at as much astwice thisvaue. The
substitution ratio at which the combustion mechanism changes (referred to as threshold
value) essentially varies with fuelling conditions (as governed by engine power level).
It has been found that weaker methane-air mixture requires more concentration of the
higher-hydrocarbon vapor, i.e. larger pilot, to create a combustion mode change. The
duration of combustion (DOC) follows the same trend as the ignition delay; it increases
with methane substitution up to the threshold value, and then decreases afterward. All
in all, it could be concluded that employing novel combustion modes in DDF engines
has the potential to speed up the slow combustion process under light load conditions.
Whilst the RCCI-like combustion in the present work has been encountered at the very
low load conditions, its potential benefits could be more realized under a wide range of
operating conditionsif the change in combustion mechanism has been attained through

employing advanced injection strategy. Thisis further discussed later in this section.
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There have been several factors affecting the maximum possible methane substitution
for diesel fuel; some of them areidentified as“ system-limitations’ while the others are
viewed as* operation-limitations’. The most prominent system-limitation isonerelated
to the minimum limiting value of the FIE used, as this value determines the maximum
substitution ratio attainable at a given power level. In the current setup, this value has
been found to be 0.8 mg/stroke, where it has yielded a maximum substitution ratio of
95%. With recent development of FIEs, this value has been pushed further down to as
low as 0.3 mg/stroke [ 248], where some studies achieved a substitution ratio as high as
97% to 98% [249]. Regardless of the FIE of diesel fuel used, the use of gaseous fuel
injection into the intake, rather than induction using simple venturis or gas mixers, is
an effective way to extend the gaseous fuel substitution limitsin DDF engines. Another
[imitation on the maximum possible methane substitution for diesel fuel has been found
to be the limiting value of the COV mep for engine stable running. This value has been
experimentally identified in the present work as 8% —9%. Beyond thislevel, the engine
has suffered high degree of instability, uncontrollable running, and even misfiring. For
that reason, no further admissions of CH4 were possibleif this operation-limitation have
been reached.

There are some other operation-limitations on the maximum possible %CH4 that have
not been investigated in the present work; yet they do exist. For instance, the maximum
allowable cylinder pressure values, as well as the maximum ROPR, put constraints on
the amount of gaseous fuel used at high loads where the burning rate becomes very fast
[247]. The maximum permissible exhaust gas temperature is another limitation at these
conditions (exhaust manifold and turbocharger material constraint) [54]. The requested
reduction in NOx emissions might also be compromised with high %CHa at high load
conditions [247]. Elevated HC and CO emissions, on the other hand, aswell asretarded
engine performance characterize high %CH, ratios at low load conditions, even if the
l[imiting COV imergross IS Yet to be met [19].

It has been found possible to tackle many of the negative aspects accompanying light
load operation of DDF engines through the use of pilot split-injection strategy. This has
been proven effective to change the combustion mode into a novel two-stage partially-
premixed dual fuel (PPDF) combustion [250]. In this mode, the diesel pilot is split into
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two injections; an early pre-injection of acomparatively small part of the pilot, followed
by alate injection of the main pilot. The pre-injection part acts as an ignition improver
in alow-temperature reaction (LTR) regime of high degree of reactivity, whilethemain
injection then initiates the high-temperature reaction (HTR) combustion throughout the
cylinder charge [87]. That is, the combustion mode change is attained in a controllable
manner through the pre-injection, and combustion initiation is accurately timed by the
main injection and not ultimately governed by the chemical kinetics (unlike DF-HCCI
combustion) [88].

For a successful application of PPDF combustion in DF engines, the pre-injection part
of the pilot should be optimized in timing and quantity. Too early injection timing must
be avoided not to cause spray impingement, while too late timings will not be effective
in changing the combustion mode. Also, large pre-injections may result in unacceptable
ROPR values, while too small injections might not be capable of producing the desired
cool flame reactions and active radicals. In the present study, the desirable change in
the pilot ignition (and subsequent combustion) mode has been achieved by employing
apilot pre-injection quantity of 20% of thetotal diesel fuel injected at 50° BTDC, while
the maininjection is kept at 10° BTDC (for 25% load at wide range of speeds).
Theresults of the comparative study between conventional DDF combustion and PPDF
mode have demonstrated that PPDF exhibits higher cylinder pressure values compared
with conventional DDF mode; at all %CH4 ratios. This has been attributed to the effect
of active radicals in promoting the combustion process [242]. The implication of that
isthe ability of the engine to produce more useful power output, should the combustion
phasing has been carefully adjusted. Also, up to 17% reduction in the maximum ROPR
has been attained with PPDF as the main combustion event begins with less amount of
diesel fuel, compared with DDF. Thisis advantageous to engine combustion noise, fuel
economy, and NOx and PM emissions [40]. PPDF combustion has a'so demonstrated
a better combustion phasing, as represented by CA50, and a better engine stability, as
represented by COV mergross, cOmpared with DDF. With PPDF, it has been possible to
have the mgjor part of the heat rel ease takes place closer to the TDC while keeping the
COV imergross @ acceptable levels (2-3%) throughout the entire range of %CHas. PPDF
istherefore believed to be avery successful strategy to maintain a stable engine running
with high methane substitution at light load condition.
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The combined influence of higher cylinder pressurewith low ROPR, faster burning rate
with better phasing, and increased stability with reduced noise produces as high as 5%
improvement in the engine brake thermal efficiency under PPDF mode; compared with
conventional DDF operation. Theimproved fuel economy means that the engine works
at lower total equivalence ratio; i.e. the lean operating limit has been extended [251].
The lower total equivalence ratio also implies areduction in the diesel fuel pilot mass;

resulting in areduction in the PM emissions.

The mass of the pre-injection part of the pilot has been found to be very influential on
PPDF combustion mode; particularly at light load operation with high level s of methane
substitution [252]. In these circumstances where the total pilot size becomes small, the
guantification of the pre-injection part asaratio of the pilot is perhaps inadequate as its
mass could be too small to cause the desired change in the combustion mode. A detailed
analysis of theinfluence of pre-injection mass on PPDF combustion has been presented
in Chapter 6. Contrasting the fixed ratio (FR) quantification of the pilot, an alternative
way has been introduced in which the pre-injection size was set as a fixed mass (FM),
while any gaseous fuel addition takes place on the account of the pilot main injection.
The optimum value of the fixed mass pre-injection has been found as 20% of the total
mass of the diesel fuel used to run the engine at the specified operating conditions under
conventional diesel operation. It has been found that FM-PPDF operation maintainsthe
high cylinder pressure values at high %CHa ratios where FR-PPDF has failed to do so;
indicating that the small pre-injection mass with the latter has potentially lost its effect
in promoting combustion. Also, the maximum ROPR with FM-PPDF has exhibited 8%
reduction compared with FR-PPDF, since the main combustion event with the former
startswith lessamount of diesel fuel. Once more, thisis beneficial to engine noiselevel,
fuel economy, and emissions [40].

Under the test cases examined, it has been found that the values of ignition delay and
duration of combustion remain unchanged with all %CHa4 levelsunder FM-PPDF mode.
This reveals that the influence of increased gaseous fuel concentration on these two
parameters could be excluded if acertain degree of charge reactivity is attained through
using asufficient per-injection mass. More intense study of this phenomenon could lead
to developing a method for an accurate control over the commencement and duration
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of combustion processin DF enginesregardless of thelevel of gaseousfuel substitution.
There has been only dlight improvement in engine stability and fuel economy with FM-
PPDF compared with FR-PPDF mode. Also, FM-PPDF isexpected to have lower levels
of CO and HC emissions owing to theincreased mixture strength with using larger pre-
injection, and less NOx emissions due to the reduced spray size of the main injection
[37, 39].

7.3 Further Work to Complement This Thesis

Thework presented in thisthesis has provided important information with regard to the
combustion and performance of methane-diesel DF engines at light load operation, and
answered some critical questions on thetopic. It could be complemented by some other
additional efforts:

7.3.1 Exhaust emissionsanalysis

While dual-fuelling of diesel engines with methane is an effective way to reduce CO»
and PM emissions, owing to thelow carbon-to-hydrogen ratio of methane and itssimple
molecular structure, NOx and HC emissions remain an issue regardless of engine load
conditions. Based on the detailed HRR analysis presented in Chapter 5, it is understood
that formation of NOx emissionslargely takes placein thefirst stage of DF combustion,
while HC emission formation dominates the second stage. NOx formation is primarily
associated with the pilot combustion zone, where the local temperatureisvery high and
thereis asufficient timefor the oxygen-nitrogen reactions to proceed [30]. Thiswill be
amalgamated with further NOx formation (to a lesser degree) from the heated mixture
zone entrained in pilot combustion and in itsimmediate vicinity; it has been established
in Chapter 5 that there is an evident entrainment of the gaseous fuel in the first stage of
combustion. Only marginal NOx formation is expected afterward from the combustion
of the overall lean mixture, while flame propagation playsalargerolein NOx formation
from richer mixtures[253]. Generaly, NOx formation in DDF engines largely depends
on both the pilot fuel size and the total equivalence ratio [19]. The relationship is very
complex where severa mechanisms do exist [37], and it needs more investigation. HC

emissions in DDF engines are predominantly composed of methane, where there are
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two major sources contribute to HC formation; combustion chamber crevices and flame
guenching [254]. It has been found that with very lean operation of DDF engines, flame
guenching is the mgor source of HC emissions, while the contribution of crevices, in
particular from the top land, as a source of HC formation, becomes more influential as
the mixture strength increases [37]. It has been found that the top land crevice remains
the major source of HC emissions as long as the combustion of the bulk gasis efficient
[254]. Inview of that, amodification to the standard piston could be made so asto attain
aless top land crevice volume, where a possible, simple yet efficient, way to achieve
that is viamachining a45° chamfer around the top edge of the piston [37].

As deliberated in Chapter 6, PPDF combustion mode is expected to provide improved
emissions characteristics relative to the conventional DDF mode; especially with large
pre-injections. The pre-injection part of the pilot will intermix with the gaseous fuel-air
mixture; increasing its strength and reactivity. The enhanced combustion process will
result in less HC emissions. Additionally, the reduced size of the main pilot injection

will reduce the size of the high-temperature zone; effectively reducing NOx emissions.

It has not been possible to perform the exhaust emissions tests during the present work,
but these are highly recommended to be part of any complementary study that follows
the lead of thisthesis.

7.3.2 Test rigdevelopment

The experimental setup used in the present work have fulfilled the aims and objectives
of this thesis to a high degree of completion. However, some suggestions for a further
development of thetest rig are highlighted herein below:

e Thediesd fuel system was not equipped with aliquid fuel flow meter. The quantity
of fuel used at any particular test case has been identified to be equal to the demand
value, set by the user, as processed by the ECU. Thishasbeen considered acceptable
given the fact that the original OEM fuel calibration maps have been kept without
any change, while the engine has been calibrated by the supplier before the project
commenced. The fuel chemical energy was also compared to the cumulative value
of the heat release, and the results were comparabl e (taking into account the crevices

loss and combustion inefficiency). Repeatability tests were done at regular intervals
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during the work to ensure that there was no drift. While this has been sufficient, a
highly recommended upgrade of the test rig is the inclusion of a liquid fuel flow
meter to measure the actual flow rate independently of the ECU and engine original
calibration. Thiswill also allow for afull control over the fuel injection parameters
regardless of the fuelling quantity; providing an extra degree of freedom.

e Thegaseousfuel system comprised two manually-controlled pressure regulators, to
bring down the gaseous fuel pressure from the supply bottle pressure to theinjectors
working pressure. The use of manual regul ator meansthat the gaseousfuel injection
pressure would be the same regardless of theintake manifold pressure. Whereas the
level of boost noticeably changes with the operating condition owing to the use of
VGT turbocharger, fixing the injection pressure while the intake manifold pressure
change means that the effective injection pressure will not be constant. In view of
that, it is suggested to use an automatic pressure regulator to maintain the gaseous
fuel injection pressure at a certain level above the intake manifold pressure. This
will facilitate the study of the influence of gaseous fuel manifold injection pressure
on charge stratification if the timing is optimized, as discussed in Chapter 2.

e |If the exhaust emissions analysisis to be done, the phenomenon of “methane-dlip”
would be at the core of thisinvestigation. Asdiscussed in Section 7.3.1, thetop land
crevices are the main source of HC emissions, and henceit is recommended to have
aspecia set of engine pistons machined with a45° chamfer around the top edge of
the piston, to evaluate the effectiveness of thistechniquein reducing HC emissions.

e Asdiscussed in Section 7.4.2, aprospective topic of future research isthe influence
of injector tip temperature on the phenomenon of nozzle hole coking. If thisisto be
investigated, a special set of injectors has to be manufactured, such that they allow
for the inclusion of a Type-K thermocouple as close as possible to the injector tip.
Another set of injectors manufactured as above is aso required to be fitted with a
copper sleeve enclosing the tip as a measure of cooling, so the influence of nozzle
tip temperature could be assessed.

182



7 DISCUSSION AND CONCLUSIONS

7.4 Suggestionsfor Future Research

7.4.1 Improving light load operation

The main focus of the present work has been the light load operation of DF engines,

where the weak mixture strength and the associated slow flame propagation bring about

several problems to engine combustion, performance, and emissions. In this study, the

use of pilot split-injection strategy has been proven successful inimproving DF engine

operation under these conditions. Some other remedial measures could al so be proposed

for future investigation:

Increasing the overal fuel reactivity. Thiswill yield improved combustion initiation
and development [240]. There are three approaches to apply this concept; the most
classical oneis the use of alarger amount of the high reactivity fuel; i.e. the pilot.
The use of relatively larger pilot fuel sizes with optimum injection parameters; i.e.
lower injection pressure (to avoid spray wall-impingement) and advanced injection
timing (to provide longer mixing period) is considered remedial [255]. Larger pilot
size can offer higher ignition energy and shorter ignition delay, while the larger
diffusivity of the higher-hydrocarbon vapor throughout the weak gaseous fuel-air
mixture provides better oxidation process and enhanced flame propagation [239].
Increasing the pilot size has been proven more effective in reducing the incomplete
combustion products than the increase of gaseous fuel-air mixture strength [228],
but possibly on the expense of NOx emissions. Another way to increase the overall
fuel reactivity isthe addition of asmall amount (lessthan 1% vol.) of cetane number
(CN) improver to the diesel fuel pilot. This has been found a very effective way to
increase the fuel reactivity and reduce the ignition delay [256], hence overcoming
the slow burning rate of the weak gaseous fuel-air mixture. The use of CN improver
has been proven effective in increasing the cylinder pressure and fuel economy
while reducing CO and HC emissions; with no significant effect on NOx emissions
[257]. Finally, the use of alternative high-cetane pilot fuels al so resultsin improved
fuel reactivity, and it could yield improved engine combustion and emissions [258].
Neverthel ess, this approach could have someimplications over the engine hardware
and FIE, as discussed in Chapter 3.
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Intake charge preheating. While only aslight increasein thetemperatureisrequired,
this could be done through the use of a simple gas-to-gas heat exchanger with the
exhaust, or aliquid-to-gas heat exchanger with the water jacket. The increased inlet
temperature brings about higher mixture temperature at the end of the compression
stroke and during the pilot injection period; enhancing the flame propagation and
reducing the HC emissions [37]. The increased temperature reduces the minimum
ignition energy from one side [25], while it widens the flammability limits from the
other side [259]; meaning that the mixture becomes more capable of maintaining a
sustainable flame at the same equivalence ratio. However, excessive increase of the
inlet temperature increases the tendency to knock and pre-ignition [253].

Partial reduction of the amount of the intake air supplied to the engine, to produce
an effectively richer mixture. Thiscan beimplemented either by applying aphysical
restriction to theintakeair flow; i.e. the use of throttling, or by reducing the effective
mass of air charge through using alarge amount of external EGR, or by trapping a
large amount of combustion products inside the engine cylinder through the use of
large negative valve overlap. The use of throttling is a simple procedure that needs
a dight modification to the intake system so asto restrict only the air flow (before
the induction/injection of the gaseous fuel. This approach has been proven effective
in improving combustion process, reducing HC and CO emissions, and providing a
better specific energy consumption [260]. The downsides of this procedure are the
increased pumping losses and the possibility of undermining pilot ignition process
if thethrottling was excessive; unless an accurate lambda-control, similar to the one
used with modern Sl engines, is used [37]. Using alarge amount of EGR, instead,
isapotent strategy to approach near stoichiometric conditionswhile minimizing the
throttling loss. It is also very beneficia in reducing NOx emissions while enabling
avery cost-effective aftertreatment system using three-way-catalysts [261]. While
the EGR tolerance in Cl enginesis much large compared with Sl engines dueto the
strong ignition source, the use of high EGR levels might cause adeterioration in the
combustion process, dueto the large dilution of the charge. This could be mitigated
by the use of asuitable auxiliary fuel as an additive, such as hydrogen, as discussed
in Chapter 3. The use of internal EGR through employing a negative valve overlap
(NVO) isalso an effective way of increasing the effective mixture strength without
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large pumping loss [262]. The increased temperature promotes the combustion and
partial oxidation of methane and largely reduces HC emissions [263]. However, the
variable valvetiming (VVT) techniqueis yet to make its way into production diesel
engines, which could limit the application of this strategy in DDF engines.

e Theimplementation of cylinder deactivation (CDA) in multi-cylinder engines. This
technique has been established as an effective way to provide a better fuel economy
and reduced emissionsin throttled engines due to the reduced pumping loss and the
lower heat transfer [264]. It could be accomplished either through fuel cut-off to the
particular cylinder, or valves cut-off (keeping the intake and exhaust valves of the
particular cylinder closed) [265]. Theformer approach isused with DF engineswith
HPDI of the gaseous fuel, while the second is used with gas port-injection engines.
Thistechnique in its ultimate form is referred to as dynamic skip fire (DSF), and it
could vary the firings and skips continuously with the load demand [266]. The use
of this technique at light loads mean that the engine cylinders other than the
deactivated one operate with effectively richer gaseous fuel-air mixture, as the tota
amount of fuel isdistributed over aless number of cylinders. Theincreased mixture
strength results in improved engine combustion and emissions. DSF technique has
the capacity to improve noise, vibration, and harshness (NVH) levels [267], but it
requires avery accurate control of the operating variables; adding more complexity
to the system.

e Theattainment of aproper degree of stratification between the gaseous fuel and the
air inside the engine cylinder. As discussed in Chapter 3, this could be achieved by
keeping the gaseous fuel supply separated from the air until very close to the intake
valve; especially usinginjection rather than induction [93]. Thiscould improvelight
load operation as the formation of astratified rich mixture in the vicinity of the pilot
injection results in amore satiable flame that could propagate further through much
of the remaining leaner mixture. The use of HPDI of gaseous fuel inside the engine
cylinder has been proven much effective in achieving a stratified combustion with
very lean burn capability [247]. Y et again, this system is complex is expensive, and
it potentially reduces the degree of fuel flexibility compared with conventional DDF
engines with manifold injection [37].
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e Exhaust gasfuel reforming. In thistechnique, part of thefuel iscatalytically reacted
with hot engine exhaust gasto produce a hydrogen-rich combustible gasthat isthen
fed to the engine [268]. The presence of a small amount of Hz is proven effective at
increasing the reactivity of the gaseous fuel and accelerating the combustion rates
[81]. The application of exhaust gas reforming in diesel and homogeneous charge
compression ignition (HCCI) enginesimproves the fuel economy and reduces NOx
levels[269]. Thistechnique has the advantage of producing the high-octane fuel on
board with no need to include additional fuelling system [270]. One recent study
[271] on the use of exhaust gas fuel reforming with biogas-diesel dual-fuel engines
demonstrated the effectiveness of thistechnique in improving the fuel economy and
reducing CO and HC emissions, relative to the DF operation without reforming
[271]. Researches on the use of exhaust fuel reforming to improve methane-diesel
dual-fuel engine light load operation where the conditions are not favourable for an
efficient gaseous fuel oxidation are in need for further effort.

7.4.2 Limitations on methane substitution at high loads

The present work has examined the various limitations on maximum possible methane
substitution for diesel fuel at light loads. Limitations under high loads are expected to
result from totally different reasons than those encountered at light loads. These could
be proposed for a future study.

With recent development in FIES, nozzle hole diameter of modern diesel fuel injectors
has become smaller. Whilethisisbeneficial to spray characteristics, it meansthe nozzle
becomes more susceptible to the formation of deposits within and around itsholes. This
phenomenon, known as “nozzle coking”, results in spray deterioration and flow loss as
aresult of thereduction in the hydraulic diameter [272]. In view of that, the lower-than-
demanded injection quantity brings about power loss, increased emissions, and even
misfire. The case is aggravated at low injection pressures as the reduced shear forces
and cavitation in the nozzle holes limit the process of deposit removal [272]. Injector
nozzle cokingisacritical issue potentially facing DDF engines under medium and high
load operation with large methane substitution (i.e. small diesel fuel pilot). Under these
conditions, the injection pressureis low, and the amount of diesel fuel flowing through

the nozzleis considerably small that it could not be sufficient enough to cool down the
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nozzletip. High nozzle tip temperature is very influential on deposit formation through
the thermal condensation and cracking reactions [273]. It has been found that a nozzle
tip temperatures exceeding 300° C may produce substantial coking [274]. This could
imply arestriction on the maximum possible methane substitution at high power levels
where a certain amount of diesel fuel would be required to cool down the nozzle below
the limiting temperature. Thisvalue fundamentally varies with the fuel composition and
the nozzle hole geometry, and it has to be assessed for the particular test setup.

One possible way to cool down the nozzle tip, thereby extending the substitution ratio
range, without imposing a limitation on the engine operation, is through encapsulating
the nozzle tip with copper sleeve [275]. Thiswill increase the thermal conductivity and
enhance the heat transfer through thetip to the rest of theinjector and the cylinder head;
eventually to the water jacket.

The studies with regard to the role of nozzle tip temperature and the risk of coking on
setting alimit on the maximum methane substitution for diesel fuel in DDF engines are

very limited. Thistopic is therefore suggested to supplement the present contribution.

Another limitation of substitution ratio at high load conditions is due to the incidence
of knock. This has been deliberated lengthy in the literature, as discussed in Chapter 2.
It could be, however, anintegral part of any future work considering high load operation
of DDF engines.
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75 Conclusions

This study has considered the combustion process of a methane-diesel dual-fuel engine
under light load operating conditions, and how heat release characteristics and engine
stability depend on the ratio of the two fuels and the pilot injection strategy. The main

conclusions of thisthesis are:

7.5.1 Dual-fue operation at light load

e Fuel conversion process under dual-fuel operation takes place over two main stages,
where the dominant combustion mechanism in each stageis dictated by the relative
quantities of thetwo fuels. Only the mixtures with methane equivalence ratio (¢cHa)
greater than 0.35 are capable of sustaining flame-propagation.

e Pilot combustion dominates in weaker mixtures (¢cHs below 0.3). The mechanism
changesto an RCCI-like combustion in diesel vapor-methane-air mixtureif the pilot
mass is small enough to evaporate and locally intermix in the charge.

e Thelimits of FIE on theinjection quantity dictate the minimum pilot fuel size used
under dual-fuel operation. Thisvalueis 0.8 mg/stroke for the test engine used.

e The maximum possible methane substitution under fully-warm near-idle low-load
operating condition is 95%. The value of COV mergross &t this condition exceeds 8%,
and the engine becomes on the verge of uncontrollable running.

e For aconstant power level (speed and load), engine stability deteriorates as the gas
substitution ratio increases. Increasing diesel pilot injected mass alows for the use
of alarger amount of gaseous fuel without exceeding the engine stability criterion
(COV mEPgross ~ 5%).

e Dual-fuel operation at light load conditions exhibits poor fuel economy, especially
with high substitution ratio of gaseous fuel. The use of sufficiently large pilot size
isaremedia measure, although the brake thermal efficiency remainsinferior to that
under 100% diesel operation.
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7.5.2 Pilot injection strategy

e Pilot injection strategy dictates the combustion mode under DF operation. Splitting
the pilot into a small pre-injection (~20% of the total diesel fuel used) followed by
the main injection could change the combustion mode from the conventional diesel
dual fuel (DDF) combustion into the two-stage partially premixed dual fuel (PPDF)
combustion, depending on the injection timing.

e Thepilot maininjection should beinjected closeto the TDC for best fuel economy.
The pre-injection timing should be in the range between 80° and 40° BTDC. Later
pre-injection timings lead to the incidence of a single-stage diesel combustion.

e At the same operating conditions (speed, load, and gaseous fuel substitution ratio),
PPDF combustion mode provides ~17% reduction in the maximum ROPR and ~5%
increase in the brake thermal efficiency relative to conventional DDF combustion,
while maintain the engine stability at acceptable levels (COV mepgross ~ 2-3%).

e Thetotal equivaence ratio with PPDF combustion isless than that with DDF at the
same power levels, meaning the engine lean operating limit can be extended.

e Themassof the pre-injection hasto be kept at acertainlevel not to loseits capability
of changing the combustion mode. Thisvalue is 3.2 mg/stroke in the present work.

e The commencement and duration of the main combustion event in PPDF mode are

more influenced by the pre-injection mass than by the gas substitution ratio.
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APPENDICES

Appendix A: Combustion Characteristics of DP-Enginevs. CR-Engines

In this appendix, heat rel ease data and key combustion characteristics are compared for
DP-Engine and CR-Engine at different engine speeds, loads, and injection timings. The
effect of each of these parameters on the combustion processis discussed in the context

of comparing the two different FIES; the mechanical injection vs. the common rail, to

help visualizing how this variation could alter engine combustion.

e Effect of engine speed

Figure A.1 showsthe net HRR profiles at three different speeds of 1500, 2000 and 2500
rpm at 3 bar BMEP and 12° BTDC with no EGR, for the DP-Engine and the CR-Engine.

Net HRR (J/CAD)
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FigureA.l Net HRR profile at different engine speeds; 1500, 2000 and 2500 rpm, at 3 bar

BMEP and injection timing of 12° BTDC; for both DP-Engine and CR-Engine.
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It can be seen that for both engines, the increase in the engine speed at constant 1oad
resultsin an increase in theignition delay in crank angle degrees[276]. When measured
in milliseconds, the ignition delay decreases with the increase of the engine speed, as
illustrated in Fig. A.2. Thisisattributed to the increased degree of turbulenceinside the
cylinder as the speed increases, which improves the fuel/air mixing process, shortening
the delay period. Also, the increased speed reduces the heat loss during the late stages
of the compression stroke as noticed in Fig. A.1, raising the temperatures and pressures
inside the cylinder, which improve fuel atomization and vaporization [39]. CR-Engine
exhibits shorter ignition delay periods compared with the DP-Engine at all speeds; as
demonstrated by Fig. A2. Thisis dueto the high fuel injection pressure levels with the
CR system asshownin Fig. A.3. Whilemechanical injection FIE exhibitsalittle change
in injection pressure with engine speed, CR system involves an increased rail pressure
as the fuelling quantity increases, as per the Original Equipment Manufacturer (OEM)
fuel calibration map. Higher fuel injection pressure provides better fuel atomization and

jet penetration; reducing the ignition delay [39].

Variation of Ignition Delay with Fuel Injection Pressure at Different
Engine Speed Engine Speeds
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Figure A.2 Variation of ignition delay with Figure A.3 Fuel injection pressureat different
engine speed, at constant load of 3bar BMEP engine speeds. Data @ 3 bar BMEP load and
and fixed injection timing of 12° BTDC; for 12°BTDC injection timing; for DP-Engine and
DP-Engine and CR-Engine. CR-Engine.

In addition, the variable geometry turbine (VGT) turbocharger of the CR-Engine used
in the present work generates higher boost levels, compared with the fixed geometry
waste-gated turbocharger mounted on the DP-Engine [277]. Thisis shown by Fig. A.4
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where the high boost levels and the associated turbulence created inside the cylinder
enhances fuel-air mixing rates and contributes to the reduction in ignition delay [278].
The reduced ignition delay means less premixed combustion, as clearly evident in Fig.
A.1l. That is, MCC phase dominates over the PM C phase as the engine speed increases,
where the premixed fraction of the DP-Engine decreases from = 54% at 1500 rpm to =
35% at 2000 rpm and further to =~ 25% at 2500 rpm. The corresponding values with the
CR-Engine are less; owing to the inherent reduction in the ignition delay at all speeds.
Figure A.5 shows the premixed burn fraction, as estimated from the cumulative net HR
profiles, for both engines. The less premixed fraction and lower heat release rate peak
with CR-Engine are expected to generate less NOx emissions [279]. One earlier study
on a HPCR engine of the same series (Ford Puma) concluded a profound correlation
(direct proportionality) between the cumulative net heat release in the first 15 degrees
of combustion and the level of NOx produced [224].

Variation of Boost Pressure with Premixed Burn Fraction at Different
Engine Speed Engine Speeds
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Figure A.4 Variation of boost pressurewith Figure A.5 Variation of premixed burn fraction
enginespeed, at constant load of 3 bar BMEP with engine speed, at 3 bar BMEP and 12° BTDC
and fixed injection timing of 12° BTDC; for inj timing; for DP-Engineand CR-Engine. Values
DP-Engine and CR-Engine. estimated from cumulative net HR profiles.

Asfar asthe duration of combustion (DOC) isconsidered, it wasfound that the absolute
value of DOC (in milliseconds; not in CAD) reduces as the engine speed is increased.
This could be attributed to the increased degree of turbulenceinside the engine cylinder
as the engine speed increases; where higher boost levels and improved mixing promote
the combustion process. Figure A.6 shows the variation of DOC with engine speed, for
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both engines. Interestingly, it can be seen that the CR-Engine experiences longer DOC
than the DP-Engine at al engine speeds, despite having higher boost levels. This may
suggest that the CR-Engine has a medium swirl, bowl-in-piston combustion system,
compared with the DP-Engine that enjoys high swirl and deep bowl-in-piston [39]. The
lower compression ratio of the CR-Engine (15.7) compared with the DP-Engine (18.4)
satisfiesthis combustion system classification [39]. The burning rate therefore becomes
slower with the more quiescent system in the CR-Engine, and hence the DOC el ongates.
The slower burning rate along with the reduced PMC and increased MCC mean that
the center of heat release (COHR), or the CA50, with the CR-Engine is attained further
away from the TDC; relative to that with DP-Engine. Thisis consistent throughout the
entire range of speedsinvestigated, as demonstrated by Fig. A.7. The retardation of the
COHR away from the TDC down in the expansion stroke is expected to increase both

CO and HC emissions in some measure, owing to cylinder temperature decline [279].

Variation of Duration of Combustion Variation of COHR (CA50) with
with Engine Speed Engine Speed
4 - 367 - 366.15
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o <
§ © 360.99
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359
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Figure A.6 Variation of DOC with engine Figure A.7 Variation of COHR (CAB0) with
speed, at constant load of 3 bar BMEP and engine speed, at constant load of 3 bar BMEP
fixed injection timing of 12° BTDC; for DP- and fixed injection timing of 12° BTDC; for
Engine and CR-Engine. DP-Engine and CR-Engine.

For both engines, the percentage of net HR to the total energy supplied increases asthe
engine speed increases, owing to the reduced heat lossto the wall [280]. The improved
fuel conversionisreflected as abetter grossindicated specific fuel consumption (ISFC)
as the speed increases; as shown in Fig. A.8. The figure aso demonstrates that the CR-

Engine exhibits lower gross ISFC values compared with the DP-Engine; where thisis
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attributed to the higher in-cylinder pressure values over the compression and expansion
strokes owing to higher boost levels. On the other hand, brake thermal efficiency (BTE)
decreases for both engines as the engine speed increase as shown by Fig. A.9, where
thisisattributed to the increased friction as the speed increases, which reduces the brake
power output. The CR-Engine sufferslower BTE values at these conditions asit works
only at =15% of its rated power, while these conditions correspond to ~30% of the DP-

rated power; according to the characteristic maps of the two engines.

Gross ISFC at Different Speeds Brake Thermal Efficiency at Different
Speeds

= 0.2 1 DP-Engine 32
g B CR-Engine % 29.6 DP-Engine
% 0.18 4 0.173 & 29 | g 279 B CR-Engine
é §jo-165  0.166 3 \ 27.1
£ 016 - % 0.154 0'16 E | § 262
o \ % 0.146 g 26 \ 249 248
e\ \~EEEa \
63_’ 0.14 - § % % 23 | § §

0.12 - § k\\ ® 20 d § s\\\

1500 2000 2500 1500 2000 2500
Engine Speed (rpm) Engine Speed (rpm)

Figure A.8 Gross|SFC at different engine Figure A.9 Brakethermal efficiency at different
speeds, constant load of 3 bar BMEP and engine speeds, constant load of 3 bar BMEP and
fixed injection timing of 12° BTDC; for DP- fixed injection timing of 12°BTDC; for DP-Engine
Engine and CR-Engine. and CR-Engine.

o Effect of engineload

Figure A.10 showsthe net HRR profiles at three different loads of 3, 6, and 8 bar BMEP
at 1500 rpm and injection timing of 12° BTDC, for the DP-Engine and the CR-Engine.
It could be seen that for both engines, ignition delay period decreases as the engine load
increases. Thisreflects the influence of engineload change on the conditionsinside the
cylinder prior to injection. For one thing, as the engine load increases, the residual gas
temperature, and thewall temperature increase; resulting in ahigher charge temperature
(and pressure, to alesser extent), and hence ignition delay is reduced [39]. In addition,
the turbocharging boost level increases as the load isincreased; and consequently, inlet
temperature and pressure increase; shortening the ignition delay.
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Net HRR at Different Engine Loads
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FigureA.10 Net HRR profile at different engineloads; 3, 6 and 8 bar BMEP, at 1500 rpm
and injection timing of 12° BTDC; for both DP-Engine and CR-Engine.

Figure A.11 shows the effect of engineload on ignition delay for both engines. It could
be seen that the CR-Engine always exhibits shorter ignition delay periods compared
with the DP-Engine; at all load conditions. Thisis attributed to the higher fuel injection
pressure with the CR system which improves fuel atomization, and aso to the higher
boost levels with the VGT turbocharger used that provide better mixing [39]. Figure
A.12 presents the values of fuel injection pressure for both engines at different load
conditions, while Fig. A.13 illustrates the corresponding boost pressure levels. For both
engines, the shortened ignition delay and the elevated boost levels as the load increases
reduce the PMC phase; from the one hand [39]. At the same time, the MCC phase itself
increases since larger amount of fuel is used to attain high load conditions; where the
shorter ignition delay resultsin the maority of the fuel to be burned in the MCC phase.
As a result, the premixed fraction of the DP-Engine decreases from =~ 54% at 3 bar
BMEP to = 22% at 6 bar BMEP and further to = 17% at 8 bar BMEP. Once again, the
corresponding values with CR-Engine are less as it experiences shorter ignition delay
a al loads. Figure A.14 illustrates the premixed burn fraction, as estimated from the

cumulative net HR profiles.
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Variation of Ignition Delay with
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FigureA.11 Variation of ignition delay with
engineload, at 1500 r pm and injection timing
of 12°BTDC,; for DP-Engineand CR-Engine.

FigureA.12 Fuel injection pressureat different
engine loads. Data @ 1500 rpm and 12° BTDC
injection timing; for DP-Engineand CR-Engine.
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FigureA.13 Variation of boost pressurewith
engine load, at constant speed of 1500 rpm
and fixed injection timing of 12° BTDC; for
DP-Engine and CR-Engine.

FigureA.14 Variation of thepremixed burn
fraction with engine load, at constant speed
of 1500 rpm and fixed injection timing of 12°
BTDC; for DP-Engine and CR-Engine.

Duration of combustion (DOC) for both engines elongates with the increase of engine

load; understandably due to the use of larger amount of diesel fuel that requires more

time to be consumed. Figure A.15 presents the variation of DOC with engine load; for

both engines. It could aso be seen from the figure that the CR-Engine exhibits longer
DOC than the DP-Engine at al loads. As discussed earlier, this could suggest that the

CR-Engine has a more quiescent system compared with the DP-Engine.
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The slow burning rates are more visible in the late stages of combustion, as noticed in
Fig. A.10. However, the figure also shows that the second peak that present the MCC
combustion tends to drop in faster rates with the CR-Engine as the load isincreased. A
possible explanation for this could be a local improvement in the burning rate at this
stage due to the increased pressure and temperature inside the engine cylinder as the
load increases. As aresult, the centre of heat release (COHR), or the CA50, with the
CR-Engine is attained after that with DP-Engine only at low load (3 bar BMEP). The
caseisrevered at 8 bar BMEP, while both engines exhibit almost the same position of
the CA50 at 6 bar BMEP. Figure A.16 shows the variation of the CA50 position with

engine load, for both engines.
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Figure A.15 Variation of DOC with engine FigureA.16 Variation of COHR (CA50) with
loads, at constant speed of 1500 rpm and fixed engine loads, at constant speed of 1500 rpm
injection timing of 12° BTDC; for DP-Engine and fixed injection timing of 12° BTDC; for
and CR-Engine. DP-Engine and CR-Engine.

Astheload increases, the in-cylinder temperature increases and hence the heat transfer
tothewall increases. Accordingly, the percentage of net HR to thetotal energy supplied
to the engine decreases. The deterioration of fuel conversion into useful heat isreflected
asan increased level of grossindicated specific fuel consumption (I1SFC); asillustrated
in Fig. A.17. The lower values of gross ISFC with the CR-Engine compared with the
DP-Engine are attributed to the higher in-cylinder pressure values over the compression
and expansion strokes owing to higher boost levels. Nevertheless, the reduced friction
losses astheload isincreased resultsin an improvement in the brake thermal efficiency
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(BTE) [39] asillustrated by Fig. A.18. Thefigure also showsthat the CR-Engine suffers
lower values of BTE at the points investigated compared with the DP-Engine, as these
points lie outside the high-performance region of its characteristic map. While the loads
of 3, 6, and 8 bar BMEP at 1500 rpm stand for = 30%, 60%, and 80% of the DP-Engine
rated power at that speed, they only present ~ 15%, 30%, and 40% of the CR-Engine

rated power. Accordingly, higher BSFC values, or lower BTE values, are encountered.

Gross ISFC at Different Loads Brake Thermal Efficiency at Different
Loads
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FigureA.17 Gross|SFC at different engine Figure A.18 Brake thermal efficiency at
engine loads, at constant speed of 1500 rpm different engineloads, at constant speed of
and fixed injection timing of 12° BTDC; for 1500 rpm and fixed injection timing of 12°
DP-Engine and CR-Engine. BTDC; for DP-Engine and CR-Engine.

e Effect of injection timing

Figure A.19 shows the net HRR profiles at three different injection timings of 20°, 12°,
and 4° BTDC, at 1500 rpm and 3 bar BMEP with no EGR, for the DP-Engine and the
CR-Engine. It could be seen that for both engines, the variation of injection timing has
a remarkable effect, not only on the SOC but also on the heat release profile and
combustion phasing. With advanced injection timing (20°BTDC), ignition delay period
increases as the temperature and pressure at the SOI are still comparatively low. As a
consequence of the prolonged ignition delay, most of the fuel isinjected beforeignition
occurs, which resultsin very rapid burning rates once the combustion commences. This
is demonstrated by the high spike of the PMC phase, with high rates of pressure rise
and high peak pressure values [39].
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Net HRR at Different Injection Timing
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FigureA.19 Net HRR profile at different injection timings; 20°, 12° and 4° BTDC, at 1500
rpm and load of 3 bar BM EP; for both DP-Engine and CR-Engine.

The combustion at these conditions is therefore predominantly premixed; with a
premixed fraction exceeds 70% for the DP-Engine. With the retarded injection timing
(4° BTDC), in contrast, ignition delay is shortened asthe fuel isinjected during the high
temperature and pressure near the end on the compression stroke. Asaresult, asmaller
amount of fuel is injected before the combustion commences; and hence PMC spike
becomes|ower and the burning rateis slower. The premixed fraction at these conditions
goes down below 50%, for the DP-Engine. As shown in Fig. A.20, the corresponding
values with the CR-Engine are less, since it experiences a shorter ignition delay at all
injection timings. Figure A.21 shows the variation of the ignition delay with injection
timing for both engines. Once again, the shorter ignition delay with the CR-Engineis
attributed to the higher fuel injection pressure and el evated boost level s, compared with
the DP-Engine, asillustrated by Figs. A.22 and A.23, respectively. For the same power
levels (speed-load), the change in injection timing does not influence injection pressure

or boost level.
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Variation of Ignition Delay with
Injection Timing

Premixed Burn Fraction at Different
Injection Timings
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Figure A.20 Variation of the premixed burn
fraction with injection timing, at 1500 rpm and
3 bar BMEP; for DP-Engine and CR-Engine.

Figure A.21 Variation of ignition delay with
injection timing, at 1500 rpm and 3 bar BM EP;
for DP-Engine and CR-Engine.

Fuel Injection Pressure at Different Boost Pressure at Different
Injection Timings Injection Timings
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FigureA.22 Fuel injection pressureat constant
speed of 1500 rpm and load of 3 bar BM EP; for
DP-Engine and CR-Engine.

Figure A.23 Boost pressureat constant speed
of 1500 rpm and load of 3 bar BM EP; for DP-
Engine and CR-Engine.

The developed high pressure and temperature with the advanced injection timing bring
about an increase in the heat transfer to the wall; reducing the percentage of the net HR
to the total energy supplied to the engine. On the other hand, retarded injection timing
results in lower pressure and temperature, and hence the heat transfer to the cylinder
wall is reduced. In view of that, indicated specific fuel consumption (ISFC) for both

engines increases with advanced injection timing and decreases with retarded injection
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timing, asshowninFig. A.24. Thereduced ISFC values with the CR-Engine, compared
with the DP-Engine are attributed to the higher grossindicated work owing to the higher
cylinder pressure value.

Also, the advanced injection timing means the mgjority of fuel is burned and the peak
in-cylinder pressure is attained before the TDC. Accordingly, a considerable portion of
the power devel oped iswasted during the compression stroke; reducing the useful brake
power output (and brake thermal efficiency; in consequence). Y et, theretarded injection
timing and the associated late SOC after the TDC results in having the earlier stage of
expansion stroke spent at just about motoring pressure. This diminishesthe useful brake
power and thermal efficiency. AsshowninFig. A.25, optimized engine performanceis
attained at normal injection timing; where the combustion process is completed in the
appropriate crank angle interval close to the TDC [39]. It could aso be seen that the
CR-Engine experiences lower brake thermal efficiency (BTE) values, compared with
the DP-Engine; at all injection timings. Thisis because the power level (speed and |oad)
at these conditions present only ~15% of the CR-Engine rated power; contrasting ~30%
of the DP-Engine rated power. This means higher friction losses and less useful power,
and hence retarded BTE values [39].

Gross ISFC at Different Brake Thermal Efficiency at Different
Injection Timings Injection Timings
0.19 - 35 -
= 0.184 DP-Engine 3 DP-Engine
= o < e
% 0.18 - W CR-Engine g 32 B CR-Engine
b 2
2 =]
T &
£ 017 - w29 -
(5]
8 o016 - £ 26 -
© S
o
0.15 - @ 23 -
Injection Timing (° BTDC) Injection Timing (° BTDC)
FigureA.24 Gross|SFC at different injection Figure A.25 Brakethermal efficiency (BTE)
timings, at 1500 rpm and 3 bar BMEP; for DP- at different injection timings, at 1500 rpm and
Engine and CR-Engine. 3 bar BMEP; for DP-Engine and CR-Engine.

223




APPENDICES

The developed high pressure and temperature with the advanced injection timing (20°
BTDC) aso brings about shorter duration of combustion (DOC); compared with normal
(12°BTDC) and retarded (8°BDTC) injection timings. This applies to both engines; as
demonstrated by Fig. A.26. It could also be seen that the CR-Engine always exhibits
longer DOC; at all injection timings. Again; this could suggest it has a more quiescent
system compared with the DP-Engine. The effect is more voluminous at the retarded
injection timing asit is characterized with larger, slow, MCC combustion; as evident in
Fig. A.19. Figure A.27 present the positions of the center of heat release (COHR), or
the CAB0, at different injection timings; for both engines. Although the CR-Engine has
an earlier SOC, the increased MCC on the account of PMC counterparts the reduction
inignition delay. CA50 position with the CR-Engineistherefore attained after that with
the DP-Engine; at all injection timings. The difference increases as the injection timing
is retarded; owing to the increased MCC with the CR-Engine. This could be observed
from the HRR curvesin Fig. A.19, and also inferred from Fig. A.20.

Variation of Duration of Combustion Variation of COHR (CA50) with
with Injection Timing Injection Timing
E > ) 374 370.99
§ DP-Eng.lne B CR-Engine E
% 4 -| | ™ CR-Engine 3.616 L 368 - DP-Engine E\
=t 5 368.82
.% 3 2.808 ; 362 4 360.99
2 < é\
[ (S}
-g 2 356 1 352.05 359.58
f=
2 —— 351.20
g 1 350
a 20 12 4 20 12 4
Injection Timing (° BTDC) Injection Timing (° BTDC)
Figure A.26 Variation of DOC with injection Figure A.27 Variation of COHR (CA50) with
timing, at 1500 rpm and 3 bar BM EP; for DP- injection timing, at 1500 rpm and 3 bar BMEP;
Engine and CR-Engine. for DP-Engine and CR-Engine.
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Conclusions

In this appendix, the influence of fuel injection equipment (FIE) type on combustion

and HR characteristics of Cl engines has been investigated. The tests were performed

using two engines; one has a mechanical injection distributor pump (DP) and the other

has a high-pressure common rail (CR). The key conclusions of the comparison between

the two engines are:

At any given test condition, the CR-Engine always exhibits shorter ignition delay
than the DP-Engine. Thisis attributed to the higher fuel injection pressure with the
CR system which improves the fuel atomization, and also to the higher boost levels
with the VGT turbocharger used that provide a better mixing.

Reduced ignition delay with the CR-Engine resultsin less premixed combustion in
which the MCC phase dominates over the PMC phase; at al test cases investigated.
The average reduction in the premixed faction is ~40%.

The CR-Engine aways exhibits alonger duration of combustion (DOC), compared
with the DP-Engine at any given test condition, despite having higher boost levels.
This suggests that the CR-Engine has a more quiescent system compared with the
DP-Engine. The lower compression ratio of the CR-Engine (15.7) compared with
the DP-Engine (18.4) satisfies this classification.

The center of heat rel ease (CA50) with the CR-Engineis attained further away from
the TDC; relative to that with DP-Engine. This is attributed to the slower burning
rate and increased MCC on the account of PMC. This s consistent throughout the
entire range of results, except at high load conditions where the high pressure and

temperature notably improve the burning rate of the MCC phase.
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Appendix B: Analysis of Engine Performance Parameters

Understanding of the relationships between different performance parameters of ICEs
is the key factor for guiding the research and development in that field; with regard to
engine design and technology as well asthe use of alternative fuels. Steady-state engine
performance is governed by a set of equations; derived from the principles [39]. The
engine brake thermal efficiency () is defined as the shaft output power (W) divided
by the rate of the energy supplied to the engine through the combustion of fuel:

. w
Men = myLHV

(B.1)

where (mf) and (LHVi) are the fuel’s mass flow rate and lower heating value;
respectively.

Incorporating the fuel-to-air ratio (FARR®), which represents the actual fuel mass flow
rate (rr) to the air mass flow rate (r1a) used, the engine power output may be expressed

as
W = n,,.mg. FAR®". LHV; (B.2)

For the purpose of comparison between different fuels as well as different mixture
composition conditions, it becomes more representative to express the actual FAR in
terms of the equivalence ratio (¢) and stoichiometric FAR. Hence, from the definition

of the equivalenceratio:

FARact
¢ = FARStoic (B3)

where (FARY®) is the actual and stoichiometric fuel-to-air ratio; the engine power

output may be expressed as.

W = n,,.m,. ¢. FARS™ LHV, (B.4)
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To take into account engine design effectiveness, intake system performance, and inlet
air conditions, air mass flow may be expressed in terms of volumetric efficiency, where
the latter stands for the ratio of the actual air pumped into the intake system to the
maximum possible mass flow rate of air that the engine geometry would allow:

_ Mg
n, = pgVak.N

(B.5)

where (ps) is ar density at the engine inlet, (Vg) is the engine displacement, (k) is the
number of suction strokes per engine revolution (that is; k=1/2 for four-stroke engine),
and (N) is the engine rotational speed. Substituting Equation (B.5) in Equation (B.4);
yields:

W =mn,.(n,.p,Vak N).§.FARS LHV; (B.6)

This series of basic equations highlights the importance to engine performance of the
several encountered parameters, each of which is discussed briefly herein below in the
context of its relationships with some others; where this guides the vast mgjority of
engine research work for optimized performance and exhaust emissions.

The maximum possible theoretical thermal efficiency of a particular engineis function
of its compression ratio; that is, fuel conversion efficiency improves with the increase
of compression ratio [39]. Neverthel ess, increased compression ratio and the associated
higher cylinder temperature result in increased NOx emission. The value of maximum
(n) isafunction of engine technology aswell as geometry (principally; physical size).
Decreasing the surface-to-volume ratio with large engines results in reduced relative
importance of friction and heat |oss per cycle; increasing the efficiency [39]. Compared
with the thermal efficiency of small lawn-mower Sl engine that is as low as 5%, large
slow-speed marine Cl engine attains efficiencies over 50%; thanksto the reduced | osses
[21, 39]. Increasing the engine displacement volume (Vg) not only increases the power
directly but it is also advantageous in reducing losses. While engine power is directly
proportional to the rotational speed (N), the latter is limited by the mean piston speed,
friction, lubrication effectiveness, stressand material consideration, ontop of theinertia
of moving parts; basically with large engines [39]. NOx emission concentrations also
increase moderately with the increasing speed. However, CO and HC emissionswill be
enhanced by the increase of speed if sufficient amount of oxygen is available [39].
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Engine power output is also directly proportional to the air mass flow rate (r2a) as well
asthe volumetric efficiency (7). The latter islargely affected by combustion chamber
shape, the manifold design, and the degree of swirl [39]. Polishing the inlet and outlet
manifolds, along with variable manifold geometry are used to optimize the volumetric
efficiency [21]. Itispreferred to introduce the fuel to the engine cylinder through direct
injection rather than the induction in the intake manifold, to maximize the amount of
the air mass flow and, consequently, the power. Thisissue s critical for most engines
working on dua-fuelling strategy with gaseous fuel. The density of the inlet air to the
engine (pa) determines the amount of charge introduced into the engine, and it can be
elevated through the use of supercharging and turbocharging. This has a significant
effect upon engine torque and BMEP. For DI diesel engine of equivalent sizes, the use
of turbocharger increases the maximum BMEP by 29%, and additional increase of 22%
can be attained by using after-cooler along with turbocharger [39]. Still, turbocharged
engines output is constrained by the stresslevelsin the critical mechanical components;
where those levels limit the maximum cylinder pressure permissible under continuous
operation. High temperatures and the resulting thermal loadings are limiting factorstoo.
Therefore, itisacommon practiceto lower the compression ratio of turbocharged diesel
engines (relative to naturally-aspirated engines) to keep the peak pressure and thermal
loading levels within the permissible limits[39]. Smoke and NOx emission regulations
are additional constraints. While increased compression ratio lowers engine resistance
to knock, charge dilution may be used to damp the pressure rise rates as well as the
temperature and hence the thermal NOx formation. Exhaust gas recirculation (EGR) is
used frequently, although it negatively affects the air mass flow and engine volumetric
efficiency.

Some researches have considered increasing the number of power strokes per crank
revolution (k), to increase the engine power output. These include studies on prototype
nutating disk engine with two power stroke per revolution; that is, four-times the ratio
of conventional 4-stroke engines [281]. The researches on the utilization of aternative
fuelsin ICEs are on continuous ongoing; where fuel type is very influential on power
output as per Equation (A.6), sinceit affectsthe heating value (LHVs) the stoichiometric
fuel-to-air ratio (FAR) and the equiva enceratio (¢). Fuelswith higher heating values
and/or higher FARY® (relative to gasoline and diesel fuel) are desirable. Methane has
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13.6% higher LHVs yet 15.3% lower FARY than gasoline, and 17.6% higher LHV; yet
15.9% lower FAR® than diesel fuel [39]. Equivaence ratio largely influences engine
operation. While lean-fuel operation (¢ < 1) resultsin lower NOx emissions and better
fuel economy, it negatively affectsthe power output. Peak MEP is attained with slightly
rich mixture; with ¢ value between 1 and 1.1. However, over rich-fuel operation (¢>>1)
is not desirable because of the economic and environmenta considerations (higher fuel
consumption and excessive emissions) whileincreased power level isnot realized since

there will not be sufficient amount of oxygen to combust the fuel.
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Appendix C: Project Safety Documents

The University of Nottingham

Faculty of Engineering

Dept. of Mechanical, Materials and Manufacturing Engineering

Ref No:

| 437

Control of Substances Hazardous to Health (COSHH)
Assessment Record

Room No/Place:
Engine room (3) / L4 Building

Personnel: Abdelrahman Hegab
Status: PhD Student

Title of Experimental/Procedure/Process:
Combustion and Exhaust Emission Characteristics of Diesel Engines Using Alternative Fuels

Aim: Are there less hazardous
The project aims at investigating the influence of fuel type, alternatives?
blend proportions, and injection strategy on combustion and
exhaust emission characteristics of diesel engines. Three NO
alternative fuels will be covered; typically, methane (or NG),
hydrogen, and biodiesel. The results will be compared with
those of conventional diesel fuel.
Substances Quantity: Hazards MSDS* Storage:
involved: identification: | attached?
Hydrogen gas | 50 liter gas Hazard YES -Bottles will be stored fairly
(compressed) | bottle. statements: below 50°C in a well-
ventilated place, in a location
Chemical -H280 free from fire risk and away
formula; H, Contains gas from sources of heat, ignition,
under pressure; and combustible materials.
may explode if
heated. - Bottles will be stored in the
vertical position and properly
-H220 secured to prevent falling
Extremely over, and valve guards or caps
flammable gas. should be in place.
-Stored containers will be
Signal word: periodically checked for
general conditions and
Danger. leakage.
Page | of 7

230




APPENDICES

Labelling
pictograms:
Methane gas 50 liter gas | Hazard YES -Bottles will be stored fairly
(compressed) | bottle, statements: below 50°C in a well-
ventilated place, in a location
Chemical -H280 free from fire risk and away
formula: CHy Contains gas from sources of heat, ignition,

under pressure;
may explode if
heated.

-H220
Extremely
flammable gas.

and combustible materials.

- Bottles will be stored in the
vertical position and properly
secured to prevent falling
over, and valve guards or caps
should be in place.

-Stored containers will be

Signal word: periodically checked for
general conditions and
Danger. leakage.
Labelling
pictograms:
Page 2 of 7
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WORK ACTIVITY

System description:

The system is located in Engine room (3) in the ground floor of L4 building. System
arrangement in illustrated in Figure 1. A Full list of system components is presented in the
attached Table 1. A clear description of the system is given herein below:

Basically the purpose of the arrangement is to provide the engine with the required amount of
gaseous fuel supply at the required working pressure of the gaseous fuel injection system
injection system. The system starts with the compressed gas bottle — 50 liters volume, supplied
by BOC, and ends with the engine; 2.2L Ford Puma Common Rail Diesel engine.

All system parts in contact with the gas are made from 316L Stainless Steel. Gas pressure is
first reduced from the bottle pressure of 175 bar (for Hydrogen — or 200 bar for Methane) to 15
bar via a SS single stage HP regulator; by Swagelok. The gas then flows through an
arrangement of 3/8” S8 seamless tube and flexible tubes by Swagelok, to a SS single stage LP
regulator; where the pressure is brought down to the injectors working pressure of 7 bar. The
gas then is fed into the gaseous fuel injection rail through a similar arrangement of 3/8” S§
seamless tube and flexible tubes by Swagelok.

System leak-tight test:
(Refer to Figure 1 and Table 1 for parts numbers).

The complete system is going to be tested for leak prior to use. Compressed air bottle is going
to be connected to the system in the place of gas bottle (#1). Shutoff valve (#11) is kept open
while shutoff valve (#11*) is closed. The compressed air cylinder is then fully opened and the
air is allowed to flow throughout the system. As soon as the system stabilized with no change
in the pressure gauges readings, those reading are carefully recorded. The pressure gauge (#22)
should read the compressed air cylinder pressure, while gauges (#23) & (#24) should read 15
bar and 7 bar, respectively; according to the pre-set values of the pressure regulators outputs.
Pressure gauge (#23*) should read slightly less than 15 bar due to the pressure drop caused by
friction throughout the system.

The pressure values throughout the system will be monitored for 30 minutes. If the pressure is
maintained during the course of the test, the system is said to be “Leak-tight”. If not, all
connections are going to be checked and any possible source of leak must be addressed.
Additionally, a visual leak detection test is going to be conducted at that point, where a snoop
liquid lead detector is going to be sprayed over all joints and any potential leakage points such
as at the point of connection of the cylinder valve with the regulator. The system should be free
of any frothing. If there is any frothing, the system should be immediately depressurized and
the leak corrected. The complete procedure should be repeated from the beginning.

When the system is confirmed to be leak-free; the compressed air bottle will be closed. Shutoff
valve (#11) is kept open while shutoff valve (#11%) is now let opened; to allow the air vents
through the vent pipe to the extractor fan,

Page 3 of 7
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Safety precautions:
(Refer to Figure 1 and Table 1 for parts numbers).

The system is going to be tested for leak detection using compressed air before the
introduction of any gaseous fuel; no gaseous fuel will be introduced to the system before it’s
assured to be “Leak-free”.

The gas bottle and delivery line is protected by a SS flashback arrestor — attached to the HP
regulator at the gas bottle exit.

The system is vented to outdoor through the extractor fan, where any excess pressure build-
up in the delivery line beyond the injectors’ working pressure is vented through a SS
pressure relief valve by Swagelok (#18) - that opens at a predetermined value, so the
gaseous fuel can be vented, through a SS flash back arrestor with an integrated check valve
by WITT gas (#21) — to protect the system against dangerous reverse gas flow and eliminate
any possibility of flashbacks into the system as the gaseous fuel comes into contact with air.

Gaseous fuel injection section in the engine intake manifold is equipped with a sensitive
thermal fuse that melts if the temperature goes higher than a 75°C - indicating that there is
flashback of the flame inside the intake manifold. As the fuse melts, it sends out a signal to
the Engine Control Unit (ECU) so it shuts of the H; supply to the gas injector immediately.
Any pressure developed in the delivery line will be released through the pressure relief
valve and the flame arrestor arrangement safely to the venting system; as outlined above.

The system will be purged from any residuals of gaseous fuel after each experiment. The
gas bottle will be fully closed, the shutoff valves (#11) is kept open while the shutoff valve
(#11%*) is now let fully opened; to allow the gaseous fuel inside the system to be vented out
through the flashback arrestor down to the outdoor.

*MSDS Manufacturers Safety Data Sheets are attached.

Duration of Exposure: (not duration of procedure)

No occupational exposure limit.

Frequency of Exposure:

No occupational exposure limit,

How could the materials be absorbed into the body?
The materials can be absorbed by inhalation into the lungs.

Is a written protocol in safe | Will all persons in the vicinity | Is air monitoring
handling required: be informed of the hazards and | required:

control measures:
NO NO

YES
Are health checks required? | If YES, have health checks Name of person(s)

been arranged? requiring health checks
NO

N/A N/A

Page 4 of 7
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Give details of control measures to be adopted (including personal protective

equipment);

e Gas bottles are stored and used at the ambient temperature; fairly below 50°C, and away
from any direct source of flame or ignition.
Only one gas bottle will be used at once.
Gas bottle in use are protected from any reverse flow or gas flash using a flashback
arrestor.

e Gas supply system are protected against any excess pressure developed; using a pressure
relief valve.

e The gas pipe system is complemented with a dedicated vent system; also protected by a
flashback arrestor.

e All safety measures (pressure relief valve, flashback arrestors) will be provided with a
calibration certificate; either from the supplier or from an approved third party test facility.

Eye and face protection:

Wear eye protection to EN 166 when using gases.

Skin protection and other protection:

Wear lab coat, leather safety gloves and safety shoes when handling the gas cylinders.
Respiratory protection:

Not required

Thermal hazards:

Not required

Health surveillance requirements (if applicable):

N/A

Give details of disposal procedures at all stages:

Do not discharge into areas where there is a risk of forming an explosive mixture with air. Do
not discharge into any place where its accumulation could be dangerous. Contact BOC if
guidance is required.

Conclusion: (indicate why the risk is acceptable, bearing in mind current control
measures. List additional control measures if risk is deemed unacceptable).

The system will be checked for leak before any gaseous fuel will be introduced. The gas bottle
is protected by using a flashback arrestor. The whole system is vented and any build-up
pressure will be relieved instantaneously. The vent pipe is equipped with a flashback arrestor
with integrated check valve. The space is double-height and well-ventilated. No more than one
gas cylinder will be handled at once in the working area.

Page S of 7
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EMERGENCY PROCEDURES
Spillage/uncontrolled release:

Leak not Ignited:

Extinguish all sources of ignition in the immediate area. Close the cylinder valve. If necessary
tighten the gland nut. If leak continues, evacuate the area, and avoiding sources of ignition and
minimizing personal risk move the leaking cylinder to a safe outside area. Notify BOC. Post
warning notices and prevent access to the area. DO NOT Attempt to tighten the cylinder valve
in the body of the cylinder. DO NOT tamper with the safety devices.

Leak Ignited:

Raise fire alarm. Close cylinder valve if safe to do so. Call fire brigade. Evacuate the area. If
possible apply copious quantities of water from a hose to the affected cylinder(s) from a
protected position until the cylinder(s) are cold. DO NOT Move cylinders until cold.

Firefighting:

Suitable extinguishing media:
Dry power; Foam

Advice for fire-fighters:

If possible, stop flow of product. Move container away or cool with water from a protected
position, Do not extinguish a leaking gas flame unless absolutely necessary.
Spontaneous/explosive re-ignition may occur. Extinguish any other fire.

First Aid:

First Aid Inhalation:
Remove victim to uncontaminated area wearing self-contained breathing apparatus. Keep
victim warm and rested. Call a doctor. Apply artificial respiration if breathing stopped.

First Aid Skin / Eye:
Adverse effects not expected from this product.

First Aid Ingestion:
Ingestion is not considered a potential route of exposure.

Most important symptoms and effects, both acute and delayed:
In high concentrations may cause asphyxiation. Symptoms may include loss of
mobility/consciousness. Victim may not be aware of asphyxiation.

Indication of any immediate medical attention and special treatment needed:
N/A.

Page 6 of 7
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Name of Assessor: D) I ARNAN ame of Supervisor: /) AL N
r I

Status: QWD S*»J\ﬂck‘ Status: {),JLLT"' £z g

Date: 2.\ —\— 722\ Date:

i/t /ry’
SM Signed: j)/ )(1 o

This assessment must be reviewed periodically, or whenever the original assessment is
no longer valid, or where there has been a significant change in the work to which the
assessment relates.

Review date:

Signed:

Page 7 of 7

236



APPENDICES

on_z__:m__,wm
@ sqny Ajddés seb gg
sbupyy agny

) ® g uonoauuos apioq seo [
® m @ :fay sinojon

@ 000 o

'
'
Jop0alu H
'

@8 ©

© o oo Al |

|11 any asnj
Snoasen [Buusy) no3a

1 1sneyxe
—
uey
JojoRNxe
o) juapn

szaqunu spred J0J (1) I[qe [, 0) 13Jay ‘Inode| pue sjusuodwmod wasdg () 2anSig

237



APPENDICES

tjo [ 98eg

aqm ,,g/¢ Ay ayy pue
(smo][o yey JojenSaa

LdN 2B "U1 /T X O

d'19Y3 Jojeyy pue) | aqny ‘ul g/g ‘10333uuo)) 3 g
BuPIL) oG JORSEMS W8/ | 015011y yowqusoLT T opepn Somma 8-1-009-SS qopdemg . 9
Y} Jo LAN oeWR] /1 |  2qnY, YopSems §§ Lo
A} UIIM)I] JOIUU0D O],
LN dEuag , 7/1 SR B i el ol sedppp | LAV
% HoBqYsel 189 L] YoRquseLy SS - SH-NOOTA HBqUSEL] SS
J0753.01
1LV PSTIIL dH | 3 g\ apep g1 X LAN
1 JO LdN 31U\ T/T e ‘ul g/ ‘opddiy ajddiy]
LdN 2B .2/ o pusIeBN JH | gupynnaet o Suming $-NUH-8-SS AOPBEMS | g odid v
Y JO LAN 2[eudg /1 d M CHEeE
A1) UIIMIA] J2UU0D O, 0L 19918 SSAUIEYS
T e
19)]1) sBS yum - Jeq s7-9 i AN 10jendaa gy
LdN 21ewa , p/1 2 Wb/1-RINORUI LN | 4 Yopdemg £
gﬂ.w.w hwwhﬂmwww_ﬂa _ME afewag , by - doyengas | ANNTZOIN-SH dajs a[3uIS §
; dH Hopdesg §§
Joyendas gy a1 pue N IreSd
LdAN 21BN . #/T apnoq ses ay) uaamIaq LdN #/1 X peaiy 210648 204 0} UONIIDUOD T
P2Uuod 0 - WS ¢ JAN | HTSEW #ON I¥eSH apuis) S§
1IN0 dA[BA pSE ABY uopetado
(.,8/5) #'ON THEST Sa0q (N 10) SUBYIR A9y pue j3pIn0 IpIs J4dL Jo4d 3oy sen 1
® uadoapiH yiog M JIpunsd 19T 0§
UoNIAuLed puy SIION uondisaqg lquinu jIeg Jonddng juauoduio)) ON
*Jnode[ 10 (T) 2an31] 0) 9oy ‘srequnu syred pue uondrdssp sjusuodmwod wASAS (1) J[qeL

238



APPENDICES

¥ j0 7 38eg

PEaIY 1, JYSIES
prag 1y3eng [1ed [2n) snoased SIN/AVS 28I 1 10j0aun0d
SI/AVS 1IN .8/L 243 pUE 3qM ,.8/¢ -§/LXAOMNL WYL | ISOT-T-009-SS | Yop3ems o - €1
" A} UIIMII 199UU0D 0], | ‘10JPoUU0D IRy ‘Burpny dupy aqm €S
qnj, oR3EMS §§
WO E)UINIISUL duiqny, qO "u §/¢ 10§ _ de)) -
BUmY SqMNORIOMS 8 | gumpuye oy dey | den parg ssouesg o1E 0FSS RIS | guyaqmss | O
Sumig
m )
Bumy 2qm Yop3ems /¢ | 10 9oz sanssaad oy | AL IORTEUS R 9S9EK-SS nopgems | M e | T
SaLIag O 233141 §S
do aqnj, ut 33, uoruf)
Sumy aqm yopdems ,8/¢ rnnmmm ”Mmﬁuw“nﬂuow o | %€ ‘aa], uorun) ‘Buniy £-009-SS yopdemg W8/€ - Bumiy 01
aqny, }opR3eMg §S aqn [ SS
SND uoneandyuod
uonIauued
adnen) - dweyyuy
spdugyuy - 1uq = TOLJIIUUOD JUIA PEIIY)
) : _ | eieaed gS4/0S1 ut SND-V Jojemdag g1
JANowuod /1| LoaRues no el | o onsauuos st | NNNTTORNSH | TPRAS | dosopusss | 6
aoLw W | Sanssaxd LN 2[ewag
ob/T - RINeARUL LAN
aewayg ,,z/1 - 10jendal
d'T40P3EMS §S
1uq 7 24mssard 1994 0T X [IBM "UT SE0°0
UO0IIIUUOD 10J STUIIIL IGN) 5 3 e , agm §S
yo[ageMS 95N SKEAE [IIA XBJA] - JuaA pue fjddns X @O "W g/¢ ‘Suqny, 0Z-S€0-S-9.1-SS yopdemg 8/ Yopdemg 8
joq J0j - IgN) SBL) ssaqueas §S 191E/91€
Ul g1 ‘SSUnLY
‘ul g/¢ ‘pre aqn) AqIXI
Sunyy aqm) yopdems | g/€ aeq £e] 2anssaad xep JNM-...E.%\MM@MWEH“_MMV .udmeqmwzh.mm jopdemng q wﬂw _.“w.\m & L

pANoAu0’) S§ 191t

239



APPENDICES

tJo ¢ afeg

aqn
ay3 pue M.a.ﬁb&hﬂ&-ﬂ a1 LdN °[e] "ul 7/ X dO 10323UU0d
Sunyy aqny yopliems ,8/¢ : aqn[, ‘ul g/¢ “10329uUU0) 8-1-009-SS Nopdems e - 61
913 JO LN 3ewnyg ,,7/1 eIy ‘Bunny Suy aqm g
) UIIM)I] JIIUUOD O], squy xo_em_.ws.m o *
Jeq
S'51-89°( 28ue. danssaxd LANJ Ut /1
199 - Joje[ndar g1 o) X LANJA Ul Z/1 “9A[BA . JA[BA
LdN dreug ,z/1 wiwanjsumop oqny Adns | Joyey [euonodos ] SASINPTI-SS Hopdems PP &1 SS 81
sed a1} ur aanssaad 2INSSALJ-MOT] §S
S530X3 AUE JA1ja1 0,
LdN
OATEA PIPI T J[era,] ‘ul X J033UU0DY
943 J0 LAN PN ..T/1 B
LdN 3leway ,z/T a1 a3 pue aqmy :w..em aqn, 'ul g/¢ “10193uUU0)) 8-L-009-SS jopdems deuIag - LI
= ajewa ‘duig Bumy aqmy §§
) UIIM)A] JP3UU0DI O], aqny, yopems §§
Jeq
: (1eq Lgr0) Fisd 1
. LO°0 21nSS21d BUDREDD | gy 4 aqn yopodems . = PA[EA WO
dumyy aqm yopSems , g/ | [eunuop - Jojemdalr g1 ‘U1 g/¢ 2INS831J POXIY 1-09-SS Hopdemg 19ddog 44 SS 91
a3 jo jaod jJuaa peaay) a?,ma? By -oe_e_om.mm
Y} 0) PAIAUL0OD 3G O,
Sury
(S¥) peaay, pPsaeg Jauuy eung *s3umig 3uLs vung
VIN OSI 3B "ul §/] 313 (S¥) peaay L, pleled q47-S4-7-88 Hopdems i m_.uﬁm SS ST
s uoppnfuod ul pasn OSI 2B "ut §/] 10) .
19%seD) 1991 ssauIe)g
Iapnoys JsIed)
aqny JuaA ,8/¢ 3y .Muu .._w u.mu. _h_m._umm
N pue 1ojemsai JJ Y Jo OSI 2 U1 §/1 X 4O B - ..auuuznuuu
MY 9N} JOPSeMS ,8/€ | U0LIBUUOD JURA PEIY) aqny, 1 g/ “Jopauuoy) SHTT-009-SS HopPoBAS N 48
pIeed JS9/0SI W 8/1 st ‘SumLy Sumy aqm §§
2} UIIM]AG JIIUL0D O, aqny, xsuma.?.m s

240



APPENDICES

3o ¢ afeq

aeq
adned g 10100un0o
LAN T¢I , b/ p1 2anssaad Xegy] - Japno e Lvs A1-9W)
sojem3as gy o nog | PN LAN /T S Exeins — amssaxggs | P°
Jeq g7 aanssaad
» XeJ\[ - Jo[ul Jojen3aa agned JpA Jopouuod ] - 28
LAN TR o} 71943 pue Jopno B LN ..#/1 SS il 204 s sy |
J0jen3aa JH a1 J0
Jeq
Sned 103103UU0D
LAN S[¢IAL , p/T 01 2anssoad Xepy - Jojuy | Toroo dH 103 dH - 33067
20100303 gri oy og | | TTALLAN /1SS S Ll amssaigss |
sopaay LdN 3[ewsy
LdN s[eway . 8/¢ . ‘ LBO-EPI d'T - 10jsa.L1
RQUSELT 284 OF o as | -samnorsany | TRILM | Sl | W
LdN 212 "UI 8/€ X 4O
101591V YoRqYSE]]
aqn |, “ul g/¢ “10)23uu0 N et
LdN 2IeIAl ..8/¢ d'194) pue aqm , g/¢ e B o 9-1-009-SS Nopdemg BN - 0z
Y} uIIMIA( 193D 0, aqay xa_uu..wk.m - Sumy aqny §§

241



APPENDICES

140 | afied

[ ednte -
I
1 8 i W &g AING W0 PR 8 ususdmba wwgg U0 Mg (gL U YIS ataiyg¢ F ..ums : pd”__.._
¢ pun £jdidng 2fego. eune un yrog - P IOA-UITA
PARHIaL 3 pRoyS R S s
| 9 ] H s o Sunkuma ways sanold anpzaond “wanaiug ey g A (BN PUT Yamasay saLsaneg Py pery
A3 ELT "Op] SIANSEITY HHEOD
ORI
Wy Prosy’ o syl N0 Fuylugs
€ v W 2] A sa0us iages 1E3 AR aeing IS [BINYIIL, PUE YREasTY Bnqds (3
) s 3y cosgn o sanud sadosd sy
R S )
10 Aijuia0a Ui TEaN §o amos Ko proAy
Pasuay 31 2apuyiy FERIN
z L H i | "PROUINIRING 5] JI0M: N[ AI0J HEI] ; HME [ENUYOI, P8 YArEISay 5 d
10 pa%29y3 2q mus suepoRUEe 1T g7l | o uoysopdvy ‘mogendydsy ‘nadaupd]] - saseq passasiuing
¥ 661 W T61 ON Y HHS0O
ay ]
*PACUIBENKICDG §] A0 ) M0 .“E&“Ec!;ih&ﬁ_ﬂ
T 9 W H ¥BI] 0§ PRI 9G 1SN SHOT 3G [FRNYR L PR Yoy .»r._unnL “opieng
b SO FIHCUESIEY 2
WY 661 ¥ T61 0N ¥ HHSOOD RGeS "APINCIO] BOGI) AP0
HNTH — SIEBO A
TTREYO0S (11 TR FELAOART = " Ty 1921 nfug swdug gasssay
z L H 1 Hiom 1m0 Fupee vagn s Sages TEILL] W TG [EIjuYRA ], PUR Yaumoy .L—m .-”.u-.“.uu e [PI0| Uy UCRULNOD, T B g
JEINN PA] 0N AMRESEEY HHEOOD A i
W “gaoja pue sasafd aspaasoed e i e
T $ W M3, "RR[ 0N SISy HHEOD LT OEES LS [RURIL, PUT ISRy THD Fgg
i FIAR
rasend Lagns ma, i o Sulues sy pue sadig
afeun
t % L W a0y S pUw S3] Jang U] anssand g HUS IETEAL PR RN, yogaafuy g (a1 pazpnssarg
FAAIY "EST "ON SuANSEsEY HHE0D
— wwoon
| [ H H AT ) G PIIL 3G 0F AISUREITL afeusmngy Apogaig NS (B, PR ATy Auayaegy Sunmey
Bugnroa jpo punim FuspaomE-paviy
“uanr Buggion a4 ur 0 4o
FUOIRANIIN0D INFETRIAD O 1T 01 STENE
1 13 H ] T —— FON PUR 00 J0 vonE ey Hg [y, pum gty sugy jsnuyy g
681 W OT1 "ON WausNTY HHS0OD
LD AL 3G TSN L) IR [
z < W W AHED (200 1 B[ e worpee g [EILAAL, PN faneasy SaA 13530
i pazisides, jo uoseqyug
M} POAY TS [ 0N TUMUEsTIEY HHE0D
sy By pue wiels e jo peads Suneado e
1 9 W H aufus o Wi 34 PROYS $3[IEP T e PG [EIRI, PUR ATy N
[EFTT
B (S NOTPUNIRAII fom “B0U ‘T FEITT THOpAETY
40f orER i ATE THIAGS fraegeh | irsogel ol o suai) 3gftaads pun ST SIS WAL Kedtnadrad by apgusny Oz
camf a6u Jj (s josues panrba F F40 WH paapg | Huruny pemogdn; sumf Swpamd suysoe | adoump a8z oy m3 ~53) proy “Fe3) A3ANHHT IFI03 i PRI
iy A fie pam £3uspanfap paasrqo | paozoy yone| puteoy gaoe pareoy ‘sioa dafs AT oM fo polrau afor oo sof jumuanrs a1 0 380 spumoy upayinEIr g Hry
yans KD fio IUPATT fap M1 aafsaueg | sofsamy | yres sofsang |8 e s eaaap pus vl [ THDIIPURIRT AT Y5 B g rylp (ursmy g3 Yuaindiihs
auf sany SHRNSYAW TVIOITE ONLLVH | INHVH 30 | INSAT 30 a | ‘mepecasd jaunss sy pavtey yana s ierg | s oy Jusne g jepusecd o)) | cys apdosd @ (efeduoad sy ey e o pepamed sp ppa Sugissucs)| tamyaos waafoud 40 dugrsr oy sy
ALTHOTH | GHS040H ¥ SAONALNAM MSIH | ALIWHATS | DOHITANT |STHOSYAW TOHLNOD- NN ONLLISING MEME QALVIDOSEV LA THRANT HTI0ED AMYEVH GALVIDOSSY ANTWSETSSY HOA 1IATNS
3 STILIL LOE0Hd|
HE? "™ [/ aunivois suostauadns
TE0DTA INTIWSSTSSY MSTH B 57 TS T
LV LNHWNSSISSY LXEN V1 ¢ NV SHOSIANAANS
» ALV LNAINSSESSY 18V ALV INAWSSASSY
Bupasuing jo Kimong ONKTTING 10N WO H0 NOLLY OO (LVNOIS SHOSSHSSY|
wegdupon jo fEiaapry sqL
i CGipl “Ceegq 2ara)) ON quo0m| SIS W {19} MOSSASSY,

242



APPENDICES

r The University of
M | Nottingham

LUNITED KINGDOM « CHINA - MALAYSIA

Standard Operating Procedure

Process Title
Combustion and Exhaust Emission Characteristics of Diesel Engines Using Alternative Fuels

Location of Work
Engine room (3) / L4 Building

Substances Involved Hazard

Diesel fuel Inhalation of vaporized hydrocarbon
Compressed gases Asphyxiation

Engine oil Skin irritation

Engine coolant Skin irritation

Equipment Involved

Rotating machinery Eye/Body Damage

Pressurized fuel pipes Body Damage

3-Phase electrical equipment Electrocution

Operations Involved
Running the engine Inhalation of exhaust gas

Key Safety precautions/equipment that you will require

s The gas system is going to be tested for leak detection using compressed air before the introduction
of any gaseous fuel.

« Only one gas bottle will be used at once.
= The gas bottle, gas delivery line, and gas vent lines are protected by flashback.

s The gas system is vented to outdoor through the extractor fan, where any excess pressure build-up
in the delivery line beyond the injectors’ working pressure is vented through a pressure relief valve.

= Gaseous fuel injection section in the engine intake manifold is equipped with a sensitive thermal fuse
that melts if the temperature goes higher than a 75°C - indicating that there is flashback of the
flame inside the intake manifold. As the fuse melts, it sends out a signal to the Engine Control Unit
(ECU) so it shuts of the H2 supply to the gas injector immediately.

e The system will be purged from any residuals of gaseous fuel after each experiment.

= The control room is equipped with a CO detector, to ensure personnel safety.

e There are 3 (three No.) emergency stop buttons that stop both the engine and the dynamometer;
one attached to the dynamometer control panel, another attached to the engine control panel, and
the third attached outside the room next to the engine.

« Fixed-guarding around all rotating machinery to be fitted when the engine running.

Protective cloth will be worn when doing maintenance and inspection work.

= Battery terminals will be disconnected after the experiments end.

Page 1 of 2
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Procedure to be followed

e The whole gas system is going to be tested for leak prior to use. After insuring the system is “leak-
tight”, the gas bottle is insured to be closed before commencing the experiments.

+ The extractor fan and the overhead vent are turned on, and also the cooling tower pump and the
engine intercooler pump are turned on.

o Battery terminals are connected.

e The dynamometer is turned on to motor the engine at the desired speed, and then the engine is
loaded gradually to the desired point using only the diesel fuel.

» The gaseous fuel in introduced to the engine gradually, on the account of the diesel fuel. As the
experiments end, the gas supply is cut, and the engine is converted to diesel operation.

* The system will be purged from any residuals of gaseous fuel after each experiment.
¢ The diesel fuel supply is the cut from the engine, and then the dynamometer is stopped.

s The battery terminals are disconnected, and the pumps and fans are turned off.

Emergency/spillage procedure

® Stop the both the engine and dynamometer immediately by pressing any of the emergency buttons.,

e If the leak Is not ignited, extinguish all sources of ignition in the immediate area. Close the cylinder
valve. If necessary tighten the gland nut, If leak continues, evacuate the area, and avoiding sources
of ignition and minimizing personal risk move the leaking cylinder to a safe outside area. Notify

BOC, Post warning notices and prevent access to the area. DO NOT Attempt to tighten the cylinder
valve in the body of the cylinder. DO NOT tamper with the safety devices.

e If the leak is ignited, raise fire alarm. Close cylinder valve if safe to do so. Call fire brigade. Evacuate
the area. If possible apply copious quantities of water from a hose to the affected cylinder(s) from a
protected position until the cylinder(s) are cold. DO NOT Move cylinders until cold.

Disposal and decontamination procedures
N/A

Any specific storage requirements

+ Compressed gas bottles will be stored fairly below 50°C in a well-ventilated place, in a location free
from fire risk and away from sources of heat, ignition, and combustible materials.

= Bottles will be stored in the vertical position and properly secured to prevent falling over, and valve
guards or caps should be in place.

¢ Stored containers will be periodically checked for general conditions and leakage.

Specific transport requirements [where applicable]

Gas bottles will be transported from the storage area to the work area on single-cylinder trolley one
bottle at a time - only by trained personnel.

Any requirements for record keeping
ONLY authorized personnel are allowed to operate the engine.
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